
 

  



  



Ontwikkeling van een experimenteel testplatform
voor de bepaling van de statische en dynamische eigenschappen
van fietsonderdelen en van de dynamische fiets-fietser-interactie

Development of an Experimental Test Platform
for the Static and Dynamic Evaluation of Racing Bicycle Components 
and for Measuring the Dynamic Bicycle-Cyclist Interaction

Joachim Vanwalleghem

Promotoren: prof. dr. ir. W. Van Paepegem, prof. dr. ir. M. Loccufier
Proefschrift ingediend tot het behalen van de graad van 
Doctor in de Ingenieurswetenschappen: Werktuigkunde-Elektrotechniek

Vakgroep Toegepaste Materiaalwetenschappen
Voorzitter: prof. dr. ir. J. Degrieck
Faculteit Ingenieurswetenschappen en Architectuur
Academiejaar 2014 - 2015  



ISBN 978-90-8578-794-5
NUR 950
Wettelijk depot: D/2015/10.500/38



 

 

Universiteit Gent 

Faculteit Ingenieurswetenschappen en Architectuur 

Vakgroep Toegepaste Materiaalwetenschappen 

 

Promoters: 

 

Prof. dr. ir. Wim Van Paepegem 

Ghent University 

Faculty of Engineering and Architecture 

Department of Materials Science and Engineering 

 

Prof. dr. ir. Mia Loccufier 

Ghent University 

Faculty of Engineering and Architecture 

Department of Electrical Energy, Systems and Automation 

 

 

 

Examination Committee: 

 

Prof. Luc Taerwe (chairman) Ghent University 

Prof. Wim Van Paepegem Ghent University 

Prof. Mia Loccufier Ghent University 

Dr. Ives De Baere Ghent University 

Prof. Michel Vermeulen Ghent University 

Prof. Steve Vanlanduit University of Antwerp 

Prof. Larry Lessard McGill University 

Prof. Jean-Marc Drouet Université de Sherbrooke 

Eng. Dimitris Katsanis UCI, Technology and Innoviation consultant 

Metron Advanced Equipment 

 

 

 

 

 

 

Research Institute: 

 

Ghent University 

Department of Materials Science and Engineering 

Technologiepark-Zwijnaarde 903 

9052 Zwijnaarde, Belgium 

  



  



 

Aan mijn moeder, 

Brigitte Desimpelaere († 24/08/2012), 

Voor de belangrijkste bijdrage aan dit werk 

 

  



  



 

Dankwoord 
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zijn teamgenoten. In dit dankwoord krijgt hij dan ook de mogelijkheid om dit 
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Mijn dichtste coaches waren mijn promoteren Wim Van Paepegem en Mia 
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voor de hand ligt, liet je toch toe dat ik af en toe een zijspoor nam, soms met succes 

maar evenzeer bleek de alternatieve route me een paar kilometer terug te sturen. 

Niettemin was je steeds bereid voor ondersteuning en positieve energie om die 

achterstand maar van tijdelijke aard te maken. Aan Mia, bedankt om als mede coach 

dit doctoraat mee te begeleiden en ondersteunen. Waar er kasseien en trillingen aan 

te pas kwamen, stond jij me bij om de juiste techniek en positie aan te leren om deze 

hindernissen zonder ernstige valpartijen te doorstaan. Je kon nieuwe en verfrissende 

ideeën naar voor schuiven waardoor die kasseiweg plots weer aangenamer werd om 

af te leggen en er weer energie overbleef om die volgende strook aan te vatten. Ik 

kon me geen enthousiastere en positiever ingestelde co-promotor wensen. Jullie 

deelden vreugde en verdriet, gaven advies en raad, … 

Als een nieuwe renner in het wielerteam terecht komt moet hij de knepen van 

het vak leren, het reilen en zeilen in die nieuwe wielerploeg kennen, moet hij ergens 
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ook als meer ervaren renner, zie je het bos door de bomen wel eens niet meer. Dan 

heb je nood aan een andere visie, een nieuwe invalsweg. Daarvoor kon ik terecht bij 

mijn opleidingscoach, oftewel mijn begeleider, Ives De Baere. Ives zijn inzet en 

bereidheid om mij en elke andere renner individueel te begeleiden is 

bewonderenswaardig, en daarvoor wil ik hem dan ook persoonlijk bedanken. 

Wat zou een renner zijn zonder een goed afgestelde en onderhouden fiets, 

wat zou een onderzoeker zijn zonder apparatuur en machines? Niets, helemaal niets. 

De prestatie van de renner wordt ongetwijfeld mee bepaald door de techniekers die 

elke dag weer opnieuw instaan voor het samenstellen van de fiets. Daarom ook mijn 

oprechte dank voor Luc Van Den Broucke en Pascal Baele, een coherent team waar 

je steeds op kan rekenen. 

Geen team zonder sponsors voor financiële en materiële ondersteuning. Als 

de renner over de eindstreep rijdt is het niet ongewoon om voor de foto even de 

sponsors op het truitje zichtbaar te maken. Bij deze wil ik graag Dave Luyckx 

bedanken, hij heeft twee keer een IWT project geïnitieerd met Museeuw Bikes en 

Eddy Merckx Cycles. Dit zorgde ervoor dat ik het fietsonderzoek naadloos kon 

verder zetten. Dave, bedankt voor uw inzet tijdens de opstart en opvolging van beide 
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projecten. Daarnaast ook mijn appreciatie aan Ilse Van Calster voor haar inzet en 

werk om het project met Eddy Merckx Cycles mee tot een goed einde te brengen. 
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Nederlandse samenvatting 

-Summary in Dutch- 

Fietsonderzoek, benaderd vanuit een technisch oogpunt, is altijd van belang geweest 

voor zowel fietsfabrikanten en onderzoekers. De fietsfabrikant wil de prestaties (in 

al zijn aspecten: stijfheid, aerodynamica, trillingsdemping, stabiliteit, vermoeidheid, 

enz.) kennen van zijn product en de onderzoeker is erop gebrand om dit 'object' te 

bestuderen, omdat hij hiermee vertrouwd is en de fiets biedt veel uitdagingen om te 

onderzoeken. Vooral in het kader van competie (wielrennen, mtb, bmx, enz.) wordt 

de fietser veeleisend: ultieme prestaties zijn de minimale vereiste. Met de opkomst 

van nieuwe materialen, innovatieve productiemethoden en jarenlange ervaring is het 

mogelijk om geleidelijk te voldoen aan de behoeften van de fietser. Dit is waar 

wetenschappelijk onderzoek en de fietsindustrie elkaar ontmoeten, ze gaan continu 

op zoek naar vernieuwing en verbetering van de meest recente technologie door hun 

enthousiasme, passie voor perfectie en toewijding aan hun werkgebied. Dit 

proefschrift illustreert deze samenwerking, als gevolg van  IWT (Agentschap voor 

Innovatie door Wetenschap en Technologie) projecten met twee Vlaamse 

fietsfabrikanten: Museeuw Bikes (2009-2011) en Eddy Merckx Cycles (2012-2014). 

Het onderzoek in dit boek combineert het werk uit elk project. Daarom zullen niet 

alle details vermeld worden in deze tekst omwille van confidentialiteistredenen. 

Niettemin voorziet de uitwerking van deze onderzoeksdomeinen de lezer van alle 

noodzakelijke informatie en diepgaande analyse van alle aspecten die hier aan bod 

komen. De samenwerking met Museeuw Bikes richtte zich op het karakteriseren van 

de statische en dynamische eigenschappen van hybride vlas-carbon versterkte 

fietsframes. Het project met Eddy Merckx cycli bouwt gedeeltelijk verder op eerder 

onderzoek, maar verlegt de focus op het toepassen van de statische en dynamische 

evaluatiemethoden voor sterktetesten en kwaliteitscontrole, een ander deel van het 

project bespreekt de fietsstabiliteit. 

Als gevolg van de verschillende onderwerpen die bestudeerd zijn tijdens 

beide projecten biedt dit proefschrift een experimentele testplatform met een waaier 

van onderzoeksonderwerpen aan dat zich situeert van materiaalniveau tot het 

bestuderen van de fiets-fietser-interactie. Het onderzoek in elke stap wordt 

gekenmerkt door drie deeldomeinen: (i) de ontwikkeling van nauwkeurige en 

herhaalbare testmethodes, (ii) gebruik van (zelf ontworpen) sensoren en (iii) de 

uitgebreide gegevensanalyse die grondig en diepgaand inzicht verschaft in de 

opgemeten signalen. De ontwikkelde testen en de analysemethoden ondersteunen de 

fietsindustrie voor fietskarakterisering en vinden hun verdienste voor 

validatiedoeleinden van numerieke simulaties in fundamenteel onderzoek.  
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De stijfheid van de fiets is één van de onderwerpen waar een fietser mee vertrouwd 

is. Stijfheid is een maat voor de vervorming van het fietsframe wanneer een 

belasting wordt aangebracht, bijvoorbeeld ten gevolge van pedaalkrachten. Zo 

gemakkelijk het is om het begrip stijfheid te begrijpen, zo moeilijk is het om op een 

nauwkeurige en herhaalbare manier de stijfheid te meten. Het resultaat van een 

grondige studie die gaat over meetfouten bij stijfheidstesten is een multi-directionele 

testbank ontworpen om de framestijfheid te meten. De framestijfheid kan in 

meerdere richtingen bepaald worden door het aanbrengen van afzonderlijke krachten 

of koppelbelastingen. Deze testbank is waardevol voor het vergelijken van 

verschillende fietsframes, b.v. de torsiestijfheid kan verschillend zijn, maar de 

stijfheid in het vlak van het fietsframe kan gelijk blijven. Door onderscheid te maken 

tussen de verschillende belastingsrichtingen is een betere vergelijking mogelijk 

tussen fietsframes. Andere toepassingen zijn kwaliteitscontrole, ondersteuning bij de 

materiaalkeuze, frame optimalisatie, sterktetesten, enz. Stijfheidsmetingen worden 

ook toegepast op de voorvork en het fietswiel. Opmerkelijk is dat de 

voorvorkstijfheid afhangt van de afstand tussen de balhoofdlagers. Een grotere 

lagerafstand resulteert in een lagere voorvorkstijfheid. Dit impliceert dat de lagers 

een aanzienlijke bijdrage hebben aan de voorvorkstijfheid. De fietsframe- en 

voorvorkstijfheid is onafhankelijk van de grootte van de kracht (of verplaatsing). Dit 

geldt niet voor de radiale stijfheid van een fietswiel (inclusief velg en band). Deze 

stijfheid is een niet-lineaire functie van de bandindrukking. Een eenvoudige 

berekening toont aan dat de totale verticale stijfheid van de voorvork met wiel wordt 

gedomineerd door de bandstijfheid, zo verhoogt de stijfheid slechts met 18 % door 

de verticale voorvorkstijfheid te verdubbelen  

Een ander vaak voorkomend onderwerp in de wielersport is trillingscomfort. Binnen 

het kader van dit werk mag comfort niet verward worden met ergonomie, dit is de 

studie waarbij de houding van de fietser op de fiets wordt geoptimaliseerd voor 

betere prestaties of blessurepreventie. Blootstelling aan trillingen, b.v.. tijdens het 

fietsen op kasseien wordt meestal als vervelend ervaren. Daarom selecteren 

fietsfabrikanten specifieke componenten om het comfort van de fietser te verhogen. 

Alvorens verder te gaan is het belangrijk om de begrippen ‘demping’ en ‘comfort’ 

nader te verklaren. Demping is de capaciteit van de structuur om de trillingsenergie 

te verminderen ten gevolge van interne materiaaldemping of structurele demping 

van wrijving, boutverbindingen, etc. Comfort is een maat voor het trillingsniveau 

aan de contactpunten tussen de man en de machine; cf. de fietser en de fiets. Als 

alternatief voor het begrip 'comfort', wordt ervoor gekozen om 'trillingsisolatie' te 

gebruiken, dit vermijdt verwarring omtrent de gebruikte terminologie. De 

trillingsisolatie van een structuur is een maat voor de het absorberen van trillingen 

van de ene naar de andere lokatie op die structuur. In het geval van fietsen is de fiets 

(met al zijn componenten) de structuur tussen de grondtrilling (ten gevolge van de 

wegruwheid) en de trilling aan de contactpunten met de fietser (handen, zitvlak en 

voeten). 
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Demping en trillingsisolatie zullen afzonderlijk bestudeerd worden om het 

verschil tussen beide duidelijk te maken en beter te begrijpen hoe ze met elkaar 

gelinkt zijn. 

Ten eerste wordt de demping gemeten met verschillende testopstellingen, elk 

met andere randvoorwaarden en excitatiemethoden. De demping van een fietsframe, 

uitgedrukt als de modale dempingsverhouding, wordt gemeten met vrije 

randvoorwaarden. Fietsframes die gefabriceerd zijn uit verschillende materialen 

(composiet en aluminium) worden geselecteerd om met elkaar te vergelijken. De 

demping van composiet fietsframes is veel hoger dan van het aluminium fietsframe 

en de demping van de composiet fietsframes met verschillende soorten 

vezelversterking is gelijk. Deze analyse is herhaald voor framebuizen gemaakt uit 

hetzelfde materiaal als de fietsframes: vlasvezelversterkte composiet buizen hebben 

meer demping dan hybride vlas-koolstofvezelversterkte composiet buizen. Dit geeft 

aan dat de interne energiedissipatie in het fietsframe niet alleen door het materiaal, 

maar ook door lijmverbindingen en andere effecten wordt bepaald. Als alternatief 

voor de vrije randvoorwaarden wordt de demping bepaald wanneer het testobject 

(hier: de voorvork) is gemonteerd met werkelijke randvoorwaarden. Dit betekent dat 

de vrije randvoorwaarden weggelaten worden en vervangen zijn door het monteren 

van de voorvork in de balhfoodlagers. De resultaten zijn als volgt: minuscule 

trillingen van de lagers brengen de demping van staal en composiet voorvorken tot 

hezelfde niveau. Dit is waargenomen voor verschillende excitatiemethoden: 

akoestische, impuls- of shakerexcitatie. Uit deze methodes blijkt dat harmonische 

shakertesten het best overeenstemmen met de werelijke wegdekexcitatie en de 

demping kan in een groot frequentiebereik gemeten worden. De harmonische 

excitatietechniek wordt ook toegepast voor het meten van de demping van het 

fietswiel. De cyclische vervorming van de band kan, zoals verwacht, veel meer 

trillingsenergie absorberen dan de de voorvork of het fietsframe, niettemin is het 

dynamische materiaalgedrag zeer complex. De dynamisch vervorming van het wiel 

is niet-lineair, visco-elastisch en afhankelijk van de vervormingssnelheid, cf. de 

excitatiefrequentie.  

In tweede instantie wordt de trillingsisolatie van de fiets (met fietser) 

onderzocht. Bij elke dynamische testopstelling zijn drie items nodig: (i) een 

geschikte excitatiebron, (ii) sensoren voor het meten van trillingen en (iii) 

analysemethoden die geschikt zijn om het trillingsgedrag van de structuur (hier: fiets 

met fietser) te testen. Het type excitatie varieert van eenvoudige impulsexcitaties 

zonder dat er dure apparatuur nodig is tot complexe wegprofielexcitatie gegenereerd 

door een shaker. Hoe dan ook, de excitatiemethode moet het trillingsspectrum 

weerspiegelen dat te wijten is aan de wegruwheid tijdens het fietsen. Dit 

trillingsspectrum wordt eerst gemeten door middel van veldtesten met een 

geïnstrumenteerde fiets. Afhankelijk van de periodiciteit van de wegruwheid is het 

mogelijk om weg spectrale componenten (fundamentele en harmonische) en 

structurele resonantiefrequenties van de fiets te scheiden. Echter, bij de meeste 

wegdektypes is het trillingsspectrum aan de wielas breedbandig terwijl ook 

verschillende resonantiepieken voorkomen. Een eenvoudige Heaviside test, waarbij 
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de impulsexcitatie aan de fiets wordt opgewekt door de voorwaartse snelheid van de 

fiets (met fietser) op en een verhoogd platform, is succesvol om de dynamische 

structurele respons van de fiets met fietser te analyseren. Een roterende trommel die 

is voorzien van een impactstrip wordt vaak gebruikt om de fiets te exciteren, 

niettemin is deze werkwijze niet succesvol bevonden. Als alternatief voor de 

impulsexcitatie kan voor shakerexcitatie gekozen worden. Witte ruis shakerexcitatie 

is equivalent met impulsexcitatie en werkelijke wegruwheidexcitaties kunen 

geïmplementeerd worden uit wegprofielclassificaties vermeld in de ISO 8608 norm. 

Om de trillingsisolatie van het fiets-fietser geheel te analyseren is het ook vereist om 

de trillingen aan de contactpunten te meten, dat wil zeggen dat de trillingen aan 

beide handen zullen worden. Het trillingsniveau aan het stuur wordt bepaald door 

middel van versnellings- en krachtsensoren. Krachtmetingen kunnen echter niet 

eenvoudig geïmplementeerd worden aan het fietsstuur. Daarom is een op maat 

gemaakte, rekstrookgebaseerde, krachtsensor ontwerpen. Een lichtgewicht stuur is 

gemaakt uit een koolstofvezelversterkte composiet buis. Deze buis is 

geïnstrumenteerd met rekstrookjes om de verticale en horizontale kracht aan de 

linker- en rechterzijde te meten. Vervolgens word het stuur dynamisch gekalibreerd 

door die op te spannen met de stuurpen. De flexibiliteit van de stuurpen beïnvloedt 

het verwachtte (theoretisch) dynamisch gedrag van het stuur. De gevoeligheid, de 

faserespons en de seismische massa wordt gemeten in het frequentiegebied van DC 

tot 35 Hz. Dit dynamische bereik is voldoende om de trillingen aan het stuur te 

bepalen ten gevolge van de interactie tussen het stuur en de fietser. Vervolgens 

wordt dit stuur gemonteerd op de fiets voor trillingstestsen in een laboratorium en 

door veldproeven. De laboratoriumproeven met shakerexcitatie tonen aan hoe 

belangrijk het is om de dynamische interactie tussen de shaker en de fiets te 

beschouwen. Het is niet voldoende om het excitatiespectrum enkel op basis van de 

r.m.s. waarde te beoordelen, maar het volledige excitatiespectrum moet zorgvuldig 

geanalyseerd worden. De versnellings- en krachtmetingen op het stuur moeten 

genormaliseerd worden met het shaker-excitatiespectrum voor correcte interpretatie 

van de gegevens. Het belang van een constante DC kracht die de renner op het stuur 

uitoefent mag ook niet onderschat worden. Oscillerende DC krachten rond de 

gemiddelde waarde zijn nadelig voor de nauwkeurigheid van de test. 

Comfortmetingen werden ook uitgevoerd tijdens veldtesten op een kasseiweg. De 

invloed van bandenspanning, fietssnelheid, overbrengingsverhouding en 

stuurtechniek worden geëvalueerd. Een lagere bandenspanning vermindert (zoals 

verwacht) het trillingsniveau aan het stuur, sneller fietsen op kasseien leidt niet tot 

een absolute vermindering van de trillingen, maar het trillingsniveau lijkt een 

bovengrens aan te nemen wanneer nog seller zou gefiets worden (> 30 km/h), een 

hoge trapoverbrenging resulteert in verminderde blootstelling van trillingen aan het 

stuur en tenslotte blijkt dat een kleinere grijpkracht aan het stuur zeer effectief is om 

het trillingsniveau te verminderen. 

De stabiliteit van de racefiets is het derde onderwerp dat wordt behandeld. De 

stabiliteit van de fiets lijkt vanzelfsprekend, althans zo wordt het ervaren door de 
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fietser. Niettemin kan door kleine wijzigingen van de balhoofdhoek, de wielbasis, de 

wielgrootte en de naloop, de stabiliteit van de fiets gevoelig veranderen. Het effect 

van deze parameter is reeds gevalideerd voor analytische modellen waar de fietser 

geen correcties uitoefent (b.v. met de benen bewegen of het bovenlichaam 

bewegen). De vraag blijft of deze bevindingen hetzelfde effect hebben als een renner 

het fietsevenwicht mag bijsturen. In een verkennende studie wordt de invloed van 

een variërende balhoofdhoek gemeten met een geïnstrumenteerde fiets en wordt in 

parallel gepolst naar de (subjectieve) feedback van de renner. De testpersonen 

worden onderverdeeld in verschillende leeftijdscategoriëen en fietservaring. 

Frequentie- en tijdsdomein analyses kunnen gebruikt worden om de data van de 

stuur- en rolhoek en de stuur-en rolhoeksnelheid te beoordelen voor deze test matrix. 

De resultaten kunnen echter niet publiek gemaakt worden wegens een 

confidentialiteitsovereenkomst met de onderzoekspartner. 

Verschillende methodes om de materiaaldemping van voorvorken en frames te 

bepalen werden naast elkaar geplaatst. De testopstelling met vrije randvoorwaarden, 

akoestische excitatie en contactloze responsiemetingen is het resultaat van een 

grondige studie naar externe (ongewenste) dempingsbronnen die bijdragen aan de 

totale dempingswaarde. De optimale testconfiguratie elimineert alle apparatuur die 

contact maakt met het testonderdeel, het onderdeel moet ook opgehangen worden 

met zeer dunne nylon draden aan de knooppunten van de trillingsvorm bij 

resonantietrilling. Het effect van luchtdemping wordt verlaagd door alle elementen 

dichtbij het testonderdeel te verwijderen. 

Nauwkeurige modale dempingsmetingen laten toe om de visco-elastische 

eigenschappen van isotrope en orthotrope materialen te bepalen. Dit materiaalmodel 

geeft de elastische en visceuze parameters uit modale testen. De visceuze 

dempingsmatrix relateert de demping met de spannings-rekverdeling van het 

materiaal als functie van de excitatiefrequentie. Dit materiaalmodel is succesvol 

gevalideerd voor testsamples met een willekeurige geometrie en verschillende 

vezelrichtingen. 

Een andere toepassing van nauwkeurige modale dempingsmetingen is niet-

destructieve evaluatie van de vezel/matrix kwaliteit van composiet laminaten. 

Composiet laminaten met behandelde en onbehandelde vezels kunnen 

onderscheiden worden van elkaar. Onbehandelde vezelversterking stemt overeen 

met hogere dempingswaarden, dit is gevalideerd met een een elektronenemicroscoop 

en transversale buigproeven 

Dit proefschrift eindigt met het formuleren van de belangrijkste conclusies uit 

dit werk en stelt onderwerpen voor die kunnen aangehaald worden voor toekomstig 

onderzoek. 

 



 

 

 

  



 

 

English summary 

Bicycle research, approached from an engineering point of view, has always been of 

interest to both bicycle manufacturers and researchers. The bicycle manufacturer 

wants to know the performance (in all its aspects: stiffness, aerodynamics, vibration 

damping, stability, fatigue, etc.) of his product and the researcher is keen on 

stuyding this ‘object’ because he can familiarize with it and the bicycle offers many 

challenges to study. Especially with competitive cycling (race, mtb, bmx, etc.), the 

cyclist is demanding: ultimate performance is the minimal requirement. With the 

invention of new materials, innovative manufacturing methods and years of 

experience it is possible to gradually meet the needs of the cyclist. This is where 

scientific research and bicycle industry meet, in continuously looking for innovation 

and improvements of the state of the art technology by enthusiasm, passion for 

perfection and commitment to his working area. This dissertation illustrates this 

cooperation, as a result from IWT (English: Agency for Innovation by Science and 

Technology) projects with two Flemish bicycle manufacturers: Museeuw Bikes 

(2009-2011) and Eddy Merckx Cycles (2012-2014). The research in this work 

combines the work done in each project; therefore, not all details will be mentioned 

in this work due to confidentiality reasons. Nevertheless, the content in this work 

provides the reader with all necessary information and in-depth analysis to 

understand all aspects in this work. The cooperation with Museeuw Bikes focuses 

on characterizing the static and dynamic properties of hybrid flax-carbon reinforced 

bicycle frames. The project with Eddy Merckx cycles partially continues previous 

research by applying the static and dynamic evaluation methods for strength tests 

and quality control tools, another part of the project discusses the bicycle stability. 

As a result from the different topics which have been studied during both 

projects, this dissertation provides an experimental test platform that covers research 

topics from material level to the bicycle-cyclist interaction. The research in each 

step is characterized by three states: (i) developing an accurate and repeatable test 

method, (ii) implementing (custom made) sensors and (iii) detailed data analysis for 

thorough understanding of observed phenomena. The developed test and analysis 

methods support the bicycle industry for bicycle characterization and its merits are 

also found for validation purposes of numerical simulations in fundamental research. 

One of the topics a cyclist easily can familiarize with is the stiffness of the bicycle. 

It is a measure for the deflection of the bicycle frame when a load is applied, e.g. 

from pedal forces. As easy it is to understand bicycle stiffness, as difficult it is to 

measure bicycle frame stiffness in an accurate and repeatable manner. 
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The result of a thorough study on measuring issues with stiffness tests is a multi-

directional stiffness test bench.  

The frame stiffness can be measured in multiple directions, through translation 

forces or torque loads. This test bench is valuable when comparing different bicycle 

frames, e.g. the torsion stiffness might be different but the in-plane frame stiffness is 

equal. Distinguishing between the different loading directions allows for better 

comparison between different frames. Other applications are found in quality control 

purposes, material selection, frame optimisation, failure tests, etc. Stiffness 

measurements are also applied to the front fork and the bicycle wheel. It is found 

that the front fork stiffness depends on the distance between the head tube bearings. 

A larger bearing spacing corresponds with lower front fork stiffness. Consequently, 

the bearings significantly contribute to the front fork stiffness. The bicycle frame 

and front fork stiffness are independent of the applied force (cf. deflection); this is 

not true for the radial stiffness of a bicycle wheel (including rim and tyre). This 

stiffness is a non-linear function of the tyre indention. A quick calculation shows 

that the total vertical stiffness of front fork with wheel is dominated by the tyre 

stiffness, doubling the front fork vertical stiffness only raises the total stiffness with 

18 %. 

Another common topic in cycling is vibration comfort. In the scope of this work, 

comfort should not be confused with ergonomics where the cyclists’ pose on the 

bicycle is optimised for better performance or injury prevention. Exposure to 

vibrations, e.g. when cycling a cobblestone pavement, is mostly perceived as 

annoying. Therefore, bicycle manufacturers select components to improve the 

comfort of the cyclist. First of all, it is important to separate ‘comfort’ from 

‘damping’. Damping is the ability of the structure to dissipate vibration energy 

through internal material damping or structural damping from friction, bolted 

connections, etc. Comfort represents the vibration level at the contact points 

between the man and the machine; cf. the cyclist and the bicycle. Alternatively to 

using ‘comfort’, it is opted to use ‘vibration isolation’ to avoid confusion on 

terminology. The vibration isolation of a structure represents the effectiveness to 

attenuate base excitations from the source location to the output contact point with 

the environment. In case of cycling, the bicycle (with all its components), is the 

element between the base excitation source (cf. the road roughness) and the 

vibration output at the contact points with the cyclist (hands, seat and feet).  

Thus, damping and vibration isolation should be studied separately to understand the 

difference between both and to understand how they are linked to each other. 

First, the damping is measured in different test configurations with other 

boundary conditions and excitation methods. The damping of a bicycle frame, 

expressed as the modal damping ratio, is measured in free boundary conditions. 

Bicycle frames with different frame materials (composite and aluminium) are 

selected for comparison. The damping from composite bicycle frames is much 

higher than for the aluminium bicycle frame and the damping from the composite 

bicycle frames with different fibre type reinforcement is equal. Repeating the same 
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analysis for frame tubes indicates other results: flax fibre reinforced composite tubes 

add more damping than hybrid flax-carbon fibre reinforced composite tubes. This 

indicates that the internal energy dissipation in the bicycle frame is not solely due to 

the material but also by adhesive connections and other effects. Alternatively to free 

boundary conditions, the damping is evaluated when the test sample (here: the front 

fork) is assembled with in-situ boundary conditions. This means that the free 

boundary conditions are omitted, and replaced by mounting the front fork in the 

head tube bearing configuration. The results are surprising: minuscule vibrations of 

the bearings level out the damping of steel and composite material front forks. This 

observation is similar for different excitation methods: acoustic, impulse or shaker 

excitation. From previous three methods, it is harmonic shaker testing which 

correlates best with the in-situ road excitation and the damping in a large frequency 

range can be measured. Harmonic excitation is also applied to measure the damping 

from the bicycle wheel. As expected, cyclic tyre deformation can dissipate a lot of 

energy, much more than the front fork or bicycle frame, but the dynamic material 

behaviour is very complex. The wheel shows non-linear, viscoelastic and strain-rate 

dependent behaviour. 

Second, the vibration isolation of the bicycle (with cyclist) is investigated. As 

with every dynamic test setup, three items are required: (i) an appropriate excitation 

source, (ii) sensors to measure the vibration and (iii) analysis methods corresponding 

with the structure under test (here: bicycle with cyclist). The excitation type varies 

from simple impulse excitation without the need for expensive apparatus to complex 

in-situ road profile excitation generated by a shaker. Anyway, the excitation should 

reflect the vibration spectrum due to road roughness excitation for cycling purposes. 

This vibration spectrum is first measured through field tests with an instrumented 

bicycle. Depending on the periodicity of the road roughness, it is possible to 

separate road spectral components (fundamental and harmonics) from structural 

resonance frequencies of the bicycle. However, with most pavement types, the 

vibration spectrum at the wheel axis is broadband with distinct resonance peaks. A 

simple Heaviside test, where the impulse excitation at the bicycle is generated by the 

forward speed of the bicycle cycling on and of an elevated platform, is successful to 

analyse the dynamic structural response of the bicycle-cyclist assembly. A rotating 

drum carrying an impact strip is often used to excite the bicycle, though this method 

was not successful. Alternatively to impulse excitation, shaker induced vibrations 

can be chosen. White noise excitation is equivalent with impulse excitation and in-

situ road roughness excitation can be implemented from road profile classifications 

indicated in the ISO 5349 standard. To analyse the vibration isolation of the bicycle-

cyclist assembly, it is also required to measure the transmitted vibration at the 

contact points, i.e. the hand-arm vibration will be investigated. The vibration level at 

the handlebar is through acceleration and force sensors. Force measurements, 

however, are not straightforward to implement on the bicycle handlebar. This 

requires a custom made, strain gauge based, design of the handlebar force sensor. A 

lightweight handlebar is made from carbon fibre reinforced composite tube. This 

tube is instrumented with strain gauges to measure the vertical and horizontal force 
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at the left and right hand side. The handlebar is dynamically calibrated with the stem 

as clamping device. The flexibility of the clamping part significantly affects the 

expected (theoretical) dynamic behaviour of the handlebar. The transducer 

sensitivity, the phase response and the seismic mass is assessed in the frequency 

range from DC to 35 Hz. Nevertheless, this dynamic range is sufficient to correctly 

characterize the vibration interaction between the handlebar and the cyclist. Next, 

this handlebar is mounted to the bicycle for vibration tests in a laboratory 

environment and through field testing. The laboratory tests with shaker testing 

indicate how important it is to consider the dynamic interaction between the shaker 

and the bicycle.  It is not sufficient to judge the excitation spectrum only based on 

the r.m.s value but the excitations spectrum in the frequency domain should be 

carefully analysed. The acceleration and force values at the handlebar should be 

normalised with the shaker excitation spectrum for correct interpretation of the data. 

The importance of applying a constant DC force to the handlebar should not be 

underestimated. Oscillating DC forces around the target, mean, value are detrimental 

for the accuracy of the test. Comfort measurements were also assessed during field 

tests on a cobblestone pavement. Influences as tyre pressure, cycling speed, gear 

ratio and handlebar grip technique are evaluated. Lower tyre pressure yield (as 

expected) reduced vibration level at the handlebar, cycling faster on the 

cobblestones does not reduce the absolute vibration level but the latter tends to show 

an upper limit when cycling faster (> 30 km/h), high gear ratios also indicate 

reduced vibration at the handlebar, and finally, low grip forces at the handlebar are 

very effective to reduce the vibration level at the handlebar. 

The stability of the racing bicycle is the third subject discussed in this dissertation. 

Althoug the stability of the bicycle seems obvious; it is susceptible to minor 

variations to the head tube angle, the wheelbase, the wheelsize and the trail. The 

effect of these parameters is previously validated for analytical open-loop models, 

when the rider cannot correct the stability through knee movements or upper body 

shifting. The question remains if these findings are still valid and have the same 

effect when the cyclist is allowed to support balancing the bicycle. In an exploratory 

study, the effect of different head tube angles is measurd with an instrumented 

bicycle and in parallel the cyclist is questioned for his (subjective) feedback. The 

test persons are selected based on age and cycling experience criteria. Frequency 

and time domain data anlaysis from the steer and roll angle (rate) can judge this test 

matrix. The results can, however, not be presented because of confidentiality 

agreement reasons with the research partner. 

Different methods to assess the material damping, cf. the internal vibrational energy 

dissipation, were selected to quantify the modal damping of different bicycle frames 

and front fork. The test setup with free boundary conditions, acoustic excitation and 

contactless response measurements results from a thorough study on external 

(unwanted) damping sources that contribute to the total damping value. The 

optimum test configuration eliminates all contact making devices (for excitation and 

response measurements) with the specimen, even the sample should be suspended 
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with very thin nylon wires at the nodal points of the vibrational mode shape. The 

effect of air damping is reduced by removing all apparatus close the specimen under 

test. 

Accurate modal damping ratio measurements also allow measuring the 

viscoelastic properties of isotropic and orthotropic materials. This material model 

gives the elastic and viscous parameters from modal tests. The viscous damping 

matrix relates the damping with the stress-strain distribution from the material as 

function of the excitation frequency. This material damping formulation is 

successfully validated for samples with arbitrary geometry and different fibre 

stacking sequences. 

Another application of accurate modal damping measurements is for non-

destructive evaluation of the fibre/matrix interface quality from composite 

laminates. Comparing composite laminates with treated and untreated flax fibre 

reinforcement was successful. Untreated fibre reinforcement corresponds with 

higher damping values, which is validated with scanning electron microscopy and 

transverse bending tests. 

This dissertation ends with formulating the most important conclusions from this 

work and suggests topics for future research. 

 





 

Chapter 1.  

RESEARCH CONTEXT 

1.1 INTRODUCTION 

During the last 200 years, the design and functioning of bicycles have improved 

enormously. Intuition and trial-and-error have played major roles in the evolution of 

today's diamond-shaped bicycle frames. The design and manufacture of bicycle 

frames has largely been an art, performed by skilled craftsmen; their efforts have 

resulted in reliable, efficient structures. 

Competitive cycling has been a great catalyst in the improvement of state of 

the art technology. Technology advances are found in different topics, as there are: 

aerodynamics, gear and shifting mechanisms, braking systems, tyres, etc. Many 

improvements are also found in bicycle frames, front forks and wheels. Especially 

with the introduction of new materials, both metal alloys and fibre reinforced 

composites, the bicycle design for sport (race) applications has evolved to higher 

standards. 

Although it might appear that bicycles are engineered to their limits by now, 

still a lot of aspects and influences remain unclear. The limitations become most 

apparent when new materials enter the picture, and when new applications and 

demands are put on the structure. In order to better understand the interaction of the 

different components of a bicycle with each other and the rider, as well as their 

importance in the general performance, adequate tests are vital. This dissertation 

focuses on exactly that, the search and understanding of how reproducible, 

representative and useful tests can be performed on racing bicycles and their 

subcomponents, individually or including the interaction with the cyclist. 

The nomenclature of the racing bicycle and its components, to be used in the 

following chapters, is represented in Fig. 1.1. 
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Fig. 1.1 Illustration of racing bicycle with corresponding nomenclature. 

1.2 OBJECTIVES 

The work described in this dissertation originates from two IWT (English: Agency 

for Innovation by Science and Technology) projects. The first project was initiated 

by the company Museeuw Bikes and took two years from 2009 till 2011. This 

project was intended to investigate the static and dynamic properties of hybrid flax-

carbon fibre reinforced bicycle frames. The second project was initiated by the 

company Eddy Merckx Cycles, which started in 2012 and ended in 2014. The topics 

in this project cover (i) stiffness and strength measurements of bicycle frames and 

front forks, (ii) developing quality control tools and (iii) bicycle stability 

measurements. The chapters in this book combine the results from the individual 

research questions in each IWT project. This formulates a global research question, 

as expressed in the title of book. 

Development of an experimental test platform for the static and dynamic evaluation 

of racing bicycle components and for measuring the dynamic bicycle-cyclist 

interaction. 

The experimental research platform covers the whole cycle from material 

characterization to assessing the dynamic behaviour of the bicycle with cyclist. Each 

subject is characterized by the design and assembly of test facilities with 

complementary (custom made) sensor instrumentation and development of accurate 

data analysis methodologies for parameter classification. The test platform offers a 

wide range of tests facilities which can be used (i) by industrial partners for bicycle 

performance characterization or (ii) for experimental validation of fundamental 

research for optimization, updating and refinement of theoretical models. 
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The objectives for the development of the experimental test platform can be 

summarized as follows: 

1. Implementing a test facility to measure the static stiffness of bicycle 

frames, front forks and bicycle wheels. 

2. Investigating different test and analysis methods to assess the dynamic 

properties (cf. the vibration and damping behaviour) of the bicycle frame, 

the front fork and the bicycle wheel. 

3. Selecting an appropriate excitation method to study the dynamic behaviour 

of a bicycle with cyclist and replicate the road surface excitation for testing 

in a laboratory environment. 

4. Implementing a test configuration to quantify the hand-arm transmitted 

vibration through measuring acceleration, contact force and absorbed 

power at the handlebar. The test setup should be implemented in both a 

laboratory environment and in-situ field tests. 

5. Investigating the interaction between the bicycle and the cyclist by bicycle 

stability experiments. The influence of modifications to the front fork 

assembly is studied. 

6. Selecting an accurate and repeatable method to assess the viscoelastic 

material properties of sample specimens and structural components. 

It is not the first priority in this dissertation to compare different front forks, bicycle 

frames or wheels with each other. The merits of this work should be seen as an in-

depth analysis in a wide facet of relevant engineering topics to understand the 

performance of a racing bicycle. Nevertheless, the different test and analysis 

methods are benchmarked with a selection of bicycle frames, front forks and bicycle 

wheels for validation and illustration purposes. 

1.3 STATE OF THE ART 

Bicycle research, in all its facets, covers a wide range of topics, as there are: sport 

sciences, medicine, ergonomics, transportation, physiology and also engineering. 

The total number of search results for ‘bicycle or bike’ in the Web of Science online 

library gives more than 13500 hits. This can be reduced to 2500 after selecting 

engineering, materials science and instrumentation. Careful selection finally gives 

181 publications which are potentially of interest in the scope of this dissertation, as 

listed in the objectives (section 1.2). Since 2010, engineering topics in bicycle 

research have shown increasing interest, as indicated in Fig. 1.2. The relatively low 

number of publications indicates that bicycle research from an engineering point of 

view shows much potential to grow and to gain knowledge on this topic. 
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Fig. 1.2 Bicycle engineering related publications which are relevant in the scope of this 

dissertation from open source scientific literature (Web of Science) in the period 1979-

2014. 

In this 35 years period, different bicycle research topics have been investigated. The 

first article in this list considers forces applied to a bicycle during normal cycling, in 

1979 by Soden [1], many studies on pedal force measurements were published since 

[2-11]. Force measurements on bicycle frames [10, 12-15] and the study of 

operation loads [12, 16] always have been of interest. Fatigue testing of handlebars, 

stems, frames and front forks has been discussed as well [17-29]. Comfort 

measurements [30-42], bicycle dynamics [43-46], suspension systems [38, 47-53] 

and bicycle stability [2, 54-58] have recently gained interest. Also component 

testing on brake systems [36, 59-71], wheels [70, 72-75] and bicycle saddles [76, 

77] have been investigated. 

The next paragraphs situate the state of the art research which is relevant in the 

scope of this thesis, as given by the objectives in section 1.2. 

It is generally accepted that the stiffness of bicycle components, specifically for the 

bicycle frame and the front fork, is an important design constraint. Mainly in the 

sports segment, the introduction of composite materials resulted in a large freedom 

to operate in terms of geometry, design and material selection.This approach is 

already investigated in several finite element analysis (FEA) studies [78-83]. 

However, to the author’s knowledge, open source scientific publications on detailed 

stiffness measurements of bicycle frames and front forks are not available. Lessard 

and Lizotte implemented a stiffness test setup for bicycle frames for verification of 

FEA results of aluminium an steel bicycle frames[83]. On the other hand, numerous 

stiffness test setups have been implemented by test centres, bicycle manufacturers 

and bicycle magazines. The bracket and torsion stiffness of bicycle frames are 

generally accepted in bicycle industry, though many variations have been 

implemented. Mostly, details on the implementation and the test results are not 

given because of confidentiality reasons. This shows potential to review bicycle 

frame and also front fork stiffness tests from a scientific point of view. 
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The relation between the damping capacity of front forks in free boundary 

conditions and in-situ boundary condition has for the first time been explored by 

Richard et al. [84], they investigated the effect of constrained-layer damping 

material applied on an aluminium front fork. Two different tests have been carried 

out for this study: an impact hammer test on a fork in free-free boundary conditions 

and simulation of road impacts by a treadmill with a cyclist positioned on the 

bicycle. The results of the impact hammer test show that the viscoelastic material is 

very effective in attenuating the fork’s vibration in free-free boundary conditions. 

However, the effect of viscoelastic material seems to disappear if the fork is 

installed on the bike with rider. The acceleration level at the fork dropout, when 

subjected to road-like impacts on the treadmill, did not differ significantly for both 

front forks. Similar work is done in another study by Richard et al. [85], however, 

opposite conclusions are made compared to the former study. Tests revealed that 

three front forks with a different material have a similar dynamic behaviour in free-

free boundary conditions. But, modal analysis of the front end of the bike showed 

different behaviour of these forks, resulting in a decreased total value of acceleration 

of the handlebar near the hands of the rider. To formulate an aswer to this 

contradiction, different test configurations should be analysed in detail to gain a 

better understanding of how the material choice of the front fork affects the 

damping, and how this is reflected in the assembly with other components. This 

analysis method should consider the excitation method, the response measuring 

method and the boundary conditions when measuring damping. 

Research into the static and dynamic response of racing bicycle wheels in a 

laboratory environment is limitedly available. Lépine et al. [67] studied the radial 

force transmissibility from tyre excitation to the wheel hub. They noted that the 

static and dynamic properties vary along the wheel circumference but do not 

mention any effect of nonlinear behaviour, which is probably expected with the 

viscoelastic tyre material. Petrone et al. [70] reported this effect when investigating 

the radial static, cyclic and bump behaviour of different racing bicycle wheels to 

draw conclusions on the relative contribution of the tyre and the rim. Nevertheless, 

the nonlinear behaviour is approximated by a linear function, hence probably 

ignoring important information when comparing different data sets. Based on these 

studies, the goal in this dissertation is to point out the relevance of the nonlinear tyre 

behaviour during static and dynamic tests. It is not mean for selection of different 

bicycle wheels, but an in-depth analysis is preferred. 

The study of the vibration response of the bicycle (with cyclist) is situated in 

several aspects.Lépine et al. [86, 87] have studied how road excitations can be 

reproduced in laboratory environment.  Displacement road profiles are generated for 

shaker excitation from acceleration measurements at the rear wheel axis in a 

combined in-situ/laboratory test setup. Alternatively, the acceleration response at the 

rear wheel axis is evaluated by generating successive impact excitation from dowels 

attached to treadmill surface. The dowel spacing on the treadmill surface represents 

a Gaussian distribution. It is found that this method lacks repeatability and the 

excitation frequency range is too low compared with the in-situ acceleration 
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response at the rear wheel axis. On the other hand, the shaker excitation method 

could successfully replicate the vertical vibration response at the rear wheel axis of 

the bicycle in case of granular roads that provide a broadband excitation. Champoux 

et al. [33] aimed to replicate the in-situ vibration response at the stem and the 

seatpost (the output variables) by determining the driving signal of two shakers 

placed below the rear and front wheel of a bicycle. This test setup is able to 

reproduce similar vibration response at the output variables, noting that the cyclist 

interveriability is an important factor for the quality of the result. Lépine et al. [36, 

37] studied different excitation techniques such as white noise shaker excitation, 

road profile shaker excitation, vertical impacts by shaker testing and impacts created 

by a dowel fixed on a treadmill. The effect of these loading conditions on the 

vibration transmissibility of bicycles, by ranking two wheel sets, was not affected 

through measuring the force and acceleration at the seat post and stem.  Based on 

these result, it can be concluded that shaker testing could be replaced by impact tests 

for evaluating the vibration transmissibility of bicycles.This potentially shows many 

benefits since specialized and expensive apparatus as shakers could be omitted for 

vibration analysis of bicycles (with cyclist). From this point of view, several other 

impact impact excitation techniques are left to be investigated. Several of these will 

be discussed in this dissertation. 

Vibration analysis for comfort evaluation and measure biycle vibrations is 

often done with accelerometers mounted near the handlebar, the seat and wheel axis 

[30, 31, 65, 76, 84, 88, 89]. Besides this, comfort is also based on force and 

absorbed power measurements at the seat and handlebar [36, 37, 90-93]. Where 

accelerometers are readily available, force sensors are typically custom made 

designs, based on strain gauge measurements in a cantilever beam configuration. 

The use of these force sensors is found in static and dynamic applications. However, 

using custom made force sensors for dynamic purposes requires specific calibration 

techniques and design requirements for proving correct functioning of the sensors. 

Drouet et al. highlighted this aspect based on numerical analysis  [94], they found 

that frequency range of the force sensor is limited by its resonance frequency, mass 

and material damping. The next step is to implement these recommendations and 

validate this in a dynamic calibration procedure, as explained in section 1.4. 

The vibration isolation properties of bicycles and bicycle components has 

been explored by Lépine et al. [36, 90], Giubilato et al. [65], Petrone et al. [76] and 

Pelland-Leblanc et al. [91, 92]. They investigated the relative contribution of bicycle 

components, the effect of structural damping and the effect of the cyclist’s pose on 

the vibration isolation properties of the bicycle. The vibration response is quantified 

by acceleration, force or absorbed power at the hands and seat. This is mostly done 

in laboratory environment where the vibration comfort is evaluated by output only 

analysis, without relation to the input excitation or without quantifying the effect of 

the dynamic interaction between the excitation apparatus and the structure under 

test. 

The bicycle stability, with a cyclist controlling the bicycle, will be 

investigated in an experimental approach. This method is different from bicycle 
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stability studies in literature, where the goal is often to validate open-loop (without 

active rider control) dynamic bicycle stability models [56-58]. A set of dynamic 

equations of motion can be solved to characterize the stability of the system for 

various forward speeds. It is highly likely that the open loop parameter studies 

correlate to what a rider feels when riding a bicycle, but this has yet to be proven 

with strong experimental evidence, as suggested by Moore [95]. The latter issue will 

be discussed in this dissertation. 

1.4 INNOVATIVE ASPECTS OF THE RESEARCH 

The innovation in this work is found in developing test facilities, sensor 

instrumentation and in-depth data interpretation in a wide range of applications for 

characterizing static and dynamic properties of a racing bicycle and its interaction 

with the cyclist. The innovative aspects are totally new in the engineering bicycle 

research, or they add significant contribution to existing research studies. 

 Bicycle frame stiffnes measurements are reviewed from a scientific point of 

view, considering several measuring methods and data processing 

techniques. The test bench compliance, hysteresis and stick slip effects, 

bicycle preloading descriptions, effect of boundary conditions and correct 

force and deflection measurements all are investigated in detail. The result 

is a multi-directional stiffness test bench with, in total, seven different 

stiffness values which are based on the major loading directions and 

boundary conditions.. This bicycle frame stiffness test bench quantifies 

accuracy, repeatability and estimated error limits on the stiffness 

value. 

 The existing studies of the damping capacity of front forks, and how this 

affects the cyclist’s comfort, is extended by considering a  step-by-step 

investigation of several test and analysis techniques to measure the 

damping properties of front forks and their relation with the boundary 

conditions when assembled in the head tube bearing configuration of the 

bicycle frame. First, the material damping of front forks is measured 

through contactless excitation and response measurement methods to avoid 

added damping sources which could bias the damping value from different 

front forks. Second, a stand-alone test bench is developed where the front 

fork is isolated from the bicycle-cyclist assembly. This meets the missing 

link between testing in free boundary conditions and testing with the 

complete bicycle-cyclist assembly.This analysis is benchmarked with front 

forks which are composed of a different material. 

 Road pavements with different surface irregularities are characterized to 

assess the base excitation profile for cycling purposes. The test and data 

analysis methodology can differentiate between road spectral 

components and structural resonance frequencies from the bicycle. 

This information is used to select appropriate excitation methods to 

analyse the structural response of the bicycle-cyclist assembly. In this 



8  CHAPTER 1 

scope, additional impulse excitation methods are proposed and it is 

investigated how complex and time consuming road profile measurements 

can be substituted by existing standards. 

 A custom made handlebar force sensor is designed and calibrated to 

measure the vertical and horizontal force at the left and right hand 

side for dynamic purposes. The functional frequency range is between 

DC and 35 Hz. This is determined in a dynamic calibration procedure, 

which gives the transducer sensitivity, the phase response and the seismic 

mass. The importance of flexible boundary conditions instead of theoretical 

clamped support constraints to clamp the handlebar is thoroughly 

investigated. The force sensor characteristics are implemented to correct 

absorbed power measurements with phase mismatch and seismic mass. 

This handlebar design can be used to compare the vibration isolation 

capacity of several bicycle components (tyre (pressure), rim, frame and 

front fork), except for the handlebar itself. In this dissertation, it will be 

used to compare different front forks and bicycle frames with each other. 

Several issues that should be considered with shaker tests for exciting 

the bicycle (with cyclist) assembly are carefully described. This involves 

the dynamic interaction between the structure under test and the shaker for 

lightly and heavily damped test structures. Post-processing data analysis 

methods such as using ISO weighting filters and determinig the frequency 

rangelimits for data interpretation of comfort results is investigated in 

detail.In addition to shaker tests, field tests are assessed to measure the 

absorbed power while cycling. This reflects the ‘natural pose’ of the 

cyclist on the bicycle. Common external test parameters such as cycling 

speed, gear ratio and handlebar grip technique are evaluated for 

subjective and objective comfort examination. 

 An experimental way of measuring bicycle stability with a cyclist is 

proposed. This meets the requirement to validate open loop bicycle 

stability parameters (determined by models with a stationary cyclist) 

by the subjective response of the cyclist combined with experimental 

data. 

 A systematic study about quantifying damping errors in modal 

damping measurements is presented. The topic is relevant to the testing 

of specimens for the purpose of extracting a measure of the inherent ability 

of a material to dissipate energy. 

1.5 OUTLINE 

The book is divided in three main parts, of which part I and part II are related to 

bicycle research and part III focuses in more detail on measuring and modelling 

material damping properties. All subjects in part I and part II relate with the 

different work packages from the IWT projects with Museeuw Bikes and Eddy 
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Merckx Cycles. The third part has extended from the IWT project with Museeuw 

Bikes to quantify the damping properties of flax fibre reinforced composite 

materials and to relate this with the vibration damping of hybrid flax-carbon fibre 

reinforced composite bicycle frames. 

1.5.1 Part I: Measuring stiffness and vibration properties of 

racing bicycle components 

This part investigates the static and dynamic properties of the bicycle frame, the 

front fork and the wheel components. 

The static properties section comprises mechanical stiffness tests of the 

selected bicycle components. The stiffness tests focus on the correct interpretation of 

stiffness results and implementing the right test configuration, rather than ranking 

different components to each other. 

The dynamic properties are covered by the vibration and damping behaviour. 

Damping is a measure for the dissipation of vibration energy inside the structure; 

this is referred to as material and system damping. For example, the more vibration 

energy that is dissipated by the wheels, the front fork and the bicycle frame, the 

lower the vibration level that is seen at the handlebar and the seat of the bicycle. The 

vibration exposure to the cyclist is reduced, which he perceives as more 

comfortable. Measuring the damping capacity of structural components, however, is 

not straightforward because many experimental test and analysis methods exist. 

Therefore, part I in this book explores different procedures and test setups to 

measure the damping of the bicycle components. The difficulties experienced with 

damping measurements are systematically described and the best test configuration 

is proposed for damping measurements of bicycle frames and front forks. 

Chapter 2 starts with situating the importance of several design 

considerations when building a test bench for frame stiffness testing. Potential 

measuring errors are pointed out and eliminated in the final design of the test bench. 

The result is a multi-directional stiffness test bench; seven different stiffness values 

are proposed which are based on relevant load cases and support constraints. The 

test setup is benchmarked for different bicycle frames composed from different 

materials: aluminium, hybrid flax-carbon fibre composite and full carbon composite. 

This stiffness test bench serves as a tool for many other applications as well. The 

second section is attributed to assessing the modal damping ratio with free boundary 

conditions. The damping value from the different bicycle frames (i.e. the frames 

used in the benchmark test for stiffness testing) is compared with the modal 

damping ratio of bicycle frame tubes with identic material composition. The 

relevance of damping measurement with free boundary conditions is compared with 

damping measurements with in-situ boundary conditions. This is studied in 0, where 

this research is benchmarked for different front forks.  

0 starts with measuring the stiffness properties of different front forks. 

Several test parameters and design considerations were already verified in the 

bicycle frame stiffness analysis. These aspects are withheld in the design of the test 
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bench for the front fork stiffness and, additionally, it is possible to vary the spacing 

of the head tube bearings. This parameter is evaluated for the front fork stiffness. 

The vibration and damping behaviour of different front forks is tested in 

different test configurations. The added damping from the head tube bearings is 

assessed through comparing the free vibration modal damping in free boundary 

conditions with in-situ boundary conditions. The influence on the modal damping 

value is also investigated for different excitation techniques: acoustic excitation, 

hammer impulse excitation and shaker excitation. Alternatively to the modal 

damping ratio, it is also possible to measure the internal energy dissipation in a 

vibrating structure. Instead of measuring the modal damping ratio as a percentage 

value at the resonance frequency, the energy dissipation in Joules or Watts can be 

measured in the frequency range of interest. Front forks composed of different 

materials are tested and compared to each other with the different damping 

measuring techniques. Four carbon fibre reinforced composite front forks with 

added damping treatment, one hybrid-carbon fibre composite front fork and one Cr-

Mo steel alloy front fork are available for comparison. 

Chapter 4 is the last chapter in Part I. It studies the static and dynamic bicycle 

wheel properties. The analysis is limited to radial loading only because only the in-

plane properties of the bicycle are considered. This study quantifies the non-linear 

stiffness, the strain rate dependent tyre deformation and the internal energy 

dissipation. Guidelines and conclusions from this Chapter are formulated for better 

interpretation of the bicycle-cyclist interaction measurements in Part II. 

1.5.2 Part II: Dynamic bicycle-cyclist interaction analysis 

Whereas Part I studied the dynamic (damping) behaviour of the individual 

bicycle components, this part investigates the dynamic interaction of the cyclist with 

the bicycle. A major contribution in Part II is related to assessing the dynamic 

interaction between the bicycle and the cyclist when the bicycle is exposed to road 

surface induced vibrations. The vibration isolation of the bicycle is quantified 

through measuring the vibration exposure at the handlebar. The vibration exposure 

can be expressed as the energy dissipation in the human body, cf. the absorbed 

power. This requires a specific measuring technique which will be explained in 

Chapter 5, 6 and 7. The second topic in Part II evaluates the bicycle stability, for 

different configurations of the head tube geometry, while the cyclist is challenged to 

follow a predefined test track. 

Prior to assessing comfort tests, it is required to gain knowledge about the 

road surface excitation for cycling purposes. This will be discussed in Chapter 5 

through combined in-situ/laboratory tests. This chapter explores different excitation 

techniques in a laboratory environment to evaluate the structural response of the 

bicycle-cyclist assembly and it investigates how in-situ road roughness excitation for 

cycling purposes can be measured. The specifications for the excitation method or 

road roughness estimation are based on in-situ field tests on four different road 

pavements, each with a characteristic roughness periodicity. 
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Chapter 6 discusses the next step to assess the cyclist’s comfort: 

instrumenting the bicycle with sensors. It is chosen to quantify the vibration level at 

the handlebar based on acceleration and force measurements. Accelerometers are 

widely available, but a force transducer requires a custom made design to be 

attached to the bicycle. A handlebar force transducer is designed to measure the 

dynamic force at the left and right hand side in the vertical and horizontal direction. 

The dynamic calibration technique evaluates the transducer sensitivity, the phase 

response and the seismic mass. The calibration tests distinguish between quasi-

perfect clamping and in-situ, i.e. flexible, boundary conditions. The result from the 

calibration procedure is necessary to correct the force and absorbed power values 

when measuring the vibration transmission from the bicycle handlebar to the cyclist, 

as will be studied in Chapter 7. 

The goal in Chapter 7 is to measure the cyclist’s comfort with different 

bicycle frame – front fork assemblies. The components are selected from the 

previously tested bicycle frames and front forks in 0 and Chapter 4. The damping 

capacity of these components in the bicycle-cyclist assembly is tested against their 

respective damping capacity at the component level. In other words, it is examined 

to see if the cyclist’s energy dissipation is increased or reduced by considering 

different front fork – bicycle frame assemblies. This test matrix is assessed through 

shaker testing in laboratory environment by two different test configurations: (i) 

adding dead masses to the handlebar and (ii) a cyclist who is positioned on the 

bicycle. The second part of the comfort tests is done through field testing. The test 

matrix in outdoor conditions is different because typical outdoor parameters are 

selected: tyre pressure, cycling speed, gear ratio, handlebar grip technique and 

bicycle frame material are studied. The vibration response at the handlebar is 

verified with the subjective response from the cyclist. 

Bicycle stability is investigated in Chapter 8. Three different positions of the 

head tube angle are selected for comparison. Test persons with different cycling 

experience level are asked to follow a test track with an instrumented bicycle. This 

bicycle measures the steer angle and the frame orientation. The test track comprises 

tests at high and low cycling speeds to validate the bicycle stability. With each head 

tube angle configuration, the test person is questioned about the bicycle stability. 

1.5.3 Part III: More fundamental insights into intrinsic 

material damping 

A main research question in the IWT project with Museeuw Bikes was to 

characterize the vibration damping properties of flax fibre reinforced composites. 

Before an accurate and repeatable test methodology to measure material damping 

was established, much effort was put in understanding and analysing vibration data 

to finally extract the material damping properties. These aspects are discussed in 

Chapter 9, which gives a complete and detailed overview of experimental errors that 

can slip into modal damping measurements of lightly damped specimens. Possible 

errors are related with specimen excitation, boundary conditions, response 

measuring methods, air damping and signal analysis. The final result is a test 
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methodology from which the external, unwanted, damping contributions are 

eliminated or minimized. This is very important when the modal damping ratio is 

linked with the material damping of the specimen or structural component under 

test. Consequently, this procedure is very useful to measure the damping capacity of 

lightly damped composite and metal bicycle frames and front forks. This measuring 

and analysis method is applied to quantify the damping properties of bicycle frames 

and front forks, as discussed in Chapter 2 and 3. 

The modal damping ratio value is a measure for the energy dissipation at a 

specific frequency, though it is only meaningful for that specific stress-strain 

relationship. Chapter 10 determines the material damping parameters of isotropic 

and orthotropic materials with the modal damping measurement setup derived in 

Chapter 9. This result is validated by predicting the modal damping ratio for 

isotropic samples with arbitrary geometry and for orthotropic samples with arbitrary 

geometry and different fibre stacking sequence. 

Chapter 11 validates if modal damping measurements are appropriate to 

detect the fibre/matrix adhesion quality of composite samples. This topic is related 

to the IWT project with Museeuw Bikes where different flax fibre configurations are 

examined. Flax fibres with and without fibre sizing (for fibre/matrix adhesion 

modification) were available. The modal damping measurements are validated with 

scanning electron microscopy (SEM) microscopy and transverse bending tests. 

In Chapter 12 of this work, an overview of the most important achievements 

and conclusions is repeated and an outlook to future research is suggested. 

1.6 METHODOLOGICAL APPROACH FOR THE 

EXPERIMENTAL TEST PLATFORM 

The experimental test platform for racing bicycles aims to provide several test 

facilities to evaluate the static and dynamic response of several bicycle components. 

The selected components are wheels, front forks and frames. In the design and 

development of these test setups, it is chosen to pay most attention to implementing 

adequate and accurate measuring techniques and evaluation methods, rather than 

testing multiple subsets from a specific component. Each test setup is characterized 

by carefully performing the experiment, with great attention to sensor selection, 

sensor calibration, error estimation (including human error), quantifying unwanted 

effects from external parameters and how postprocessing the experimental data can 

affect the final result. Each individual test setup is validated with several test subsets 

(e.g. few bicycle frames) to illustrate the validity and accuracy of the result. 

Although the test platform covers several topics, the reader will notice that 

specific attention is attributed to measuring and evaluating the component’s 

damping and the cyclist’s vibrational comfort. This approach aims to link the 

damping value of different materials with the damping form the different 

components (frames and front forks) with the cyclist’s comfort. In a next stage, it 

would be possible to link the different test setups to each other. For example link the 

stiffness of the bicycle frame and the front fork with the vibration comfort of the 
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cyclist, or link the dynamic wheel properties to bicycle stability, etc. From this point 

of view, the benefits of this test platform could be fully approved.  

Fig. 1.3 illustrates the subtopics in the three major levels in Part I, II and III 

of this dissertation. The subtopics between round brackets are not discussed in 

detail, though they could be added to the experimental test platform for 

characterizing bicycle performance in future work. The solid arrows indicate the link 

between the three levels. The dashed arrows could be investigated in future work, 

e.g. investigating the relation between static component stiffness with the vibration 

comfort of the cyclist, or relating the static and dynamic properties of wheels with 

bicycle stability. 

 

 

Fig. 1.3 Schematic visualisation of the experimental test platform. The sub topics 

between round brackets are not or minorly discussed in this dissertation. The solid 

arrows indicate the link between the different topics in this dissertation. The dashed 

arrows indicate possible links between the topics that can be investigated in future work.  
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Chapter 2.  

BICYCLE FRAME ANALYSIS 

2.1 SCOPE 

A racing bicycle is composed out of different subsets, from which the bicycle frame 

probably is the most important component. The cyclist is attracted by its shape and 

colour when choosing a new bicycle, but the bicycle frame has much more to offer 

than aesthetical aspects only. The requirements of a bicycle frame are also related to 

mechanical aspects rather than aesthetical aspects. Two important mechanical 

aspects are considered in this chapter, namely (i) the static stiffness of bicycle 

frames and (ii) the dynamic (vibration and damping) characteristics of the bicycle 

frame.  

Although stiffness test setups have been implemented by several bicycle 

manufacturers, there is little known about bicycle frame stiffness measurements in 

scientific literature. In this chapter, bicycle frame stiffness tests are approached from 

a scientific point of view. A detailed sensitivity analysis of external factors 

influencing the measured frame stiffness is considered. Based on these findings, a 

total of seven different measuring configurations is proposed, to fully characterize 

the stiffness of a racing bicycle. Next, this test methodology is applied to assess the 

influence of the material on the frame stiffness. The latter analysis does not aim to 

give a full and detailed overview of bicycle design parameters affecting the bicycle 

frame stiffness. Yet, these results summarize a selection of stiffness tests assessed on 

the bicycle frames from Museeuw Bikes and Eddy Merckx Cycles. 

The vibration and damping analysis of bicycle frames is assessed in 

section 2.3. This analysis is based on determining the modal parameters (resonance 

frequency, modal damping and mode shape) in free vibration with free boundary 

conditions. One might argue that free boundary conditions do not represent the real 

boundary conditions, where the frame is connected with the wheels, the cyclist and 

other peripherals. Nevertheless, several arguments support the relevance of this test. 

First, particularly for damping estimation, this methodology is very useful for 

mutual comparison between frames because it eliminates external damping sources 

from peripheral effects. Second, these results fit in the global approach of this 

dissertation, to relate the damping of individual bicycle components to the total 

damping behaviour of the bicycle with cyclist. For this reason, a selection of 

measuring techniques and test configurations will be compared to each other. The 

test with free boundary conditions is one specific test configuration.  
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2.2 BICYCLE FRAME STIFFNESS CHARACTERIZATION 

The stiffness relates the structure’s deflection with the applied load and is expressed 

in N/mm for translation loads or Nm/° for torsion loads. The stiffness magnitude 

depends on the structure’s geometry and material. To quantify the bicycle frame’s 

static performance, it is accepted in bicycle industry to use bottom bracket stiffness 

and torsion stiffness as reference values for the frame stiffness. The bottom bracket 

stiffness relates the pedal force with the bottom bracket deflection (Fig. 2.1 depicts 

the different parts of a frame and the applied coordinate systems); the torsion 

stiffness relates the head tube torque with the head tube rotation.  

 

Fig. 2.1 Bicycle frame nomenclature and definition of coordinate system 

Scientific bicycle research so far has focused on many topics (cf. section 1.3), except 

bicycle frame stiffness has not been discussed yet and there is no standardization 

available with guidelines on measuring the stiffness of bicycle frames. This has led 

to many different bracket and torsion stiffness test configurations being developed 

by test centres, bicycle manufacturers and bicycle magazines. A selection of these 

test configurations is depicted in Fig. 2.2. These differ each in (i) how the load is 

applied, (ii) how the frame deflection is measured and (iii) how the frame is 

supported. Moreover, stiffness configurations are assessed with the assembly of 

frame and fork or with the bicycle frame only. Sometimes, the front fork is replaced 

with a (stiffer) steel replica. The frame is either aligned in-plane (x-z plane in 

Fig. 2.1) or is inclined at a certain roll angle (Fig. 2.1) from the in-plane position. 

The direction of the force applied at the bottom bracket differs amongst these test 

configurations. Also, the support constraints at the rear and front end vary from 

clamped, rolling contact to ball-joint supported. In analogy with the bottom bracket 

stiffness, the torsion stiffness test configurations show a large variety in frame 

loading and applied support constraints. Typically, the head tube is simply supported 

and a load is positioned along a shaft mounted in the head tube, simulating a pure 

torque at the head tube whereas otheroperators do not support the head tube. Some 

operators use the front fork as a lever for the load, others use a steel bar. The frame’s 

rotation is measured with respect to the bottom bracket or rear dropout, depending 
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on which point the frame is fixed. Each of the previous test setups will result in 

another stiffness value for the same frame type; as such, a comparison between test 

setups is impossible. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 2.2 A selection of bicycle frame stiffness test configurations from bicycle 

manufactures, test centres or bicycle magazines: (a) fixed rear and front end with lateral 

load at the bottom bracket [1], (b) clamped head tube and ball joint support at rear end 

with inclined bicycle frame and off-centre bracket load [2], (c) fixed front end and 

loosely fixed rear end with inclined bicycle frame and force applied at the pedal crank 

[3], (d) clamped rear and front end with off-centre bracket load [4]. 
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The following sections address the question on how a universal stiffness test bench 

can be designed, taking different aspects into account such as (i) the implementation 

of support constraints, (ii) applying a representative force on the frame and (iii) 

measuring the frame deflection. It is known that professional cyclists can feel frame 

stiffness differences as small as a few percent. Hence, it is important to measure the 

frame stiffness within narrow accuracy limits without perturbing external parameters 

influencing the effective frame stiffness. 

The aim is to give an overview which aspects should be considered in both 

assembling the test bench and measuring the applied load and frame deflection. 

2.2.1 Design considerations in developing a test rig for 

measuring bicycle frame stiffness 

2.2.1.a Stiffness versus fatigue testing 

Frame stiffness testing differentiates from frame fatigue testing in different aspects. 

In fatigue testing it is in the operator’s interest to simulate real-life loading and 

support constraints on the bicycle frame [5, 6]. This induces realistic stress 

variations and stress hot-spots in the frame tubes, consequently the number of load 

cycles applied on the frame until failure is in agreement with the real-life situation. 

This approach is useful for material selection purposes, especially with composite 

materials which allow local reinforcements where necessary. It is, however, not 

straightforward to implement the right load and boundary conditions for realising 

adequate, without over- or underestimating, stress variations in the bicycle frame. 

This is illustrated by Cervélo, as explained on their website [7], where they matched 

the strain response on the bicycle frame from field testing with the strain response 

from static loading in laboratory environment. It was required to modifiy the 

boundary conditions of their initial stiffness test setup for quasi identic 

correspondence with the field tests. An example of a frame fatigue test setup for 

pedalling forces is presented in the standard EN14781 for racing bicycles. The 

standard gives guidelines on how the load and support constraints should be applied 

to the bicycle frame. This standard is merely considered as a safety requirement for 

bicycle frames, where the frame should resist a minimum number of loading cycles 

without visual damage or stiffness reduction [8]. 

The stiffness of the bicycle is a combination of all individual components: the 

wheels, the tyres, tyre pressure, the handlebar, the stem, the seatpost and also the 

saddle itself. Since the assembly of the bicycle with these pheripherals can be 

different for every person, it would lead to a large test matrix for testing the stiffness 

of the complete bicycle. Also, including all these pheripherals probably adds 

difficutlies with aligning the bicycle and applying the load to the bicycle. A correct 

reference frame is required with specific guidelines for bicycle frame algning, 

deflection measurements and applying the load. The question rises whether it is 

necessary to have realistic loading and boundary conditions for stiffness testing. In 

my opinion, the answer is dual. From the first point of view, the bicycle stiffness 

corresponds with the rider’s feel where it is in the operator’s interest to mimic real-
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life loading and boundary conditions. In this way, he can modify the frame geometry 

and material to fit the needs of the cyclist. On the other hand, the operator should 

rely on proper feedback from experienced cyclists to translate the subjective feeling 

to specific measures. This type of test aproach could be similar to the test setups in 

Fig. 2.2b and Fig. 2.2c or to the one described by Cervélo [7]. From the second point 

of view, the bicycle stiffness test setup is not in direct relation with the in-situ 

cycling conditions, as in the first case, but it reflects the directional stiffness of the 

bicycle frame. The frame load is subdivided in its main components (both force and 

torque) and the frame deflection is measured in the corresponding direction. This 

allows for drawing conclusions about the directional stiffness of the frame. As such, 

information is available on (i) the frame’s directional stiffness, (ii) the contribution 

from the front and rear triangle stiffness to the global frame stiffness or (iii) the 

contribution of the front fork in the frame-fork assembly. This approach shows 

several advantages and applications as will be illustrated in the following 

paragraphs. 

2.2.1.b Influence of flexible support elements 

The measured bicycle frame deflection (relative to the ground) due to a load applied 

onto the bicycle frame consists of both the bicycle frame and test rig deflection. 

Consequently, the relative contribution of both depends on their individual stiffness, 

e.g. the assembly of a very rigid bicycle frame in a weak test bench might give 

relatively larger errors on the global frame deflection and the stress level in the 

frame tubes. Thus, the design of the test bench has consequences on both the 

stiffness results and the fatigue life. 

The influence of the support constraints on both the frame stiffness and stress 

variation is assessed through Finite Element (FE) analysis with Abaqus
TM

. The test 

configuration described by the EN14781 is used for modelling purpose (Fig. 2.3a). 

Ball joint connections (number (1) in Fig. 2.3a) are used to assemble the pedal 

mechanism and to support the rear end at the ground. The load of 1100 N is applied 

at the pedal mechanism, as shown in Fig. 2.3a. The bicycle frame is connected with 

the front fork with two hinge connections which can rotate around the z’-axis 

(number (2) in Fig. 2.3a). The frame is supported at the front end (cf. front fork) 

with a hinge connection which has freedom to rotate around the y-axis, as depicted 

with number (3) in Fig. 2.3a. Also, the pedal mechanism can rotate around the y-axis 

at the bottom bracket. A representative bicycle frame is modelled in finite elements 

with Timoshenko beam elements (Fig. 2.3b) which are justified because the 

dimensions of the cross-section are small compared to the dimensions along the axis 

of the beam. The frame tube dimensions are based on a standard metallic racing 

bicycle frame (size 51) and the tube geometry is simplified to a circular cross 

section. The front triangle tubes have a circular cross-section of 50 mm outer 

diameter and a wall thickness of 1 mm, the rear triangle tubes have a circular cross-

section of 20 mm outer diameter and a wall thickness of 1 mm as well. The tube 

intersections are modelled as rigid constraints. The tubes are meshed with 3-node 

quadratic beam elements (B32 element). Steel with a Young’s modulus of 210 GPa 
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and Poisson’s ratio of 0.3 is used for the frame material. Nonlinear geometry 

calculation is used because large displacements are expected. 

 

(a) 

 

(b) 

Fig. 2.3 Importance of support constraints with stiffness testing: (a) EN14781 

configuration with pedalling forces, (b) Finite Element model with Timoshenko beam 

elements. 

The bottom bracket displacement (the three translational components Ux, Uy and Uz) 

and the distribution of bending moment (both bending, Mx and My, and torsion Mz) 

along the frame tubes are compared for four different cases. The reference case has a 

rigid body constraint on the rear and front end support (Fig. 2.3b), the supporting 

mechanisms (hinge or ball joint) are unaffected. The second test case replaces the 

rigid body rear-end with a deformable one whereas the rigid body constraint at the 

front end remains. The rear end is replaced with a 20 mm diameter steel solid rod, 

which should be stiff enough, as advised by the EN14781. With the third test case, 

the front fork has 20 mm outer diameter circular cross-section tubes with a thickness 

of 1 mm (as such mimicking the geometry of a real front fork) whereas the rigid 

body constraint at the rear end remains. Alternatively, for the fourth test case, the 

front fork is replaced by two steel solid rods of 20 mm diameter and the rigid body 

constraint at the rear end remains. Table 2.1 lists the results for the bottom bracket 
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displacement for the different test cases. The displacement substitutes the stiffness 

because the force magnitude is equal for all cases; a large deflection corresponds 

with a low stiffness. 

Table 2.1 Effect of support constraints on bicycle frame stiffness 

Bottom bracket displacement [mm] 
Direction component 

Ux Uy Uz 

Test 

case 
Boundary condition configuration    

1 
Rigid body constraint at the rear and front 

end (reference) 
-0.16 -2.01 -0.05 

2 
Rigid body constraint front fork, deformable 

rear support (20 mm solid rod), 
-0.16 -2.55 -0.05 

3 
Deformable front fork (20 mm tubes, 1 mm 

thickness), rigid body constraint rear support 
-5.81 -2.89 -1.05 

4 
Deformable front fork (20 mm solid rods), 

rigid body constraint rear end 
-2.22 -2.32 -0.41 

The FE simulations show that a flexible rear or front fork support significantly 

changes the bottom bracket deflection. A flexible rear support leads to 27 % 

difference on the transversal Uy component, the in-plane bottom bracket deflection 

Ux and Uz are unaffected. A flexible front fork adds more flexibility than a flexible 

rear support does, especially the in-plane deflections Ux and Uz increase 

significantly. A stiffer replica of the front fork is beneficial, though all displacement 

components still deviate considerably from the reference case. Furthermore, if the 

bending moment along the tubes is assessed it is observed that mainly the front 

triangle tubes are affected when using the flexible front fork. A flexible rear support 

has minor consequences on the frame tubes loading in general. 

Previous analysis reveals the sensitivity of the implementation of support 

constraints on both the frame stiffness and stress variation in the tubes. As the 

EN14781 gives no strict regulations on how to design the test setup, it is expected 

that the fatigue life of one specific frame will vary depending on the test bench 

design. In analogy, as no standardization or guideline for stiffness testing is 

available, the deviation on frame stiffness values among the available test 

configurations will be significant as well. 

2.2.2 Proposal test bench design 

Based on existing torsion and bracket stiffness configurations, a test bench is built 

which can combine these relevant test configurations. The test setup is designed to 

mount the frame in different positions, to restrict motion in different directions and 

to apply the load with varying inclination angles. Based on the results from previous 

FE analysis, it is chosen to construct a very rigid base frame and to implement the 

support constraints in their easiest configuration. 
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The base frame, as shown in Fig. 2.4a, is made of steel beams with a square 

section of 80x80x8 mm
3
. The beams at the top part of the frame are welded, forming 

a rigid and closed construction; the four outriggers at the corners are bolted to the 

top part and are supported with adjusting feet for aligning purposes. A base plate at 

the bottom facilitates mounting the equipment for the stiffness tests. At the left hand 

side, a column is bolted onto the base construction, and the support system for 

aligning the head tube (Fig. 2.4b) is free to translate and to rotate along the column. 

This positioning system allows adjusting the position of the frame in case of 

different frame sizes and head tube angles. 

 

(a) 

 

(b) 

Fig. 2.4 Test bench design: (a) general overview, (b) detail of head-tube support for 

frame aligning. 

The head tube of the frame is aligned in the head tube support in analogy with 

assembling the front fork in the head tube. The load on the frame applies at the 

bottom bracket of the bicycle frame, either at the centre or at both sides of the frame 

(Fig. 2.5a), 150 mm separated from the centre of the bicycle frame as suggested by 

the EN14781. A 24 mm diameter solid steel shaft is positioned through the bottom 

bracket and an additional mounting bracket is used to align the force at the centre of 

the frame and to position the displacement sensors on (Fig. 2.5a). The force can also 

be applied at the centre of the rear-shaft (Fig. 2.5b). Restricting the lateral and 
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transversal motion at the rear is done with a ball set screw. This support system is 

shown in Fig. 2.5b and Fig. 2.5c. This support system constrains only one degree-of-

freedom and is, therefore, beneficial in reducing hysteresis and stick-slip effects. 

 

(a)  (b) 

 

(c) 

Fig. 2.5 Detailed view of support constraints: (a) mounting pieces for force actuator, (b) 

transversal rear dropout support, (c) lateral rear dropout support. 

The frame is loaded with pneumatic actuators which are controlled by pressure 

regulators. Air pressure regulators control the air flow to the pneumatic actuator and 

as such control the applied force in a closed loop configuration with National 

Instruments (NI) hardware. The force increases gradually from zero to maximum 

amplitude and vice-versa. The push and pull force applied by the pneumatic 

actuators is measured with ±5 kN or ±1 kN range force transducer with matching 

signal conditioner. The frame deflection is measured with ±5 mm range spring 

return linear variable differential transducers (LVDT). The analog input voltage 

from the force transducer (±10 V) and the displacement sensor (±10 V) are acquired 

with NI hardware. The stiffness value is the slope from the linear regression curve 

(based on the least squares method) fitted to the force-displacement data points from 

four consecutive loading and unloading cycles. Fig. 2.6 depicts pictures from the 

laboratory test setup, Fig. 2.6a shows how the bicycle frame is positioned in the test 

bench and Fig. 2.6b depicts the positioning of the LVDT to measure the bracket 

deflection. 
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(a) 

 

(b) 

Fig. 2.6 Test bench in laboratory: (a) global view with bicycle frame clamped at the 

head tube, (b) positioning of LVDT for measuring the bracket deflection. 

2.2.3 Sensitivity analysis on measuring the bicycle frame 

stiffness 

The purpose of this sensitivity analysis is to assess the influence on the bicycle 

frame stiffness of relevant measuring techniques observed in reported bracket and 

torsion stiffness configurations. This section discusses in detail whether or not 

external parameters influence the stiffness result. At first, the relative contribution of 

the test bench compliance is assessed. Next, the frame head tube assembly is 

implemented with different bearing types and preload torques. Finally, the influence 

of stick-slip and friction with a pulley mechanism is discussed. 

All tests in this section are assessed on a carbon reinforced composite racing 

bicycle from Eddy Merckx Cycles, EMX-1 size 51 from the production year 2012. 

The upper and lower head tube bearing (TH Industries) have 1-1/8 inch and 1-

1/4 inch outer diameter size respectively. The bottom bracket configuration is BB-

30, with a shaft diameter of 24 mm and a width of 86 mm. 
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2.2.3.a Test bench compliance 

Preceding the actual frame stiffness measurements, the compliance of the test bench 

should be assessed. This is necessary to estimate its relative influence on the bicycle 

frame stiffness. The relative contribution of the test rig is the worst through loading 

the frame in its stiffest configuration, namely applying an in-plane force Fz at the 

bottom bracket and clamping the head tube at the head tube support (Fig. 2.7 and 

Fig. 2.4b). 

 

Fig. 2.7 Measuring configuration for test bench compliance. 

The test bench compliance at three locations is given in Table 2.2, the first position 

is a measure for the column compliance (positioned 300 mm from the column base) 

with reference to the ground, position two and three are located at the head tube 

fixation part (Fig. 2.7) with the reference for position three at the vertical column. 

With these very small compliance values (magnitude 10
-5 

mm/N), the influence on 

the vertical bottom bracket stiffness is calculated to be less than 2 %. 

Table 2.2 Test bench compliance 

Measuring location and 

deflection component 

(Fig. 2.7) 

Test bench compliance (x 10
-5

) 

[mm/N] 

Ux (location 1) 0.85 

Ux’ (location 2) 1.58 

Ux’ (location 3) 2.07 

2.2.3.b Head tube bearing set: preload and bearing type 

The top part of the front fork is replaced with a 20 mm diameter solid steel shaft 

(Fig. 2.4b) and preloaded with an appropriate torque through the upper and lower 

head tube bearing. Two types of bearing sets have been chosen, the first is the 

original bearing set as delivered with the frame-front fork assembly whereas the 
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second bearing type is a steel replica from the original one. The latter is made of 

solid steel, without any ball bearings or sealings included. For the original bearing 

set, three preload magnitudes have been selected, namely 2 Nm (prescribed preload 

torque), 5 Nm and 10 Nm, the steel replica is tightened with a preload of 10 Nm. 

The measuring configuration depicted in Fig. 2.7 is selected for this sensitivity 

analysis; the load Fz is applied at the bottom bracket and the displacement is 

measured in the vertical direction at the bottom bracket. The stiffness results from 

five independent measurements are used to calculate the mean value and the 95 % 

confidence interval (CI) in Fig. 2.8. The stiffness increases with a higher preload 

torque, and the steel bearing set shows the highest stiffness value. The increased 

stiffness with the steel bearings is due to their very stiff behaviour compared with 

the normal bearing set which is prone to small deformations when loaded. It can be 

concluded that both the preload torque and bearing type have a significant 

contribution to the frame stiffness. When head tube rotation is not involved (cf. 

Fig. 2.7), it is advised to use the steel bearing set to minimise external influences. 

On the contrary, if head tube rotation is necessary for a specific test configuration, 

commercial ball bearings are necessary to eliminate increased friction at the head 

tube and hysteresis effects, as described in the following section. Nevertheless, 

testing with both normal bearings and their steel replicas reveals very useful 

information about the head-tube bearing influence on the frame stiffness.  

 

Fig. 2.8 Effect of head-tube bearing preload on frame stiffness. 

2.2.3.c Hysteresis: friction in pulley mechanism 

A pulley mechanism is often used to change the loading direction from the force 

actuator, as illustrated in Fig. 2.9a. The consequences when using a pulley 

mechanism are illustrated for the test configuration where a horizontal, out-of-plane 

load is applied on the bottom bracket, when the rear end is simply supported and the 

head tube is free to rotate around the z’-axis (Fig. 2.1). The horizontal load on the 

bracket is guided via a pulley mechanism. The applied load F2 (Fig. 2.9a) causes the 
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structure to deform in the direction U2, hence the pulley friction torque is pointed as 

T3. As a result, the measured force F1 is larger than the applied force on the test 

structure. Analogue reasoning is valid when unloading; U2 points in the opposite 

direction so that the reaction force F2 is larger than F1. This inevitably leads to 

hysteresis when plotting F1 versus U2. The solution is to measure F2, which is the 

real force applied on the frame, by applying a load cell in between the test structure 

and the pulley. 

Fig. 2.9b plots the loading and unloading force-displacement curve for both 

the actuator force F1 and the reaction force F2, respectively, in dashed and solid 

lines. The area enclosed by one curve is a measure of the amount of friction in the 

test configuration. The area between the loading and unloading part of the dashed 

curve is due to friction at the pulley. This is not observed when eliminating the 

friction from the pulley mechanism through measuring the reaction force F2 at the 

bicycle frame. The remaining area between the loading and unloading part of the 

solid curve is due to friction at the head tube bearings. The pulley mechanism adds a 

significant amount of friction, resulting in a large stiffness difference between 

loading and unloading. If only the loading cycle is considered, the stiffness value 

decreases by 11 % (from 61.4 N/mm to 55 N/mm) when using the correct measuring 

principle. The error is also expected when simply using dead masses to load the 

frame because the force resulting from the dead mass does not equal the force 

applied to the frame when a pulley mechanism is used.  

  



36   CHAPTER 2 

 

(a) 

 

(b) 

Fig. 2.9 Pulley mechanism for transversal stiffness configuration: (a) action and reaction 

forces, (b) force-displacement hysteresis with pulley mechanism. 

2.2.4 Proposal of a rating test method for multi-directional 

stiffness testing: selection of representative load cases 

and support constraints 

Several concerns about measuring the bicycle frame stiffness have been addressed in 

previous sections. The next step is to implement these requirements and 

recommendations when designing test configurations to assess the bicycle frame 

stiffness. This section selects several load cases to quantify the stiffness in the 

principal loading directions of the bicycle frame. This is referred to as a multi-

directional stiffness testing approach. 

At first it should be decided whether the bicycle frame will be tested with or 

without a front fork. Comparing both cases allows the bicycle designer to decide 

which part of the bicycle he should focus on for global stiffness optimization: the 

frame, the front fork or the bearing assembly connecting both. If experiments are 

used for experimental-numerical validation purposes some additional considerations 

should be made. As there might be discrepancy in applying support constraints with 

FE software and with experiments, it is of importance to use a relatively easy 

implementation of the support constraints for both cases. Consequently, clamped 
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support constraints are omitted in the experimental test configuration because this 

constraint type is not free of slipping contacts and hence possibly affects the global 

frame deflection. Constrained degrees-of-freedom will be realised with rolling 

contacts. If experimental-numerical validation is of interest, it is advised to model 

the support constraints as well (see sensitivity analysis in section 2.2.3.a). Although 

this work does not aim to validate stiffness experiments with numerical simulations, 

possible future work on this topic is not excluded. FE analysis has revealed that the 

front end implementation of the frame (Fig. 2.1) has a major contribution to the 

bottom bracket stiffness magnitude (Table 2.1). Therefore, it is decided to develop a 

test bench design where the frame is tested without a stiffer replica of the front fork. 

The frame is positioned in the test bench so that the head tube angle corresponds 

with the normal cycling situation, cf. Fig. 2.1. In analogy with the frame rotating 

around the front fork, the frame head tube should be able to rotate and prevented to 

move in the translational directions when mounted in the test bench. 

The load cases are based on the major loads acting at the bottom bracket, the 

head tube and the rear dropout. At each position, the load consists of individual 

torsion and translational force components. The selected test configurations simulate 

each load component separately, consequently giving information on the directional 

frame stiffness. Based on these arguments, three different test configurations have 

been selected. 

2.2.4.a Transversal bottom bracket stiffness 

This test configuration measures the frame’s resistance against transversal loading at 

the bottom bracket. Fig. 2.10 shows the side and top view of the bicycle frame with 

the applied support constraints and the loading and measuring position. Head tube 

translation is restricted but head tube rotation is allowed (Ux’, Uy’ and Uz’ = 0, 

Rz’ ≠ 0), the rear axis is supported preventing transversal translation (Uy = 0). The 

practical implementation of this boundary constraint is shown in Fig. 2.5.b. The load 

is applied at the centre of the bottom bracket shaft; the horizontal loading direction 

is realised using a pulley mechanism (Fig. 2.9a). The stiffness is represented as kij, 

with i the force direction and j the displacement direction. The transversal frame 

stiffness is defined as 𝑘𝑦𝑦 =
𝐹𝑦

𝑈𝑦
. The out-of-plane stiffness symmetry is checked 

through applying the load in both directions. Some frames have an asymmetric rear 

triangle geometry. Through loading the frame in two directions it is possible to 

check for stiffness differences at both sides. This is expected with an asymmetric 

geometry of the rear end of the bicycle frame (Fig. 2.1) or due to production errors 

(e.g. with fibre misalignment with fibre reinforced composite bicycle frames). 
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Fig. 2.10 Bi-directional transversal stiffness with transversal rear support 

(Uy=0). 

2.2.4.b Torsion stiffness 

The second test configuration is the torsion stiffness which measures the bottom 

bracket rotation Rx’ when a pure torque Tx’ is applied at the bottom bracket (𝑘𝑇 =
𝑇𝑥′

𝑅𝑥′
⁄ ), as shown in Fig. 2.11 (notice that the torque is aligned with the rotated 

coordinate system x’y’z’). This test is equivalent with applying a pure torque at the 

head tube and clamping the bottom bracket, mimicking the reaction force at the 

pedals necessary to counteract the steering torque. The force Fz’ at both sides of the 

frame is aligned with the head tube angle, this prevents rigid body rotation Rz’ which 

does not contribute to the torsion stiffness. Fig. 2.5a shows the practical realization 

to apply two forces at the bottom bracket. The bottom bracket rotation is measured 

through positioning a LVDT at the top surface on each side of the mounting bracket, 

cf. Fig. 2.5a. The frame is tested with and without lateral support at the rear axis; 

this frame support is implemented as shown in Fig. 2.5c. When not supported 

(Uz≠0), the torsion stiffness of the front triangle is measured. When supporting the 

rear axis (Uz=0), the contribution of the rear triangle to the torsion stiffness can be 

derived. 

 

Fig. 2.11 Torsion stiffness, with (Uz=0) and without (Uz≠0) lateral rear support. 
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2.2.4.c In-plane bottom bracket and rear dropout stiffness 

The third measuring configuration is the in-plane frame stiffness, depicted in 

Fig. 2.12. The frame is fixed at the head tube, preventing any in-plane motion and 

head tube rotation (Ux’, Uy’, Uz’ = 0 and Rz’ = 0). The bottom bracket load simulates 

the in-plane pedal force components; the rear dropout load simulates the reaction 

force of the bicycle frame when the rear wheel makes contact with the ground 

surface. The in-plane vertical bottom bracket stiffness equals 𝑘𝑧𝑧 =
𝐹𝑧

𝑈𝑧
, the in-plane 

horizontal bottom bracket stiffness equals 𝑘𝑥𝑥 =
𝐹𝑥

𝑈𝑥
. It is noted that when a load at 

the bottom bracket is applied in the z-direction, the frame deflects in the x- and z-

direction. Only the displacement in the z-direction is useful to calculate the vertical 

bottom bracket stiffness, the x-direction deflection could be considered as a cross-

axis stiffness 𝑘𝑧𝑥 =
𝐹𝑧

𝑈𝑥
. 

 

Fig. 2.12 In-plane vertical and horizontal bottom bracket and rear dropout stiffness. 

The vertical load is simply applied through positioning the pneumatic actuator 

vertically centred below the bottom bracket or the rear dropout (Fig. 2.5.a and 

Fig. 2.5.b). The alternative to apply a horizontal load is by loading the frame with an 

inclined load in-plane of the bicycle frame at an angle 휃 with the vertical direction. 

This requires minimal adjustments to the test bench. It is not necessary to attach 

additional mounting fixtures and pulley mechanisms to directly apply a horizontal 

load at the bottom bracket or rear dropouts. Moreover, it reduces the handling time 

of the operator to reconfigure the test bench. With the inclined load configuration, 

the operator only has to shift the pneumatic actuator at the right angle.  

To deduce the horizontal stiffness from the inclined loading configuration, 

the matrix in equation (2.1) should be considered. The force components [𝐹𝑖] 

contribute to the total deflection [𝑈𝑗] with their respective compliance coefficient 

𝛼𝑖𝑗 =
1

𝑘𝑖𝑗
, expressed in mm/N. 

[
𝑈𝑥

𝑈𝑧
] = [

𝛼𝑥𝑥 𝛼𝑧𝑥

𝛼𝑥𝑧 𝛼𝑧𝑧
] [

𝐹𝑥

𝐹𝑧
] (2.1) 
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2.2.5 Results and discussion 

Previous sensitivity analysis has led to a test bench design from which the external 

and unwanted influences on the bicycle frame stiffness measurement are quantified 

and minimised as much as possible. This design offers a multi-functional method for 

evaluating the frame stiffness in multiple directions. Drawing conclusions on frame 

stiffness measurements is only valid if the accuracy of the testing procedure is 

known. To include errors related to (i) positioning the frame in the test bench, (ii) 

aligning the pneumatic actuators and displacement sensors and (iii) the accuracy of 

the force and displacement sensors, it is chosen to dis- and re-assemble the frame 

and reposition the actuators and transducers for each of the five measurements. 

From this data set, the mean value and the 95 % confidence interval (CI) are 

calculated. The lower and upper limit of the 95 % CI are also expressed as the 

percentage deviation from the mean value. This procedure is repeated for all 

measuring configurations. A small CI value is necessary to detect small differences 

between frames mutually or between different test configurations. Table 2.3 gives an 

overview of the stiffness values from all previously discussed test configurations. 

  



BICYCLE FRAME ANALYSIS  41 

Table 2.3 Reliability of the stiffness result from different test configurations, given as the 

95 % confidence interval. 

Test configuration 
Stiffness 

component 

95 % CI for 

mean value 

[N/mm] or 

[Nm/degree] 

% limits 

 

Transversal 

bracket load 
𝑘𝑦𝑦 =

𝐹𝑦

𝑈𝑦

 (55.5 ; 57.8) 2.09 

 

Torsion load 𝑘𝑇𝑎 =
𝑇𝑥′

𝑅𝑥′

 (78.6 ; 81.4) 1.77 

 

Torsion load 

with lateral rear 

support 

𝑘𝑇𝑏 =
𝑇𝑥′

𝑅𝑥′

 (134 ; 138) 1.5 

 

In-plane vertical 

bottom bracket 

load 

𝑘𝑧𝑧 =
𝐹𝑧

𝑈𝑧

 (277.1 ; 281.3) 0.76 

𝑘𝑧𝑥 =
𝐹𝑧

𝑈𝑥

 (262.1 ; 266.9) 0.92 

 

In-plane 

horizontal 

bottom bracket 

load 

𝑘𝑥𝑥 =
𝐹𝑥

𝑈𝑥

 (152 ; 162) 3.2 

 

In-plane vertical 

rear dropout 

load 

𝑘𝑧𝑧 =
𝐹𝑧

𝑈𝑧

 (83.6 ; 84.0) 0.24 

𝑘𝑧𝑥 =
𝐹𝑧

𝑈𝑥

 (162.9 ; 165.4) 0.76 

 

In-plane 

horizontal rear 

dropout load 
𝑘𝑥𝑥 =

𝐹𝑥

𝑈𝑥

 (201 ; 225) 6.2 
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The transversal test configuration (Fig. 2.10) is straightforward to implement, it only 

includes one force and displacement measurement. Since the frame rotates around 

the head tube while loading, the transverse force direction does not remain 

orthogonally aligned with the frame as it was in the initial state. This effect is 

inevitable but can be neglected since the frame rotation is very small. The 95 % CI 

is given in Table 2.3, the upper and lower limit of the CI are within 2.09 % of the 

mean value. Loading the frame in the positive and negative y-directions has an equal 

stiffness magnitude. 

For the torsion stiffness configuration, it is observed that the rear triangle 

significantly contributes to the torsion stiffness (given in Table 2.3). The stiffness 

magnitude with and without lateral rear support is respectively 136 Nm/degree and 

80 Nm/degree. The accuracy is very good; the limits of the 95 % CI are within 

1.77 % and 1.5 % of the mean value for the test without and with lateral rear support 

respectively. The torsion stiffness magnitude is equal when the load is applied in 

clockwise or counter clockwise direction, as shown in Table 2.4. The latter finding 

is expected with a symmetric rear triangle, though it verifies the correct measuring 

and test procedure. 

Table 2.4 Torsion stiffness for clockwise and counter clockwise torque 

95 % CI for mean torsion stiffness 

[Nm/degree] 

Loading direction 

Clockwise 
Counter 

clockwise 

Test configuration   

Torsion stiffness (78.6 ; 81.4) (78.8 ; 81.6) 

Torsion stiffness with lateral rear support (134 ; 138) (133.3 ; 137.3) 

The results for the in-plane vertical bottom bracket and rear dropout frame stiffness 

are shown in Table 2.3. This test configuration shows the highest accuracy, which 

corresponds with the smallest 95 % CI limits from all tests. The vertical stiffness kzz 

at the bottom bracket is (277.1 ; 281.3) N/mm, the vertical stiffness kzz at the rear 

dropout is (83.6 ; 84.0) N/mm. 

The horizontal stiffness kxx is found from equation (2.1). The lower and upper 

limit 휀 of the 95 % confidence interval of the cross-axis stiffness 𝑘𝑧𝑥 ± 휀 are taken 

into account to calculate the 95% CI boundary limits of the horizontal stiffness 𝑘𝑥𝑥. 

Different inclination angles 휃, varying from 10 to 17 degrees, are selected to 

determine the horizontal stiffness. The pneumatic actuator was disassembled from 

the test rig for each inclination angle, also if the same angle is used on purpose. 

Table 2.5 and Table 2.6 show the horizontal stiffness 𝑘𝑥𝑥 for each inclination angle 

and calculated for the upper and lower CI limit of the cross axis stiffness kzx. The 

resulting confidence interval for the horizontal bottom bracket stiffness is 

(152 ; 162), and for the horizontal rear dropout stiffness it is (201 ; 225). The limits 

of the CI of 𝑘𝑥𝑥 are within 3.2 % of the mean stiffness vlaue for the horizontal 

bottom bracket stiffness and within 6.2 % for the horizontal rear dropout stiffness. 
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This relatively large CI interval on the mean value is due to the derivate character of 

the horizontal stiffness calculation, cf. equation (2.1). 

Table 2.5 In-plane horizontal bottom bracket stiffness kxx from an inclined load at the 

bottom bracket. 

In-plane horizontal 

bottom bracket 

stiffness kxx 

Inclination angle α [degree] 

10 11 11 13 14 14 16 17 17 

Cross-axis stiffness kzx          

199.2 N/mm 161 158 163 161 161 165 165 165 165 

203 N/mm 149 146 153 152 152 157 157 157 157 

 

Table 2.6 In-plane horizontal rear dropout stiffness kxx from an inclined load at the rear 

dropouts. 

In-plane horizontal bottom bracket 

stiffness kxx 

Inclination angle α [degree] 

10 10 12 13 14 17 

Cross-axis stiffness kzx       

127.6 N/mm 231 215 212 229 231 233 

129.6 N/mm 201 189 189 205 208 213 

2.2.6 Benchmark 

In the previous section, a total of seven test configurations are proposed to measure 

the bicycle frame stiffness. The use of this test bench is illustrated for one test 

parameter; the effect of the frame material on the frame stiffness is investigated. 

Ideally, the frame size as well as the tube dimensions are identical for different 

frames. With fibre reinforced composite frames, the pre-preg lay-up should be 

identic as well. However, this is not possible since the frames were delivered from 

different bicycle suppliers. The frames were available from the two partners 

Museeuw Bikes and Eddy Merckx Cycles. The MF1 and MF5 are flax-carbon fibre 

composite bicycles. The theoretical flax/carbon fibre ratio is 80/20 and 50/50 for the 

MF5 and MF1 respectively. The geometry and size of both frames and frame tubes 

is identical. For comparison, a 100 % carbon fibre reinforced bicycle is selected as 

well. This EMX525 frame is available from Eddy Merckx Cycles. The frame size is 

approximately the same as the flax-carbon fibre frames, but frame tube dimensions 

and overall geometry are different. An aluminium bicycle frame is also selected, this 

frame was a prototype from the Italian frame builder Billato, who worked with 

Museeuw Bikes during the IWT project. 

The carbon fibre reinforced bicycle frame is in all aspects the stiffest frame. 

The largest difference is noted for the torsion stiffness of the front triangle kTa. The 

difference between the MF1 and MF5 frame is relatively small, most stiffness values 

are quasi equal, except for the torsion stiffness of the whole bicycle frame kTb. The 

aluminium bicycle frame stiffness is equivalent with the MF1 and MF5 bicycle 
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frames, but the in-plane stiffness of the aluminium frame is generally lower than the 

composite bicycle frames. The strength of having a multi-directional frame stiffness 

test bench is also illustrated. For example, the vertical in-plane bottom bracket of the 

EMX525 bicycle frame is ≈50 % larger than the aluminium bicycle frame, but the 

torsion stiffness has increased wit 125 %. Hence, one cannot generally say the 

composite bicycle frame is twice as stiff as the aluminium bicycle frame. This 

finding leads to new opportunities in the bicycle design process. For example, the 

frame could be designed for maximum torsion stiffness, but with smaller in-plane 

stiffness. 

The ranking of these frames, based on the frame material, is not generally 

valid for other frames. Drawing conclusions based on the material is not satisfactory 

anyway; the stiffness is also influenced by the overall geometry, the tube 

dimensions, the fibre type and the composite lay-up. This supports the remark that 

these results cannot be generalized and each frame must be judged individually.  

Table 2.7 Frame stiffness values for a selection of bicycle frames with different frame 

material. 

 Test configuration 

Stiffness 

In-plane 

bottom bracket 

stiffness 

[N/mm] 

In-plane rear-

dropout stiffness 

[N/mm] 

Transversal 

stiffness 

[N/mm] 

Torsion 

stiffness 

[Nm/degree] 

 𝑘𝑧𝑧 𝑘𝑥𝑥 𝑘𝑧𝑧 𝑘𝑥𝑥 𝑘𝑦𝑦 𝑘𝑇𝑎 𝑘𝑇𝑏 

Frame        

MF5 216.5 155.6 62 226.1 45.9 74 155.5 

MF1 218.1 166 61.6 216.7 49.1 74.7 132 

EMX525 292 245 78 328 97 180 191 

Billato 200 130 53 222 53.6 80 158 

Many other applications are found for using this calibrated test bench. The results 

cannot be published due to confidentiality reasons with both partners from the IWT 

projects, though their general relevance is situated. 

Bicycle frames are produced in different frame sizes to fit the size of the 

customer. However, this will also affect the frame stiffness. Small frames are 

believed to be the stiffest, though this not generally valid. The production process of 

composite bicycle frames allows adding and removing material to fit the required 

stiffness. If desired, the size of the bicycle frame should be compensated with the 

material use for equal frame stiffness in the whole range of frame sizes. This is, 

however, not possible with metal alloy frames, the bicycle manufacturer must 

choose between a set of available tubes with varying thickness or cross section, if 

these are available of course. These minimum and maximum stiffness requirements 

could be verified with this type of test bench during the prototyping period. 



BICYCLE FRAME ANALYSIS  45 

The strength at frame failure could also be measured. By increasing the force, 

in the desired loading direction, the maximum force at failure and corresponding 

failure type is observed. This design requirement is at least as important as stiffness 

constraints. 

With composite bicycle frames, the designer has limited restrictions to frame 

geometry or complex shaping. The result is very often a nice geometry with nice 

features. On the other hand, local geometry modifications will also affect the 

mechanical performance of the bicycle frame. As previously observed with the 

effect of frame material, this will not necessarily raise or decrease all individual 

stiffness values but it will probably affect only one or two stiffness values. 

In analogy with freedom to operate from the designer’s point of view, the 

manufacturer has even more flexibility to determine the right composite fibre lay-up. 

Locally adding or removing material and changing the stacking sequence will 

influence the final stiffness result. This could also be verified by this test bench 

design, when high accuracy and repeatability is necessary. 

Accurate stiffness testing has potential if the product variation needs to be 

measured. The production process of composite bicycle frames involves manual 

labour; hence, any mistake will be reflected in the stiffness value. Nevertheless, this 

error can only be detected if the measuring error of the test configuration is smaller 

than the tolerated error. 

2.2.7 Extension to fatigue testing 

Stiffness testing and fatigue testing are two totally different aspects, as explained in 

section 2.2.1. Fatigue testing should reflect the in-situ loading of the bicycle frame 

to have a best representation of the durability of the bicycle. The definition of 

durability is dual; either it is the number of cyclist till failure or till reduced 

performance (e.g. stiffness below a minimum value). 

 Fatigue testing for racing bicycle frames is denoted in the European standard 

EN14781[8] and the test setup for pedalling forces is depicted in Fig. 2.3a. The 

bottom bracket is alternately loaded at the left and right hand side of the frame with 

a force of 1100 N. Alternatively, in-situ pedalling loading exists of both pushing and 

pulling at the left and right hand side, and vice versa, respectively.In the scope of 

simulating real-life loading in laboratory environment, this loading pattern is 

implemented to the fatigue test setup (Fig. 2.13). The front/rear force ratio is initially 

set to 3:1, though in a second stage this should reflect realistic loading based on 

pedal force measurements. Initial fatigue tests confirmed the correct functioning of 

the alternating force control. The bicycle was also instrumented with strain gauges 

and displacement sensors to study stiffness degradation and hot spot strain detection.  
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Fig. 2.13 Fatigue test setup with four pneumatic actuators for push and pull force, 

simulating in-situ pedalling load. 

2.2.8 Conclusion 

The main goal in section 2.2 was to draw attention to eliminating perturbing side 

effects that influence the stiffness measurement of the bicycle frame. Finite Element 

analysis revealed that using ‘very stiff’ support constraints to restrain certain 

degrees-of-freedom should be handled with the utmost caution. Using these non-

rigid support constraints affects the bicycle frame deflection significantly. 

Therefore, prior to stiffness testing, the contribution of the test rig compliance 

should be estimated. It is advised to limit its influence below 2 %. Hysteresis effects 

due to stick-slip and friction are avoided by omitting fixed support constraints and 

eliminating the friction force when using a pulley mechanism; errors up to 11 % are 

observed when this is not the case. It is recommended to use a rolling contact to 

constrain translation motion and to measure the force acting on the frame without 

other mechanisms between the force sensor and the bicycle frame. Another issue is 

the effect of the head tube bearing type and the preloading torque. The industrial 

bearings reduce the frame stiffness up to 19 % when compared with steel bearing 

replicas and the preloading load for the head tube bearings also affects the in-plane 

fraem stiffness. The overall accuracy of the test result is expressed as percentage 

deviation on the 95 % confidence interval and includes both the influence of the 

operator and the sensors. To detect small changes between results from different 

frames, a percentage value of 2 % or less is desired 

. The proposed selection of stiffness configurations is based on the major load 

components acting on the head tube, the bottom bracket and the rear-dropout. The 

well-known bracket and torsion stiffness are replaced with a specific classification 
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of the test configuration. The directional frame stiffness is as such assessed for 

individual load cases: (i) the in-plane vertical and horizontal stiffness of the bottom 

bracket and rear dropout, (ii) the transversal or out-of-plane stiffness of the bottom 

bracket and (iii) the torsion stiffness with or without the contribution of the rear 

triangle of the bicycle frame. As such detailed information is available for the 

bicycle manufacturer to modify the design and for the cyclist when comparing the 

stiffness characteristics of different frame types. 

For validation purposes with numerical models, it is required to consider the flexible 

boundary conditions from the test rig in the FE model. Also when industrial bearings 

are used for the stiffness test, these should be implemented as well in the FE model. 

When performing the stiffness test, it is the operator’s decision to test bicycle frames 

with or without industrial bearings for stiffness measurements. However, steel 

replicas from the industrial bearings are advised for mutual frame comparison since 

this avoids discussion about the differences among industrial bearings. When 

industrial bearings are used, it might be required to mention the bearing type and its 

specifications since the bearing stiffness might have an influence on the frame 

stiffness as well.  

2.3 VIBRATION AND DAMPING ANALYSIS 

The second main part in this chapter is related to the vibration and damping 

properties of bicycle frames. For this section, racing bicycle frames and frame tubes 

made from different materiasl are compared to each other. The vibration properties 

of frame tubes are considered separately, prior to drawing conclusions on the 

damping behaviour of different bicycle frames. The damping results from the frame 

tubes are useful when concluding whether or not the damping properties of the 

bicycle frame are related with the frame material. This section examines the 

vibration properties in free vibration with free boundary conditions. Testing in free 

boundary conditions means that the structure under test is not connected to the 

environment, thin nylon wires or elastic cords suspend the bicycle frame without 

influencing the free vibration properties. This test setup is depicted in Fig. 2.14, the 

white arrows point to the elastic cords.  
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Fig. 2.14 Bicycle frame with free boundary conditions: the frame is suspended with 

elastic cords. 

The vibration and damping properties of structural components will be discussed 

throughout part I for the bicycle frame, the front fork and the wheel. Therefore a 

short introduction is given to familiarize the reader with the measuring apparatus 

and basic aspects of vibration analysis in section 2.3.1 and section 2.3.2. Extensive 

mathematical formulations are avoided since this is beyon the scope in this work, as 

will be explained in the following sections. 

2.3.1 Practical and theoretical aspects with vibration testing 

The study of the dynamic characteristics of a mechanical structure (e.g. bicycle 

frames, front forks and bicycle wheels) is referred to as modal analysis. Modal 

analysis supports the design and understanding of structures which are used in 

dynamic environment. Modal analysis is a process whereby the structure is 

described in terms of its natural characteristics which are the frequency, damping 

and mode shapes. Experimental modal analysis involves three constituent phases: 

test preparation, frequency response measurements and modal parameter 

identification. 

 Test preparation involves selection of a structure’s support, type of excitation 

force(s), location(s) of excitation, hardware to measure force(s) and 

response(s); determination of a structural geometry model which consists of 

points to be measured; and identification of mechanisms which could lead to 

inaccurate measurement. 

 The practice of modal testing involves measuring the frequency response 

function (FRF) or impulse responses of a structure. The FRF is the relationship 

between the vibration response at one location and excitation at the same or 

another location as function of the excitation frequency. 
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 Mathematical algorithms are used to estimate the modal characteristics from 

measured data. This extraction process is called curve fitting and is done by 

computer software. The basic idea behind this algorithm is that the measured 

FRF is broken into many single degree-of-freedom (SDoF) systems, as 

illustrated in Fig. 2.15. 

As an example, the response of a bicycle frame is considered (Fig. 2.15). 

When the bicycle frame is hit by an external impulse force, it produces an acoustical 

response containing a limited number of pure tones. This can be heard when a metal 

bicycle frame is impacted with an impulse force. The associated vibration response 

has exactly the same pattern, and the bicycle frame seems to store the energy from 

the impact and dissipate it by vibrating at particular discrete frequencies. In the 

illustration, each column shows the response of the bicycle frame represented in 

different domains. In the physical domain, the complex geometrical deflection 

pattern of the bicycle frame can be represented by a set of simpler, independent 

deflection patterns, or mode shapes. In the time domain the vibration (or acoustic) 

response of the frame is shown as a time history, which can be represented by a set 

of decaying sinusoids. In the frequency domain, analysis of the time signal gives 

the spectrum containing a series of peaks, shown below as a set of SDoF response 

spectra. In the modal domain, the MDoF (multi degree of freedom) model of the 

bicycle frame is constructed from a set of SDoF models. Each SDoF model is 

associated with a frequency, a damping and a mode shape. 
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Fig. 2.15 Modal parameter estimation 

In this work, it is not aimed to set up a modal model of the bicycle frame (or any 

other bicycle component), but rather to investigate the presence of resonance 

frequencies, mode shapes and modal damping of the structure. Therefore, it is opted 

to use SDoF methods for modal parameter estimation from FRF data. Although 

MDoF methods show higher accuracy, in the scope of this work it will yield a minor 

contribution to the understanding of the vibration behaviour of the structure. SDoF 

modal analysis is based on the assumption that at the vicinity of a resonance, the 

FRF is dominated by the contribution of that vibration mode and the contributions of 

other vibration modes are negligible. If this assumption holds, then the FRF from an 

MDoF system or a real structure can be treated as the FRF from an SdoF system 

momentarily. The ‘peak-picking method’, also called the ‘half-power method’, is 

often selected for the modal parameter estimation. The downside is that this method 

is not capable of producing accurate modal data. This method relies on the peak FRF 

value, which is very difficult to measure accurately. Especially with modal damping 

estimation, this technique lacks accuracy soan alternative method is proposed in the 

next section 2.3.2. Resonance frequency and mode shape estimation on the other 

hand are less affected by this analysis uncertainty. 
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2.3.2 Important aspects when measuring modal damping of 

lightly damped samples 

Damping is a complex quantity because it is controlled by many parameters. A 

detailed analysis of damping quantities and techniques to measure damping is given 

in part III of this book. A test configuration is developed to measure modal damping 

from lightly damped specimens. Through eliminating all external damping sources, 

the measured damping value is almost completely attributed to the material. The 

method yields highly accurate and repeatable damping results. Consequently, this 

method is perfectly suited for ranking the damping capacity of different components 

relatively to each other. The most important aspects when estimating the material 

damping from modal damping measurements are listed below. The implementation 

of these recommendations is illustrated in Fig. 2.18, which depicts the test setup to 

measure the modal damping ratio of an aluminium frame tube. 

 The excitation and response measuring technique should be contactless. 

Preferably, a laser Doppler vibrometer (LDV) is used for the response 

measurement and a loudspeaker is used for the excitation. 

 The sample is suspended with thin nylon cords at the nodal points of the 

vibration mode shape. This eliminates added damping from the vibrating nylon 

cords.  

 The distance between the loudspeaker and the sample under test should be as 

large as possible to avoid damping from ‘air pumping’ between the sample and 

the loudspeaker. 

 The modal damping ratio is assessed from the free vibration decay at the 

resonance frequency of interest. Hence, a large number of data points is 

available to fit the modal damping ratio.  

 The scatter on the modal damping result is on average 100 times smaller than 

the mean modal damping ratio value. This proves the very accurate and 

repeatable measuring method. This variation is confirmed for tests at coupon 

samples or structural specimens (e.g. bicycle frames and front forks). 

In the scope of the damping analysis in this first part of the dissertation, it is not 

necessary to have a detailed overview of all internal dissipation material parameters. 

Nevertheless, it is more important to implement the correct test procedure when 

measuring damping. Thus, the modal damping ratio yields sufficient information for 

this study. The modal damping ratio 휁 is found from the exponential fit on the 

decaying vibration response at the resonance frequency of the sample. The 

exponential decay is expressed as: 

𝑥(𝑡) = 𝑋 𝑠𝑖𝑛(𝜔𝑑𝑡)𝑒−𝜔𝑛𝜁𝑡 (2.2) 

This decay is initiated by stopping the excitation once the sample is in steady-state 

vibration at the resonance frequency. This is illustrated in Fig. 2.16, which is the 
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result from a measurement on a bicycle frame tube (which will be discussed in the 

next section 2.3.3).  

 

(a) 

 

(b) 

Fig. 2.16 Free vibration exponential decay at the resonance frequency for modal 

damping ratio estimation: (a) response time signal with exponential fit, (b) detail of the 

harmonic vibration response. 

2.3.3 Bicycle frame tubes 

Prior to measuring the damping behaviour of bicycle frames, the modal damping of 

bicycle frame tubes is measured. The influence of the material is more pronounced 

when using tubes, rather than using frames. A bicycle frame is composed of several 

tubes and parts which are connected to each other. Within almost every composite 

bicycle frame design, adhesives are used to connect tubes to each other. It is 

expected that these adhesive connections contribute to the global damping of the 

bicycle frame. Hence, the damping is not solely related to the composite material. 

For this analysis, flax fibre reinforced composite material frame tubes were 

provided by Museeuw Bikes. Tubes with a different geometry and material were 

selected. Three different geometries (cf. notation A, B and C) and two fibre types 

(cf. notation flax and flax-carbon) were available. The flax tubes are manufactured 
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from unidirectional flax fibre pre-preg, the flax-carbon tubes are manufactured from 

woven hybrid flax-carbon pre-preg material. The lay-up scheme was not available, 

but it is assumed that the fibre orientation for the tubes with equal geometry and 

fibre type is the same. An aluminium tube (notation Daluminium) is also selected for 

comparison with the composite material tubes. A photograph of the tubes is depicted 

in Fig. 2.17. 

 

Fig. 2.17 Selection of frame tubes for damping measurements 

Prior to measuring the damping, the nodal points of the first mode shape are 

detected. Mode shape extraction is done through hammer impact excitation and 

acceleration response measurement. It is a quick method for exploring the vibration 

response of the structure since both the excitation and the response location can 

easily be altered throughout the test. At the resonance frequency, the FRF for a 

SDoF system appears to become purely imaginary. When the peak (due to a 

resonance) at the imaginary part from the FRF is positive, then excitation and 

response move in phase. In the other case, when a negative peak is seen, excitation 

and response move out of phase. The nodes of the vibration mode are found by trial-

and-error. When impact takes place at two adjacent points on a structure, and both 

have a different sign for the imaginary part from the FRF (of course at the same 

resonance frequency), then a node is between both points. This node is found by 

trial-and-error impacting between these points. When no peak is visible at that 

specific frequency value, the node point is found. 

The first mode shape of the tubes is a bending mode, with two nodal points. 

These two points are the suspension points for the nylon cords. The test setup for the 

damping measurement is depicted in Fig. 2.18. The tube is positioned in front of the 

loudspeaker and the laser beam from the LDV points at one free end of the tube, 

which is the point of maximum deflection. A typical result of the exponential 

vibration decay at the resonance frequency, measured with the LDV, is illustrated in 

Fig. 2.16. 
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Fig. 2.18 Test configuration for damping measurement in free vibration with free 

boundary conditions. The tube is suspended with nylon cords (which are not visible) in 

front of the loudspeaker. 

Table 2.8 shows the results for the first resonance frequency and corresponding 

modal damping ratio. The length of the individual tubes in each category is 

approximately equal, though the mass shows a large scatter and also the resonance 

frequency shows a relatively large variation. Variations up to 10 % or more on the 

mass and the resonance frequency are observed in categories A, B and C. This is 

probably due to the manual production of the different tubes. Possible misalignment 

of the pre-preg laminae will contribute to the variation in resonance frequencies. The 

variation on the modal damping ratio is larger for the flax-based tubes (Aflax and 

Cflax) than the flax-carbon based tubes (Bflax-carbon and Cflax-carbon). Next, the tubes with 

identical geometry but with different fibre material are compared, cf. category Cflax 

and Cflax-carbon. The mass of the flax-carbon tubes is typically lower, but this is not 

reflected in the resonance frequency values. The resonance frequencies for the flax 

and flax-carbon based tubes are approximately equal, taking into account the 

relatively large scatter on the results. This means that the bending stiffness tends to 

be slightly larger for the flax based tubes than the flax-carbon based tubes. Although 

the overall dimensions of both tubes are identical, this shows that using the hybrid 

flax-carbon material does not necessarily adds stiffness. The bending stiffness 

depends on the stacking sequence of the laminae and the mechanical properties of 

the individual materials.Aclear trend is observed for the modal damping ratio, which 

has a much larger magnitude for the flax based tubes than the flax-carbon based 

tubes. This observation is also pronounced when comparing category Aflax with 

category Bflax-carbon, even though both tubes have totally different dimensions. This 

leads to the conclusion that the flax-fibre based composite tubes add more damping 

than the flax-carbon fibre based tubes. When comparing with the aluminium tube, 

the modal damping ratio of aluminium is much lower than the composite material 

tubes. At this stage, one cannot conclude that a higher or lower damping value is 

attributed to the fibre type (flax or hybrid flax-carbon). The damping stems from 

many parameters: the fibre type, matrix material, the fibre-matrix adhesion, the fibre 

volume fraction and the fibre orientation. 
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Table 2.8 Vibration and damping results from composite frame tubes. 

Tube 
Length 

[mm] 

Mass 

[g] 

Resonance 

frequency [Hz] 

Modal damping 

ratio 휁 (∙ 10−5) [/] 

Aflax 

1 684 230.0 556.2 192.9 

2 681 255.3 502.2 334.4 

3 684 233.4 503.9 403.7 

4 683 235.3 524.3 217.5 

Bflax-carbon 

1 675 208.0 547.5 131.8 

2 679 186.4 581.5 131.5 

3 674 211.7 551.4 135.1 

Cflax 

1 537 144.8 832.6 262.0 

2 537 178.3 795.9 365.6 

3 535 154.8 877.4 326.9 

Cflax-carbon 

1 540 126.7 834.3 122.6 

2 537 138.8 809.9 121.4 

3 539 140.7 831.9 115.6 

Daluminium  

1 562 229.9 598 5 

2.3.4 Bicycle frames 

This section investigates if the ranking of the damping properties from the tubes are 

still reflected when using these for assembling a bicycle frame. Four bicycle frames 

are selected. 

 The MF1 and MF5 bicycle frame from Museeuw Bikes. The MF1 bicycle, 

with 50 % flax and 50 % carbon, is closest related with the flax-carbon fibre 

tubes (cf. section 2.3.3). The MF5 bicycle frame (20 % carbon and 80 % flax) 

corresponds best with the flax fibre tubes (cf. section 2.3.3). The geometry of 

the MF1 and MF5 bicycle frame is identical, information about the fibre 

stacking sequence was not available.  
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 The EMX525 bicycle from Eddy Merckx cycles is selected as the full carbon 

fibre composite bicycle frame.  

 Also one aluminium frame is selected; cf. the Billato frame from the frame 

stiffness test in section 2.2.6.  

The test procedure for measuring the mode shapes, the resonance frequencies and 

the modal damping ratios is in analogy with the description in section 2.3.3. The 

first and second mode shape of the MF1 bicycle frame is depicted in Fig. 2.19. Both 

modes look similar, the difference is noticed at the rear triangle of the bicycle frame. 

The free ends move in phase for the first mode shape, and move out-of-phase for the 

second mode shape. The other bicycle frames showed similar mode shape 

deformation. 

 

(a) 

 

(b) 

Fig. 2.19 Mode shape estimation from the MF1 bicycle frame. (a) first mode shape, (b) 

second mode shape. 

The modal parameters for the first and second mode shape are listed in Table 2.9. 

The flax-fibre based bicycle frames have the largest modal damping ratio and the 

aluminium bicycle frame clearly has the lowest damping. There is a big discrepancy 

between the metal and composite frame material, which is in analogy with the 

results from the tests on the tube samples in Table 2.8. The difference between the 

full carbon fibre and flax fibre composite frames is less distinct, with quasi equal 

damping ratio for the MF5 and EMX525 for the first mode shape. Remarkably is the 

larger damping capacity for the MF1 frame, which has a lower flax fibre volume 

fraction than the MF5 frame. This is opposite to the conclusion from the damping 

analysis with the frame tubes in section 2.3.3, where the flax fibre based tube shows 

better damping properties than the hybrid flax-carbon fibre composite tube. This 

finding supports the hypothesis that the damping capacity of the composite bicycle 

frame also has other sources than the frame material itself.  
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Table 2.9 Modal parameters from racing bicycle frames with different frame material. 

Frame 
Mass 

[g] 

Resonance frequency 

[Hz] 

Modal damping ratio 

(∙ 10−5) [/] 

Mode 1 Mode 2 Mode 1 Mode 2 

MF1 1291 114.4 130.3 248.3 249.9 

MF5 1292.5 95.3 110.8 206.5 230.2 

EMX525 1215 112.2 157.4 207 202 

Billato  1401.5 100.1 113.3 32 25.8 

2.4 CONCLUSION 

This chapter presented two important aspects in characterizing the mechanical 

performance of racing bicycle frames. The bicycle frame stiffness and the vibration 

and damping properties of bicycle frames were discussed in detail. Relevant findings 

and conclusions are listed in the next paragraphs. 

Commonly used bracket and torsion stiffness test configurations have been 

approached from a scientific point of view. Several relevant points were noted in 

section 2.2, as listed below. 

 The test bench compliance should be quasi zero because this deflection 

contributes to the deflection of the bicycle frame when measuring relative to 

the ground. This effect is pronounced with stiffer bicycle frames, e.g. when 

testing high stiffness carbon fibre composite bicycle frames. 

 The support constraints should minimise hysteresis and stick slip effects. 

Hence, it is preferred to use rolling or ball joint contact conditions instead of 

fixed constraints. 

 The force and the deflection should be measured as close as possible to the 

bicycle frame fixation point. Any mechanism which introduces friction force, 

e.g. pulley mechanisms, will perturb the ‘apparent stiffness’ of the bicycle 

frame when not implementing the correct measuring method. 

 Minimal deformation of the industrial head tube bearings causes additional 

bicycle frame deflection. This is verified through comparing with steel replicas, 

which yield higher bicycle frame stiffness values. 

These pieces of advice are considered when proposing a multi-directional stiffness 

measuring method. It comprises seven different stiffness values which distinguish 

between loading direction and support conditions. This test bench is useful for 

prototype testing, quality control purpose, investigation of local geometry 

modifications and material reinforcements, etc. 

The vibration analysis was limited to the modal parameter estimation in free 

vibration with free boundary conditions. Most attention is paid to the modal 

damping ratio of bicycle frames and frame tubes with a different frame material. The 

test configuration to measure modal damping is developed to minimise external 
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damping contributions. External damping factors are related with the response 

measuring sensor, the excitation method, the specimen suspension and air damping. 

These influences are eliminated or minimised, such that the modal damping ratio is 

due to the capacity of the material to dissipate structural vibrations. It is observed 

that the tubes and frames of composite material have a much larger damping 

capacity than the aluminium samples. This is not observed when comparing flax 

fibre and flax-carbon fibre reinforced composite tubes and frames. Whereas with 

tubes, a distinct difference is measured for the different composite materials, this is 

not observed when comparing bicycle frames with the different fibre 

reinforcements. The hypothesis is that the bicycle frame damping is not only related 

to the material but also with other dissipation mechanisms, e.g. adhesive 

connections.  
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Chapter 3.  

FRONT FORK ANALYSIS 

3.1 SCOPE 

Another important structural component of the racing bicycle is the front fork. Both 

the stiffness and the vibration and damping behaviour of the front fork will be 

investigated. The front fork shows less geometrical complexity than the bicycle 

frame, but the need for a detailed study of the mechanical performance is just as 

important. 

The recommendations on stiffness measurements for bicycle frames (cf. 

section 2.2) are applied to the design of the test bench for front fork stiffness as well. 

Particular attention is given to the influence of in-situ boundary conditions on the 

front fork stiffness. In-situ boundary conditions are applied through assembling the 

front fork with two head tube bearings and through positioning the front fork at the 

same head tube angle as it is positioned in the bicycle frame. The load is applied at 

the free end of the front fork. The effect of the head-tube bearing spacing on the 

front fork stiffness is analysed. 

Whereas the vibration and damping analysis on bicycle frames (cf. 

section 2.3) was limited to free vibration tests with free boundary conditions, the 

damping measurements on front forks are extended with additional test 

configurations. 

 The importance of in-situ boundary conditions instead of free boundary 

conditions will be discussed. 

 The input vibration to the front fork is imposed by an impact hammer and 

by a dynamic shaker excitation. The modal damping ratio from both 

excitation methods will be compared to each other. 

The front fork damping is quantified by the energy dissipation from 

hysteresis loops in a large frequency range. This test configuration shows 

several advantages. First, this configuration is close to the front fork 

excitation when riding on a rough surface causing vertical and horizontal 

excitations on the front fork axis. Second, the energy dissipation of the 

system is determined over the whole frequency range of interest. This is not 

possible with the modal damping ratio which is only assessed at the 

resonance frequency.  
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Third, it is an absolute damping measure instead of ratio metric value in 

case of the modal damping ratio. Hence, the analysis is not solely limited to 

linear viscoelastic damping but any type of energy dissipation mechanism 

can be quantified. 

This test matrix covers a wide range of test and analysis methods to assess the 

vibration damping of a front fork. This is tested against a selection of front forks: (i) 

one full carbon composite front fork, (ii) three carbon fibre composite front forks 

with added damping treatment, (iii) one hybrid flax-carbon fibre composite front 

fork and (iv) one steel front fork. The damping properties of both composite and 

metal material front forks will be evaluated.  

3.2 FRONT FORK STIFFNESS CHARACTERIZATION 

3.2.1 Design requirements 

The design requirements are inspired by the ASTM standard for ‘standard test 

methods for bicycle forks’ [1]. This standard is intended for safety concerns, rather 

than for measuring stiffness values. However, it is a good starting point, but a more 

scientific design approach is preferred. Other research papers are related to finite 

element design of front forks [2, 3] or fatigue and impact behaviour of carbon fibre 

composite bicycle forks [4]. None of these research papers aims to look for the 

sensitivity of their results to the applied load and boundary conditions. For this 

reason, a detailed study on stiffness measurements of front forks is suggested in this 

section. 

The loads on the front fork are due to road excitations, braking and cornering 

during cycling. The loads transferred from the handlebar to the front fork are not 

considered here. The road excitations on the wheel excite the front fork in the 

vertical and horizontal direction; i.e. the x- and z-direction (Fig. 3.1a). When 

braking, the force at the wheel axis is the sum of the applied braking force and the 

friction force (Fig. 3.1b and Fig. 3.1c, for rim and disk brakes). In case of cornering, 

a lateral friction force is situated at the tyre-road contact. The wheel shaft is 

subjected to a transversal force and a torque (Fig. 3.1d). The contribution of the 

torque compared with the transversal force to the front fork deformation is 

considered to be negligible. Therefore, only the transversal force component is 

considered in the test bench design. In total, three orthogonal force components are 

present at the wheel axis: the longitudinal, lateral and transversal force component in 

the x-, y- and z-direction, respectively. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 3.1 Load on the front fork from real world excitation: (a) road excitation, (b) 

braking force at rim, (c) braking force at disk, (d) cornering. 

3.2.2 Proposal test bench design 

With the test bench, it should be possible to apply three orthogonal force 

components at the front fork and the fork should be positioned in the test bench as it 

is assembled in the bicycle frame. Thus, the front fork is suspended with the same 

head tube bearing configuration and it is tilted at an angle of 18 degrees with the z-

direction. With this configuration, the applied load on the front fork is in analogy 

with the loading conditions from in-situ excitations (cf. Fig. 3.1). The distance 

between the head tube bearings should be adjustable as well. Since different bicycle 

sizes and geometries have different head tube spacing, it is desirable to investigate 

the spacing influence on the front fork stiffness.  

In analogy with the test bench design for the frame stiffness, the first 

requirement is to construct the test bench with oversized steel profiles for reducing 

the test bench compliance and specific attention should be paid to the clamping parts 

at the head tube bearings. When pulley mechanisms are used to apply a load on the 

front fork, the force on the front fork should be measured with a load cell. The 

displacement of the front fork is measured with contact making displacement 

transducers (LVDT). Fig. 3.2 depicts the final concept. 
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Fig. 3.2 Test bench for front fork stiffness testing. 

The fork is mounted with its original bearings in two solid blocks representing the 

bicycle frame. The position of these blocks can be adjusted for simulating different 

head tube bearing spacing. The clamping system was designed to allow user-friendly 

mounting. In contrast to the standard clamping system, the top of the fork tube does 

not have to be cut off. If required, it is possible to inhibit the rotation of the front 

fork. 

 

Fig. 3.3 Head tube bearing assembly at test bench. 

.Static loads are applied by adding several masses which are connected to the fork 

by a steel cable which is guided by the pulleys. Fig. 3.4 shows the different test 

setups. With each force component corresponds a different guiding mechanism of 

the steel cable on the pulleys.  
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(a) 

 

(b) 

 

(c) 

Fig. 3.4 Guiding mechanism with cable, pulleys and mass: (a) vertical load, (b) 

horizontal load, (c) transversal load. 

The applied load is measured with a 1 kN static load cell, which is mounted as 

closely as possible to the front fork axle. The front fork displacement at the axle is 

measured with three displacement sensors for capturing the displacement in the 

three orthogonal directions (Fig. 3.5). All signals are acquired with NI data 

acquisition hardware and corresponding LabVIEW software. The stiffness is found 

from the slope of the linear regression curve in the force-displacement diagram. 

 

Fig. 3.5 Position of force and displacement sensor. 

3.2.3 Proof of concept 

Two carbon fibre reinforced composite front forks are selected for the stiffness 

measurements. The front forks are available from Eddy Merckx Cycles. Fig. 3.6 

depicts the force-displacement curve of the EMX525 front fork when a vertical load 

is applied. The transversal deflection is approximately zero, indicating a good 

alignment of the front fork. The EMX-7 front fork is on average 75 % stiffer than 

the EMX-525 front fork, as listed in Table 3.1 and Table 3.2. It is also clear that the 

stiffness in the vertical direction is much higher than in horizontal direction and the 

transversal stiffness has the lowest magnitude.  
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Fig. 3.6 Force displacement curve of the EMX525 front fork for a vertical loading 

direction. 

Table 3.1 Stiffness for the EMX-525 front fork. 

Stiffness [N/mm] 
Measuring direction 

Horizontal Vertical Transversal 

Loading direction    

Horizontal 83.1 161.3 / 

Vertical 164.9 297.7 / 

Transversal / / 29.7 

Table 3.2 Stiffness for the EMX-7 front fork. 

Stiffness [N/mm] 
Measuring direction 

Horizontal Vertical Transversal 

Loading direction    

Horizontal 154.7 287.0 / 

Vertical 297.7 472.3 / 

Transversal / / 52.0 

Next, the influence of the bearing spacing on the front fork stiffness is examined 

This is done in a (simplified) analytical and experimental approach. First, a 

simplified model is created to estimate this effect. The assembly of the front fork 

and the two bearings can be simplified to a beam fixed on two hinges, as shown in 

Fig. 3.7. The bearings are replaced by hinges because these allow small angle 

deviations, cf. a pinned boundary conditions. This model also assumes that the area 

of moment of inertia I and the Young’s modulus E is constant throughout the length 

of the beam. For a real fork, this is definitely not the case but since only the 

influence of the bearing spacing is investigated, this simplified model is acceptable. 

In reality, the support constraint by the bearing will be between a pinned and 
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clamped boundary condition. The applied force is F, the distance between both 

bearings is l1 and the distance between the bearing on the right hand side and the end 

of the beam is l2. The beam deflection at the free end of the beam is written as 

function of l1 and l2, yielding equation (3.1). 

 

 

Fig. 3.7 Simplified model of the front fork supported with two bearings. 

𝑢(𝑙1 + 𝑙2) =
𝐹𝑙2

2(𝑙1 + 𝑙2)

3𝐸𝐼
 (3.1) 

This expression proves that the displacement increases (cf. stiffness decreasing) by 

enlarging the bearing spacing l1 while l2 remains constant. The bottom figure in 

Fig. 3.7 depicts the deflection shape, indicating that the beam is flexing between 

both supports. This deflection will increase with larger bearing spacing, leading to 

larger deflections at the free end of the beam where the force is applied. 

This analytical conclusion is now verified through experiments. The EMX-6 

front fork is selected for this analysis. The front fork is assembled with three 

different head tube bearing configurations. Table 3.3 clearly indicates that increasing 

the bearing spacing reduces the front fork stiffness. This corresponds to the 

analytical approach. Increasing the bearing spacing from 90 mm to 150 mm, results 

in a stiffness reduction of 18 %. Increasing it further to 210 mm, results in a total 

reduction in stiffness of 28 %. When designing for optimal stiffness, there is a limit 

to the minimum bearing spacing. A lower spacing corresponds with higher reaction 

forces on the frame, and possible frame damage. This means that an optimal bearing 

spacing exists for the front fork stiffness. 
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Table 3.3 Influence of head tube bearing spacing on the vertical and horizontal stiffness 

of the EMX-6 front fork with load applied in the horizontal direction. 

Stiffness [N/mm] 
Measuring direction 

Horizontal Vertical 

Bearing spacing [mm]   

90 163.0 373.6 

150 139.1 296.4 

210 119.3 266.0 

3.3 VIBRATION AND DAMPING ANALYSIS 

The analysis of the vibration and damping behaviour of the bicycle front fork is 

analogous with the bicycle frame study in section 2.3. However, it was already 

argued that the free vibration analysis with free boundary conditions does not 

represent the in-situ vibration behaviour of the bicycle frame.  

To have a better understanding of the damping contribution of front forks, it 

is suggested to analyse different test configurations in detail. Attention must be paid 

to the excitation method, the response measuring method and the boundary 

conditions when measuring damping. When the front fork is assembled to the 

bicycle (equipped with wheels and other components), the measured response is not 

solely due to the front fork but it is a property of the whole system. Therefore, it is 

advised to analyse the front fork separately and to mimic the in-situ boundary 

conditions in laboratory environment. This test methodology is applied in the 

following paragraphs of this section. The relative importance of different features 

will be analysed in detail. First, the damping behaviour with free boundary 

conditions is discussed. The modal damping ratio of the first and second mode shape 

is measured. Secondly, the modal damping is measured with in-situ conditions. This 

means that the front fork is assembled with head-tube bearings; the test bench for 

stiffness analysis is used for this test configuration. The aim of this analysis is to 

assess the added damping of the bearings, when compared with the damping from 

the free boundary conditions. At last, the front fork is excited with a harmonic force 

over a wide frequency range. The area of the force-displacement hysteresis curve, 

representing the energy dissipation in the system, is used for relative comparison 

between different front forks.  

This test approach is benchmarked for six different front forks. Four carbon 

fibre reinforced composite front forks have identical geometry and fibre lay-up but 

have a different added damping treatment. Another front fork is made of hybrid flax-

carbon fibre reinforced composite material and the last front fork type is made of 

steel. Table 3.4 lists the specific properties of the six front forks. 
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Table 3.4 Description of front forks used for vibration and damping analysis. 

Front fork Mass [g] Description  

A 341.7 Carbon fibre composite 

B 342.3 
Identical geometry and lay-up as A, though one carbon 

fibre layer is replaced by flax fibre 

C 342.6 
Identical geometry and lay-up as A, though one layer 

of rubber nanoparticles is added 

D 342.2 
Identical geometry and lay-up as A, though four layers 

of rubber nanoparticles are added 

E 374.0 
Hybrid flax-carbon fibre composite, different geometry 

than A 

F 776.1 Cr-Mo steel alloy, different geometry than A and E 

3.3.1 Free vibration analysis with free boundary conditions 

In this analysis, the modal parameters of the front forks are estimated. Therefore, the 

front fork is freely suspended, without restricting boundary conditions. Mode shape 

estimation is necessary to locate the nodal points of the vibration mode, the 

configuration in Fig. 3.8a is used. The front fork is suspended at two elastic cords, 

the response is measured with an accelerometer and the excitation is done by means 

of an impact hammer. For estimating the modal damping ratio, the front fork is 

suspended at the nodal points and is positioned between the loudspeaker and the 

laser beam generator from the LDV (Fig. 3.8b). The test procedure is in analogy 

with the description in section 2.3.2.  

 

(a) 

 

(b) 

Fig. 3.8 Free boundary conditions for measuring the modal parameters of a front fork. 

(a) Configuration for mode shape estimation, (b) configuration for modal damping ratio 

estimation. 
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The first two mode shapes of the front fork with free boundary conditions are 

depicted in Fig. 3.9. With the first mode shape, the modal shape is similar to the 

vibration of a tuning fork. With the second mode shape, both the ‘legs’ and the tube 

of the front fork vibrate. The front fork can be suspended at the nodal point on the 

steering tube of the second mode shape, which is a nodal point of the first mode 

shape as well. The front fork is excited at the first or second resonance frequency, 

the modal damping ratio is found from the decaying velocity response measured at 

the free end of one front fork leg.  

 

(a) 

 

(b) 

Fig. 3.9 Mode shapes of the front fork with free boundary conditions. (a) First mode 

shape, (b) second mode shape. 

The modal parameters are listed in Fig. 3.10. Without doubt, the damping ratios of 

the steel front fork are an order of magnitude lower than the composite front forks. 

This conclusion is similar with the result from the modal damping result of the 

aluminium bicycle frame in section 2.3.4. The resonance frequency of front fork D 

is remarkably lower than the one of front fork A, B and C. Hence, adding more 

layers of rubber nanofibers is reflected in the resonance frequency. Front fork F has 

the lowest resonance frequency; this could be due to the larger mass (cf. Table 3.4) 

or lower transversal stiffness. The trend of the modal damping ratio for the 

composite front forks is equal for the first and second vibration mode. The hybrid 

flax-carbon composite (fork E) has the highest damping value and the carbon 

composite front fork with one layer of rubber nanoparticles (fork C) has the lowest 

damping. Adding four layers of rubber nanoparticles enhances the damping capacity 

of the material; front fork D has the highest damping ratio when comparing with the 

reference front forks A, B and C. 
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(a) 

 

(b) 

Fig. 3.10 Modal parameter estimation from different front forks with free boundary 

conditions for the first (light coloured bar) and second (dark coloured bar) mode shape: 

(a) resonance frequency, (b) modal damping ratio. 

3.3.2 Free vibration analysis with in-situ boundary conditions 

In this test configuration, the front fork is assembled with two head tube bearings, in 

analogy with the test configuration described in section 3.2.2 for front fork stiffness 

testing. This assembly is similar to the in-situ conditions of the front fork when 

positioned in the head tube of the bicycle frame. The front fork axis is, however, not 

mounted, which is required for comparison with damping measurement from free 

boundary conditions where the front fork axis is not mounted either (cf. 

section 3.3.1). Consequently, it is possible to assess the contribution of the head tube 

bearings to the total measured damping. In this configuration, it is not required to 

find the nodal points of the mode shapes because the front fork is constrained at the 

head tube bearings. The test procedure to find the modal damping ratio is analogous 

to the methodology described in section 3.3.1. The test setup is visualised in 

Fig. 3.11. The loudspeaker excites the front fork in the transversal direction and the 

vibration response of the front fork is measured with the laser Doppler vibrometer.  

 

Fig. 3.11 Test setup for free vibration analysis with in-situ boundary conditions. 
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The influence of mounting the front fork in the test rig is assessed by re-assembling 

the test configuration ten times. Front fork D is used for this analysis (Table 3.4). 

The decaying response at the first resonance frequency has the same accuracy as the 

response depicted in Fig. 2.16. The result from 10 independent measurements is 

depicted as the mean with the 95 % confidence interval (CI), as shown in Fig. 3.12 

for the resonance frequency and the modal damping ratio. 

 

(a) 

 

(b) 

Fig. 3.12 Mean value with 95 % confidence interval from ten independent measurements 

for free vibration analysis with in-situ boundary conditions: (a) resonance frequency, (b) 

modal damping ratio. 

The results for the resonance frequency and the modal damping ratio from the 

different front forks (as listed in Table 3.4) are depicted in Fig. 3.13a and Fig. 3.13b 

respectively. Front forks D and F have a lower resonance frequency than the other 

front forks. This was already observed with the free boundary conditions 

(section 3.3.1); where the resonance frequency of front fork D and F was 

significantly lower than the resonance frequencies from the other front forks. In-situ 

boundary conditions have limited effect on the resonance frequency of the first 

vibration mode of the front fork. The modal damping for the different front forks is 

approximately equal when considering the expected scatter on the results (cf. 

Fig. 3.12b), except front fork C seems to have a higher value. 

The first resonance frequency of the front forks reduces on average 15 % 

compared with the free boundary conditions and the modal damping ratio has almost 

tripled with the in-situ boundary conditions. Hence, the head tube bearings 

significantly influence the dynamic properties of the front fork. Most prominent is 

the added damping from the head tube bearings. Moreover, the relative difference 

between the different front forks has vanished. The result for the steel front fork is 

remarkable. The modal damping ratio at in-situ boundary conditions is at the same 

level from the composite front forks whereas in free boundary conditions the 

damping capacity of the steel front fork was negligible compared with the composite 

front forks. 
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(a) 

 

(b) 

Fig. 3.13 Results from acoustic excitation and with in-situ boundary conditions for the 

different front fork types (cf. Table 3.4). (a) resonance frequency (b) modal damping 

ratio. 

3.3.3 Forced vibration analysis with in-situ boundary 

conditions 

The previous sections focussed on the damping properties of different front forks, 

and the relative contribution of the head tube bearings to the total system damping. 

The test configuration in this section is different; the goal is to mimic road 

excitations on the front fork. Hence, an axis is mounted in the dropouts of the front 

fork and only vertical and horizontal excitations are enforced on the front fork. The 

transverse vibration of the front fork is not considered here. The front fork is excited 

with an impact hammer or an electrodynamic shaker. The shaker excitation in the 

vertical direction is set up by grounding the shaker on the test rig with vibration 

isolation in between (Fig. 3.14a). The excitation in the horizontal direction is 

managed through freely suspending the shaker, as depicted in Fig. 3.14b. The 

excitation force is measured with the IEPE force sensor and the vibration response is 

measured with the laser Doppler vibrometer. Both excitation methods are used to 

assess the modal damping ratio at the first resonance frequency of the front fork. 

With the shaker excitation, it is also possible to measure force-displacement 

hysteresis loops. The area enclosed by the hysteresis loop is a measure for the 

energy dissipation of the front fork assembly. 

Prior to comparing the vibration and damping characteristics of the different 

front forks, a detailed sensitivity study is proposed. This study examines possible 

flaws in analysing and measuring the vibration data with each test configuration. 

Moreover, a confidence interval is calculated that considers the influence of 

assembling the whole test setup. 
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(a) 

 

(b) 

Fig. 3.14 Shaker excitation of the front fork: (a) vertical direction, (b) horizontal 

direction. 

3.3.3.a Sensitivity analysis on modal parameter estimation from hammer impact 

and shaker excitation 

The resonance frequency and the modal damping ratio are derived from calculating 

the transfer function of the output signal to the input signal, cf. the velocity response 

and the force excitation. The transfer function is also called a frequency response 

function (FRF). The resonance frequency corresponds with a peak amplitude in the 

frequency spectrum of the transfer function, the modal damping ratio is estimated 

with the half-power bandwidth technique at the resonance frequency.  

The decaying response time, due to the hammer impact, takes approximately 

1 second (depending on the magnitude of the force impulse). The transfer function is 

calculated for a window length of 1 second, 2 seconds and 3 seconds, corresponding 

with a frequency resolution of 1 Hz, 0.5 Hz and 0.33 Hz consecutively.  Fig. 3.15 

depicts the mean with 95 % CIrepresentation of the damping ratio from 20 

consecutive horizontal hammer impact excitations on the front fork axis. The best 

result is obtained with a window length of 2 seconds; this result is assumed to be a 

suitable value. Cutting of the response after 1 second adds artificial damping and the 

scatter on the results is relatively large. A window length of 3 seconds leads again to 

a larger scatter; the mean value is however not largely affected. This is because 

increasing the window length only adds noise to the frequency spectrum which 

could lead to misinterpretation of the vibration response. Possible other 
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imperfections are inherent to this excitation method, e.g. the hammer impact 

direction which is not equally horizontally aligned for every impact. 

 

Fig. 3.15 Horizontal excitation hammer impact testing, modal damping ratio as 

function of frequency resolution 

For the modal damping ratio estimation from shaker excitation, a frequency sweep 

excitation with discrete steps of 0.2 Hz is selected. Hence, each harmonic frequency 

is held during 5 seconds. A constant peak-to-peak displacement amplitude of 

0.1 mm over the whole frequency range is applied to the front fork axis. The FRF 

for one test is given in Fig. 3.16, the modal damping ratio is 0.0076. 

 

Fig. 3.16 FRF from horizontal shaker excitation 

The influence of setting up the whole test configuration is estimated by re-

assembling the front fork ten times. An average value for the resonance frequency 

and the modal damping from these ten assemblies is calculated and listed in 

Table 3.5. These results are also graphically depicted in Fig. 3.17. The bars plot the 

mean value with the 95 % confidence interval from the ten independent 

measurements. Some observations can be made: 

 The resonance frequency from shaker excitation is lower than that from 

hammer impact testing. The stinger attachment and the added mass from the 
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force sensor change the dynamics of the front fork and will eventually affect 

the resonance frequencies. 

 The modal damping ratio estimated from shaker testing is significantly higher 

than from hammer impact testing. The connection pieces required for shaker 

testing add a significant amount of friction damping, whereas with hammer 

impact testing no external damping is added.  

 The resonance frequency is higher when exciting in the horizontal direction 

than exciting in the vertical direction, for both shaker and hammer impact 

testing. The relative difference between the horizontal and vertical excitation 

direction is larger for the shaker. In the vertical shaker setup (Fig. 3.14a), the 

reaction force is transmitted to the test bench, which could be a reason for the 

resonance frequency discrepancy. 

 The modal damping ratio from shaker excitation in the horizontal and vertical 

direction is identical, which is not true anymore for the hammer impact testing. 

Again, the shaker fixtures dominate the damping measurement, which 

eliminates the sensitivity of the damping result to the excitation direction in 

case of hammer impact testing for this test configuration. 

 The scatter on the resonance frequency is less than with the modal damping 

ratio. This is expected since damping is highly influenced by external factors. 

Although the utmost caution is put on re-assembling the front fork each time in 

the same manner, it affects the damping remarkably. 

Table 3.5 First resonance frequency and modal damping ratio of front fork  

B from different forced excitation techniques 

Test configuration 
Resonance frequency 

[Hz]  

Modal damping ratio 

[/] 

Vertical excitation direction 

Hammer impact 115 0.0061 

Shaker 92.3 0.0083 

Horizontal excitation direction 

Hammer impact 118 0.0045 

Shaker 104 0.0082 
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(a) 

 

(b) 

Fig. 3.17 Modal parameter estimation from different excitation techniques, mean value 

with 95 % confidence interval. i: vertical shaker excitation, ii: horizontal shaker 

excitation, iii: vertical hammer impact excitation, iv: horizontal hammer impact 

excitation: (a) resonance frequency, (b) modal damping ratio. 

3.3.3.b Sensitivity analysis on hysteresis loop measurements 

The second part of the sensitivity analysis examines the technique for measuring the 

energy dissipation from hysteresis loops. This loop originates when plotting the 

force versus the displacement in a harmonic loading cycle. This damping measure is 

an absolute value for the energy dissipation of the front fork assembly whereas the 

modal damping ratio is a percentage value of the critical damping in a viscous 

damped system. The harmonic excitation is imposed by the shaker. Hysteresis loops 

are determined in the frequency range from 10 Hz till the first resonance frequency 

in steps of 2 Hz. The peak-to-peak amplitude is 0.3 mm. In the low frequency range 

(< 30 Hz), some problems arose with the vertical shaker configuration. Since the 

reaction force is imposed on the test rig, the resonance frequencies from the test rig 

are excited. This disturbs the front fork response significantly. Therefore, this test 

setup is omitted and only the horizontal shaker is used (Fig. 3.14b). Moreover, the 

vertical stiffness is approximately three times larger than the horizontal stiffness 

which leads to higher reaction forces in the vertical shaker setup. 

When the harmonic frequency is approaching the resonance frequency, the 

slope of the force-displacement curve is decreased, cf. Fig. 3.18(a) and Fig. 3.18(b) 

for 46 Hz and 92 Hz excitation frequencies respectively. The area of the loop is a 

measure for the dissipated energy in the front fork. Fig. 3.19 depicts the energy 

dissipation as function of the excitation frequency. The energy dissipation is 

approximately constant with frequency. The scatter on the energy dissipation from 

ten independent measurements is depicted in Fig. 3.19. The energy dissipation is in 

the range between 0.000 2 J and 0.000 4 J. The peaks in Fig. 3.19 are due to the 

phase distortion, which is verified by plotting the phase from the FRF (Fig. 3.20). 

One out of ten independent measurements significantly deviates from the others, the 

curve is situated above the other curves and some large peaks are observed as well. 

The reason for this is probably due to improper alignment of the shaker or the front 

fork. 
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(a) 

 

(b) 

Fig. 3.18 Force-displacement hysteresis loop from horizontal shaker excitation: (a) 

f = 46 Hz, (b) f = 96 Hz. 

 

 

Fig. 3.19 Energy dissipation from force-displacement hysteresis loop as function of 

frequency. 

 

 

Fig. 3.20 Force-displacement phase frequency response function as function of 

frequency, mean and 95 % confidence interval from 10 independent measurements 
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3.3.3.c Results 

The vibration properties from the set of front forks (listed in Table 3.4) are now 

compared to each other using the different measuring and analysis configurations. 

Due to difficulties experienced with the vertical shaker excitation method, only the 

horizontal shaker and hammer impact excitation is considered. The resonance 

frequency from the shaker and hammer impact excitation is given in Fig. 3.21. Both 

excitation methods have the same trend, with the highest resonance frequencies for 

the hammer impact excitation method. The steel fork has the lowest resonance 

frequency and the resonance frequency from the composite front forks is 

approximately the same. The trend for the modal damping ratio is not equal for the 

shaker and hammer impact excitation method (cf. Fig. 3.22). Front fork D deviates 

in the observed trend. The modal damping ratio is always larger for the shaker 

excitation than for the hammer impact excitation, which indicates that the shaker 

configuration adds external damping to the system. Hence, the damping from the 

hammer impact excitation is assumed as the best estimation for the system damping. 

The damping from the steel front fork (F) does not differ a lot from the composite 

front forks, despite the excitation method. This confirms the observation in 

section 3.3.2, with the free vibration analysis with in-situ boundary conditions. The 

energy dissipation, calculated from the hysteresis loops, is depicted in Fig. 3.23. It 

can be stated that the energy dissipation is equal for all the front forks. The average 

energy dissipation value is 3 ∙ 10−4 J per cycle. For example, this corresponds with a 

power dissipation of 0.024 W at 80 Hz. 

 

(a) 

 

(b) 

Fig. 3.21 Resonance frequency estimation for different front forks (cf. Table 3.4). (a) 

shaker excitation, (b) hammer impact excitation. 
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(a) 

 

(b) 

Fig. 3.22 Modal damping ratio estimation for different front forks (cf. Table 3.4). (a) 

shaker excitation, (b) hammer impact excitation. 

 

 

Fig. 3.23 Energy dissipation as function of frequency for different front forks. 

3.4 CONCLUSION 

The first part of this chapter focussed on the front fork stiffness. The influence of the 

head tube bearing spacing on the front fork stiffness is investigated. The result is 

surprising; a larger bearing spacing reduces the stiffness up to 30 %. This is because 

the head tube bearing deformation allows small rotations such that the front fork 

tube between the head tube bearings can deform. This deformation increases with 

larger bearing spacing, resulting in a lower front fork stiffness. The influence of the 

bearing type (bearing stiffness and size) is not investigated, though it is expected 

that this might affect the front fork stiffness as well. 

In the second part of this chapter, different damping measuring techniques 

and test configurations are compared to each other. This analysis continues the 

damping tests from the bicycle frame, where only the free vibration with free 

boundary conditions is considered. This investigation also formulates an answer to 

the effect of boundary conditions when extrapolating the material damping 

properties of the front fork to the total damping capacity of the bicycle in the 

bicycle-cyclist assembly. First, the influence of the head tube bearing assembly is 

investigated. The head tube bearings drastically affect the resonance frequency and 
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the modal damping ratio. When the front fork is positioned in the test rig with head 

tube bearings (Fig. 3.11), the resonance frequency decreases with approximately 

20 % and the modal damping ratio increases by approximately 250 % compared 

with the free boundary conditions. Consequently, the damping from the head tube 

bearing assembly dominates the material damping from the front fork. For example, 

although the steel front fork has the poorest damping in the free boundary conditions 

configuration, the damping reaches the same level as the composite front forks when 

positioned in the bearing configuration. 

Another configuration is set up to mimic in-situ loading. The front fork is 

positioned in the test bench with the bearing assembly, a front fork axle is mounted 

and a forced vibration is applied in the horizontal direction. The force is either a 

harmonic excitation or a hammer impact excitation. The modal damping ratio result 

is significantly higher from shaker testing and a larger variation on the result with 

this excitation method is seen as well. Alternatively to the modal damping ratio, the 

energy dissipation is measured from harmonic force excitation. These results are 

ambiguous. Although it is possible to observe a possible trend for the modal 

damping ratio results, this trend vanishes when the energy dissipation as function of 

the frequency is analysed. All front forks, with the steel and composite material, 

have almost equal energy dissipation. 

Still, the question remains which test and analysis method is best suited to 

characterize the damping of the front fork. Without any doubt, the front fork must be 

assembled using in-situ boundary conditions: the head tube bearings should be part 

of the test configuration. Next, it is observed that the modal damping ratio from 

hammer impact testing is the best indication for the system damping. However, only 

one damping value at the resonance frequency is measured. A possible solution is 

through measuring the energy dissipation from harmonic excitation. The downside, 

however, is the added damping from the shaker configuration. When considering 

these pros and cons, it is preferred to measure the energy dissipation from shaker 

testing since this excitation method also corresponds best with the in-situ excitation 

at the front fork axis. 
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Chapter 4.  

WHEEL ANALYSIS 

4.1 SCOPE 

The static and dynamic properties of the bicycle are not determined by the front fork 

and the frame solely. The wheel will also contribute significantly to the riding 

characteristics of the bicycle. The assembly of the rim and tyre is considered instead 

of the rim individually. Petrone et al. [1] concluded that the tyre stiffness was able to 

mask the rim differences: high differences in radial rim stiffness do not correspond 

with great variations of the radial wheel stiffness. Moreover, it is the tyre which 

makes physical contact with the road, thus transferring the road contact forces to the 

rim instead of applying these contact forces to the rim directly. 

In analogy with the bicycle frame and front fork characterization, the 

stiffness and the damping properties of the wheel will be analysed. The wheel-road 

contact is subject to loads from road excitation, braking and cornering, as previously 

illustrated in Fig. 3.1. Consequently, both in-plane (cf. the x-z plane in Fig. 1.1) and 

transversal loads (cf. the y-direction in Fig. 1.1) apply to the wheel. In-plane loading 

is most relevant for evaluating bicycle dynamics from road excitation and 

transversal loading is most relevant for cornering and bicycle stability. Both topics 

will be discussed in Part II, though with the largest contribution on bicycle dynamics 

for comfort evaluation. The chapter on bicycle stability will focus on bicycle 

geometry and not on the wheel-road interaction due to cornering. Therefore, the 

wheel analysis in this chapter only considers radial loading. The radial wheel 

stiffness is determined from static lading and the wheel damping is assessed from 

hysteresis loops excited with the electrodynamic shaker. This is in analogy with the 

test procedure in section 3.3.3.c applied to front forks. This method is preferred over 

the modal damping ratio because the energy dissipation in a broad frequency range 

is measured. 

4.2 STIFFNESS ANALYSIS 

The test configuration for the static radial wheel stiffness is as follows. The wheel is 

positioned in the tensile test machine, as depicted in Fig. 4.1, where the compliance 

of the tensile test machine is assumed to be negligible compared with the wheel 

compliance. The wheel is supported at the wheel axis and the pressure plate is 

connected to the load cell. The moving part of the tensile machine is displacement 

controlled; hence, a force-displacement diagram is measured.  
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The selected front wheel is from Fulcrum Racing, the tyre type is Schwalbe Lugano 

23 mm and is inflated to a pressure of 7 bar. The wheel has an aluminium rim and 

has ten spokes at each wheel side. 

 

Fig. 4.1 Experimental configuration for wheel stiffness 

The force-displacement curve is depicted in Fig. 4.2. The force-displacement curve 

is not linear but approaches a quadratic function. The stiffness is found from 

piecewise linear curve fitting with segments lengths of 0.2 mm. Fig. 4.3 depicts the 

stiffness as function of the tyre indention.  This yields that the stiffness increases 

with the tyre indention from 45 N/mm to 140 N/mm. This stiffness range is similar 

to other static wheel tests in literature [1, 2]. The curves also show the stiffness 

variation with the loading position on the wheel circumference. If the wheel is 

loaded between two spokes, or on a spoke just next to it, the stiffness as function of 

the wheel deflection is identical (cf. the solid and dashed line in Fig. 4.3). If the 

wheel is rotated 90 degrees, the initial stiffness is lower but tends to approach the 

same wheel stiffness at elevated tyre deflection, cf. the dotted line in Fig. 4.3. This 

can be due to different preloading of the spokes. 

The wheel stiffness will affect the total vertical stiffness of the front end 

assembly of the bicycle. This is explained with a simple example. When an adult 

person of 80 kg is seated on a racing bicycle and a front rear weight distribution of 

30/70 % is considered, then the static load on the front fork axis is 240 N. This 

corresponds with a wheel indention of 2.4 mm and a stiffness of 133 N/mm 

(Fig. 4.3). This is approximately one third of the vertical stiffness of a front fork 

assembled with head tube bearings, as listed in Table 3.1 and Table 3.2. 

Consequently, increasing the vertical front fork stiffness only has a marginal effect 

on the total vertical stiffness of the front fork – wheel assembly. The total vertical 

stiffness is calculated with equation (4.1), which is equivalent with the total spring 

stiffness of two springs in series configuration. Equation (4.1) is illustrated in 

Fig. 4.4, the reference wheel stiffness and front fork stiffness is 133 N/mm and 

300 N/mm respectively. The wheel stiffness is held constant and the front fork 
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stiffness is increased up to three times the reference stiffness. For example, doubling 

the front fork stiffness raises the total vertical stiffness with 18 %. 

𝑘𝑡 =
𝑘𝑤ℎ𝑒𝑒𝑙 ∙ 𝑘𝑓𝑜𝑟𝑘

𝑘𝑤ℎ𝑒𝑒𝑙 + 𝑘𝑓𝑜𝑟𝑘

 (4.1) 

 

 

Fig. 4.2 Force-displacement diagram of the wheel with 7 bar tyre pressure. 

 

 

 

Fig. 4.3 Stiffness curve of the wheel with 7 bar tyre pressure 
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Fig. 4.4 Relative change of total vertical stiffness of front assembly with increasing 

front fork stiffness and constant wheel stiffness. 

4.3 VIBRATION AND DAMPING ANALYSIS 

Wheel damping is considered as the energy dissipation in a complete force-

displacement cycle when the wheel is loaded with a harmonic force. Wheel damping 

has many sources; it originates from (i) the viscoelastic behaviour of the rubber tyre, 

(ii) the cushioning of the air inside the tyre, (iii) the material damping of the rim and 

the spokes and finally (iv) the bearing friction and other friction mechanisms. It is 

assumed that the main contribution is from the viscoelastic behaviour of the rubber 

tyre. The dynamic wheel behaviour has previously been discussed in literature by 

Petrone [1] and Lépine [2]. Whereas these studies focus on comparing different 

wheel sets, this section aims to examine the viscoelastic behaviour of the wheel and 

how this eventually affects the analysis of the dynamic data. The dynamic behaviour 

is characterized by the dynamic stiffness, hysteresis loops and energy dissipation. 

The wheel is positioned in the same wheel supports as with the stiffness test. 

Next, the electrodynamic shaker is positioned at the bottom of the wheel and the 

applied load and velocity is measured. The test setup is illustrated in Fig. 4.5. 

 

Fig. 4.5 Test configuration for measuring the energy dissipation of a wheel from 

harmonic loading with an electrodynamic shaker. 
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A frequency sweep with discrete frequencies from 6 Hz till 80 Hz in steps of 2 Hz, 

with a peak-to-peak displacement amplitude of 0.15 mm, is applied. To maintain 

contact, the tyre must be preloaded. When the tyre touches the shaker armature, the 

wheel is positioned 0.5 mm downwards. But, this is not the tyre deflection because 

the armature of the shaker has a theoretical spring constant of 12.3 N/mm. With an 

estimated wheel stiffness of 60 N/mm, the tyre deflection is 0.085 mm.  

The force-displacement curves for different excitation frequencies are 

depicted in Fig. 4.6. Below 20 Hz, the shaker has difficulties to control the peak-to-

peak displacement amplitude. At higher frequencies (> 40 Hz), the shaker is able to 

control the target displacement. This can be due to the limited accuracy of the 

acceleration amplitude in the closed loop control system of the shaker. The 

combination of a low frequency and very small displacement amplitudes gives 

acceleration levels barely exceeding the noise level of the accelerometer. The quasi 

static excitation at 6 Hz (Fig. 4.6a) has a non-symmetric displacement amplitude, the 

tyre stiffness varies from 45 N/mm to 65 N/mm. This dynamic behaviour is 

observed till a frequency of 20 Hz (Fig. 4.6b). From 40 Hz till 60 Hz (cf. Fig. 4.6c 

and Fig. 4.6d), the positive and negative displacement amplitude is quasi symmetric, 

though the displacement curve is not linear and the force signal appears to be non-

symmetric. The different rising and falling slope of the displacement curve depicts 

the strain-rate dependent behaviour of the tyre. This effect is most pronounced at 

40 Hz. From 60 Hz till 80 Hz (Fig. 4.6e), the displacement signal is symmetric and 

linear but the force signal is non-symmetric. 

The force-displacement hysteresis loops corresponding with the frequencies 

from Fig. 4.6 are plotted in Fig. 4.7. The shape is not elliptical due to the non-linear 

behaviour. The loop approaches an elliptic shape at the frequency of 80 Hz 

(Fig. 4.7e), this corresponds with the approximately linear behaviour observed in 

Fig. 4.6e. The hysteresis loop at 40 Hz deviates most (Fig. 4.7c) since a section of 

the loop is in counter clockwise direction. This is considered as a transition 

phenomenon between 20 Hz and 60 Hz. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

Fig. 4.6 Force-displacement graphs for harmonic wheel loading with different excitation 

frequencies: (a) 6 Hz, (b) 20 Hz, (c) 40 Hz, (d) 60 Hz, (e) 80 Hz. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

Fig. 4.7 Force-displacement graphs for harmonic wheel loading with different excitation 

frequencies: (a) 6 Hz, (b) 20 Hz, (c) 40 Hz, (d) 60 Hz, (e) 80 Hz. 

The energy dissipation as function of the frequency is depicted in Fig. 4.8. When 

comparing with the energy dissipation from the front fork (Fig. 3.23), the magnitude 

level is approximately equal. This is contrary to expectations that the energy 

dissipation is assumed to be higher for rubber materials than for metal or composite 

materials. This relatively low magnitude, on average 1.4 ∙ 10−4 J per cycle, could be 

attributed to the relatively low tyre indention in this test. Loading the wheel with 

larger displacement amplitudes should certainly lead to realistic energy dissipation 

values. This is illustrated with the following experiment. The tyre is inflated to a 

pressure of 4 bar and is harmonically loaded with a frequency of 5 Hz, 6 Hz and 

7 Hz and 2 mm peak-to-peak displacement amplitude. The energy dissipation from 
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the force-displacement hysteresis loop is 0.09 J, 0.11 J and 0.13 J for the consecutive 

excitation frequencies (Fig. 4.9). This corresponds with a power dissipation of 

0.45 W, 0.66 W and 0.91 W. This experiment is a single event because of the shaker 

force limitations. Nonetheless, applying higher (realistic) strain rate deformations 

proves the high damping capacity of the rubber tyre. 

 

Fig. 4.8 Energy dissipation as function of frequency from harmonic wheel loading 

 

 

Fig. 4.9 Hysteresis loop from harmonic wheel excitation with large tyre deflection and 

4 bar tyre pressure 
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front fork, indicating the strong viscoelastic behaviour of the rubber tyre. The energy 

dissipation level from the force-displacement hysteresis loops is in the same range as 

measured with the front forks for low deflection amplitudes. This is against the 

expectations that rubber damps more than most other materials, e.g. composite 

materials. However, for large deflection amplitudes (±1 mm) and a lower tyre 

pressure (4 bar), the energy dissipation increases to 0.45 W at 5 Hz. 

These observations have some implications for the vibration and damping 

analysis of the whole bicycle (with cyclist), as will be discussed in part II. By 

definition, resonance frequencies are only valid for linear time-invariant systems. 

This requirement is only limitedly valid during cycling, when a cyclist is positioned 

on the bicycle. First, the weight distribution affects the tyre indention at the front 

and rear wheel which yields changing tyre stiffness (cf. Fig. 4.3). Second, the radial 

wheel stiffness varies constantly because the contact surface of the wheel 

circumference with the ground changes continuously. Consequently, the structural 

stiffness is time-variant and non-linear (cf. Fig. 4.6). This might perturb the precise 

value of the resonance frequencies during an in-situ field test or even with a 

stationary test in laboratory environment. 
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Chapter 5.  

BICYCLE VIBRATIONS: FROM 

FIELD TO LABORATORY 

TESTING 

5.1 SCOPE 

The vibration response of the bicycle (with cyclist) is related with the properties of 

the individual components, their relative interaction with each other and the 

interaction with the road surface. These aspects influence the riding performance 

and the riding comfort. Therefore, it is necessary to analyse the structural response 

of the bicycle (with cyclist) to eventually modify the design for better riding 

characteristics. Prior to analysing the response of the bicycle, it is necessary to select 

a test configuration to excite the bicycle-rider assembly. The first step to analyse the 

dynamic response of the bicycle (with cyclist), is to select a test configuration with a 

suitable excitation method. Several test procedures are available such as shaker tests 

and impact tests executed on full scale bicycles, tests on specially designed 

apparatus such as rollers and bump tests and finally outdoor field tests. This chapter 

highlights and compares the capacity of all mentioned test procedures to analyse the 

dynamic response of a bicycle. User-friendliness and efficiency of each method is 

clarified. 

Therefore, the goal in this chapter is dual: (i) measure the vibration response 

of the bicycle at in-situ test conditions and (ii) select an appropriate laboratory 

excitation technique to analyse the structural response of the bicycle in a laboratory 

environment. The term ‘appropriate’ needs more clarification because the excitation 

type depends on the purpose of the test. Shaker test configurations are useful for 

simulating custom excitation profiles, e.g. road profiles, but the test setup is 

generally more complicated. Alternatively to shaker testing, impulse excitation 

methods are frequently used for analysing the structural response, without any (or 

minimal) link to road roughness excitation. The impulse technique should be able to 

excite the system with a minimum frequency range, depending on the application. 

Impulse test setups are typically easier to implement, which is beneficial compared 

to shaker testing where professional apparatus is required.  
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Section 5.2 analyses the vibration response of the bicycle from in-situ tests at 

different pavement types, varying from large cobblestones to an asphalted surface. It 

is explained how to separate excitation conditions from actual structural properties. 

The acquired spectral data is the input information for section 5.3, where a suitable 

impulse or shaker excitation method is selected to analyse the vibration response of 

bicycles. 

The conclusion (section 5.4) formulates general guidelines when selecting an 

excitation method for tests in a laboratory environment, depending on the purpose of 

the test and available apparatus. 

5.2 SPECTRAL COMPOSITION OF VIBRATION SPECTRA 

FROM FIELD TESTING 

The main goal of the field tests is to gain understanding whether it is possible to find 

the origin of peaks in the response spectra and whether it is possible to separate the 

road profile excitations from the resonance frequencies of the bicycle. The response 

spectrum from field testing is presented in a power spectral density spectrum (PSD), 

which is a measure for visualising the spectral content of random non-periodic 

signals. The PSD has abscise units as function of time or as function of space. The 

former is expressed in cycles/s or s
-1

 or Hz and is referred to as the cyclic frequency, 

the latter is expressed in cycles/m or m
-1

 and is referred to as the spatial frequency. 

The ordinate units are V²/Hz and m³cycli
-1 

for the time and space abscise 

respectively. Both are related to each other by the cycling speed. Hence, a peak in 

the spatial PSD is a road spectral component if the value does not change for 

different cycling speeds. And vice versa, a peak in the cyclic PSD is a resonance 

frequency if its value is unaffected by the cycling speed. 

Four different road profiles are selected for the field tests: small cobble 

stones with equal and non-equal periodicity, large cobble stones and fairly smooth 

asphalt. These surfaces are depicted in Fig. 5.1, a ruler of 200 mm indicates the 

profile periodicity. Four different speed levels are selected: 10, 20, 30 and 40 km/h, 

except for the large cobble stones where it was not possible to maintain 40 km/h. For 

each cycling speed is the track length 400 m, such that an identic track segment is 

evaluated for each cycling speed. The bicycle is instrumented with two 

accelerometers at the front and rear wheel axis (Fig. 5.2b) and the cyclist carries the 

data acquisition hardware in a backpack, as depicted in Fig. 5.2a. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 5.1 Selected road profiles for field tests with 200 mm ruler: (a) small cobble stones 

with equal periodicity, (b) small cobblestones with non-equal periodicity, (c) large 

cobble stones, (d) asphalt. 
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(a) 

 

(b) 

Fig. 5.2 In-situ field test setup: (a) with cyclist carrying the backpack with data 

acquisition hardware, (b) accelerometers measuring the horizontal and vertical 

acceleration at the rear and front wheel axis. 

5.2.1 Small cobblestones with equal periodicity 

The results in this section correspond with the field tests on the pavement with small 

cobblestones which are equally spaced, as visualized in Fig. 5.1a. Fig. 5.3 depicts 

the spatial frequencies measured at the rear wheel axis in the vertical direction. Four 

spatial frequencies are observed, the fundamental frequency at 3.8 m
-1

 and the 

harmonics at 7.6 m
-1

, 11.2 m
-1

, 14.9 m
-1

 and 22.5 m
-1

.The road excitation frequencies 

are observed in the horizontal and vertical acceleration direction at the front and rear 

wheel axis, as listed in the third column of Table 5.2. The spatial frequency of 

7.6  m
-1

 is equal to the length of the small cobble stones (cf. Fig. 5.1), where one unit 

has a length of 130 mm or 7.7 segments each meter. With each spatial frequency and 

cycling speed corresponds a cyclic frequency, which is listed in Table 5.1. The 

values in the table are limited to 100 Hz. This table is useful in extracting resonance 

frequencies from the cyclic PSD. In essence, if a peak corresponds with one of these 

frequencies, it is most likely a road excitation spectral component. Fig. 5.4 illustrates 

the cyclic PSD from the vertical acceleration at the front wheel axis for the different 

cycling speeds. The curve which belongs to the 10 km/h speed is dominated by the 

road excitation; all cyclic frequencies correspond with Table 5.1 except for the peak 

at 68 Hz. The 20 km/h curve has multiple frequency peaks which do not coincidence 

with the road excitation, namely: 32 Hz, 42 Hz and 69 Hz. At the speed of 30 km/h, 

this is at 23 Hz and 83 Hz. The curve corresponding with the 40 km/h speed has 

additional peaks at 23 Hz, 32 Hz and 69 Hz. Hence, the resonance frequencies are 

probably located at 23 Hz, 32 Hz, 42 Hz and 69 Hz. The resonance frequency at 

23 Hz and 32 Hz has a distinct peak at each cycling speed (cf. Fig. 5.4). With the 

frequencies 42 Hz and 69 Hz, only three out of four peaks are clearly observed in 

Fig. 5.4. When looking carefully, it is possible to see a minor increase of the 
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amplitude at 42 Hz for the 30 km/h curve. The curve at 30 km/h also misses a peak 

at 68 Hz, but the steep decrease in that frequency region probably prevents the 

expected peak to appear. 

 

Fig. 5.3 Spatial PSD from vertical rear wheel acceleration for different cycling speeds 

for detecting spectral components from road excitation. 

 

Fig. 5.4 Cyclic PSD from vertical acceleration at front wheel when cycling at small 

cobblestones. 

 

 

≈ 3.8 m
-1

 

≈ 7.6 m
-1

 

≈ 11.2 m
-1

 
≈ 14.9 m

-1
 

≈ 22.5 m
-1

 

≈ 23 Hz 

≈ 32 Hz 

≈ 42 Hz 

≈ 68 Hz 
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Table 5.1 Cyclic frequency components corresponding with spatial frequency and 

cycling speed. 

Cyclic frequency [Hz] 
Average cycling speed [km/h] 

10.1 19.9 29.6 39.6 

Spatial frequency (Fig. 5.3)     

3.8 10.6 21.0 31.6 41.8 

7.6 21.2 59.4 63.3 83.6 

11.2 31.3 87.5 93.2 

 14.9 41.7    

22.5 62.9    

This analysis approach is repeated for the other acceleration signals, the results are 

listed in Table 5.2. With great certainty, the frequency at 4 Hz, 32 Hz and 42 Hz are 

resonance frequencies.  

Table 5.2 Selected resonance frequencies and road excitation spectral components from 

test at small cobblestones. 

  Cyclic frequency [Hz] Spatial frequency [m
-1

] 

Front wheel 
Vertical  23 32 42 68 3.8 7.6 11.2 14.9 

horizontal 4   32 42  3.8 7.6 11.2 14.9 

Rear wheel 
Vertical 4    42  3.8 7.6 11.2 14.9 

horizontal 4   32 42  3.8 7.6 11.2 14.9 

5.2.2 Small cobblestones with non-equal periodicity 

The test procedure is similar to section 5.2.1, except that the road profile with non-

equal periodicity is selected (Fig. 5.1b). The test is also assessed with another cyclist 

and another bicycle, and only the vertical acceleration at the front fork axis is 

measured. Quantitative comparison of the resonance frequencies with the previous 

section is, therefore, not possible. 

The PSD acceleration spectra are depicted in Fig. 5.5. Three peaks are 

observed near 25 Hz, 36 Hz and 73 Hz. The peaks do not shift with the cycling 

speed, which means that the observed peaks are resonance frequencies.  
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Fig. 5.5 PSD from vertical acceleration at front wheel axis 

Road spectral components are not found for this pavement profile. The difficulty of 

obtaining road spectral components is found in the averaging process with the PSD 

calculation. When a small segment of the road profile is extracted, a regular pattern 

might be observed, which will depict one or more spectral components in the PSD 

spectrum. If several of these small segments, each with another regular pattern, 

compose one road length, the average PSD is the weighted sum of all single spectral 

components. The result is a spectrum with dominating resonance frequencies. In 

conclusion, extracting road spectra excitation from in-situ acceleration PSD spectra 

is only possible if the test track is composed from identic small road segments (cf. 

Fig. 5.1a). 

5.2.3 Large cobblestones 

This field test uses the same test configuration (bicycle and cyclist) as the test in 

section 5.2.1 A typical spectrum is depicted in Fig. 5.6a, the spectra at the rear wheel 

axis for the different speeds are relatively calm without significant peaks. The 

acceleration spectra from the horizontal acceleration at the front and rear wheel axis 

show more variation and additional peaks are observed in the low frequency region 

(< 20 Hz). This is illustrated for the horizontal rear wheel axis acceleration in 

Fig. 5.6b. The road profile is characterized by one spatial frequency at 6 m
-1

. This 

value corresponds with the average length of a cobble stone of 160 mm, or 6.25 m
-1

. 

This spatial frequency is found in all spectra, as listed in Table 5.3. The resonance 

frequencies from the other acceleration signals are listed in the third column of 

Table 5.3. Only two resonance frequencies can be extracted, namely 32 Hz and 

69 Hz. Other peaks are related to the road excitation or cannot be traced back based 

on prior knowledge of measured resonance frequencies or harmonics from the road 

excitation. 

The frequency spectra from the large cobblestones test are much more 

difficult to interpret because the width of the apparent peaks is larger. Distinct peaks 

cannot be easily detected. The energy in the signal is not concentrated at one single 

frequency, but it is distributed in the neighbouring frequency bins. One possible 
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reason is the non-stationary position of the cyclist on the bicycle due to the large 

road profile irregularities. This cyclist constantly moves on the bicycle due to this 

substantial excitation. This means that the system is time-variant, such that the 

resonance frequencies can slightly shift during the test period. Another reason is the 

irregularity of the road profile; the cobblestones are not equally spaced at every 

position on the test track. Consequently, a broader frequency spectrum is excited, 

giving rise to multiple peaks in the spectra. Third, the road-bicycle interaction varies 

with the cyclist’s position and the cycling speed. The inertia of the bicycle with 

cyclist highly influences the wheel-road interaction, and eventually affects the road 

excitation as well. 

 

(a) 

 

(b) 

Fig. 5.6 Cyclic PSD when cycling on large cobblestones: (a) vertical acceleration at rear 

wheel, (b) horizontal acceleration at rear wheel. 
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Table 5.3 Selected resonance frequencies and road excitation spectral components from 

test at large cobblestones 

  Cyclic frequency [Hz] Spatial frequency [m
-1

] 

Front wheel 
Vertical 32 69 6 

horizontal 32 69 6 

Rear wheel 
Vertical   6 

horizontal  69 6 

5.2.4 Asphalt 

The analysis from the vibration response on the asphalt surface shows even more 

difficulties to extract resonance frequencies and spatial frequencies. Spatial 

frequencies are not found because there is no periodicity in the road surface. The 

resonance frequency of 32 Hz is observed at the front fork axis in both the 

horizontal and vertical direction. The frequencies 42 Hz and 69 Hz are observed as 

well, though on a few acceleration spectra only. The 4 Hz component is dominantly 

present at all speeds and acceleration spectra, except for the vertical front wheel axis 

acceleration. 

5.3 LABORATORY EXCITATION TECHNIQUES 

Results from field testing showed that extracting the road profile spectral 

components from acceleration spectra measured on the wheel axis is not obvious. 

Several concerns were already mentioned in section 5.2.2 and section 5.2.3. 

Depending on the road profiles, the response at the wheel axis is dominated by the 

resonance frequencies of the bicycle (with cyclist) or it is a broadband response 

spectrum without dominant frequencies or it is a combination of resonance 

frequencies and road spectral components. 

The question remains how to reproduce this vibration spectrum in a 

laboratory environment. The experimenter can select from a wide range excitation 

methods: shaker testing, bump excitations, rotating drum excitations, hammer 

impulse excitation. The analysis in this section highlights and compares the capacity 

of different test procedures to analyse the dynamic response of a bicycle with 

cyclist. Their validity to judge the bicycle’s dynamic response is compared as well 

as the pros and cons for proper operation. The final choice of the experimenter will 

depend on the available apparatus, the complexity of the test and the purpose of the 

test. 

5.3.1 Impulse excitation methods 

The impulse response of a system is the output of the system when excited with an 

impulse force, generally a short-duration time-domain signal. The frequency 

bandwidth of the excitation impulse is related with the duration of the impulse, 

short-duration pulses correspond with large-bandwidth frequency content. The 

frequency bandwidth for cycling purposes is between DC and 100 Hz, as followed 
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from the field tests in section 5.2. This section investigates the efficiancy of different 

impulse excitation methods to properly excite this frequency range. 

5.3.1.a Stationary bicycle-rider system 

The cyclist balances on the bicycle while maintaining a normal cycling position with 

his hands resting on top of the handlebar. A short hammer impact excites the bicycle 

frame and the acceleration time domain response (measured in three orthogonal 

directions at the rear and front wheel axle) is converted to the frequency domain for 

estimating the resonance frequencies with the peak picking method. The frequency 

domain is represented in an energy spectral density plot (ESD), which is typically 

used for analysing transient signals. Fig. 5.7 depicts a typical ESD plot from the 

acceleration response at the front fork axis when the front fork is excited in the 

transversal direction (cf. the y-direction in Fig. 2.1). The cyclist is a significant 

source of nonlinear damping; this is observed as relatively wide and non-symmetric 

resonance peaks. Consequently, the peak picking method for resonance frequency 

estimation is less accurate. 

 

Fig. 5.7 ESD from the acceleration response at the front wheel axis in the transversal 

direction 

Impacting the wheel hub and simultaneously measuring accelerations on the wheel 

axles is not a good strategy since the bearing vibrations are measured. It is more 

efficient to excite the bicycle frame and the front fork at different locations. The 

results from the response analysis on the bicycle frame with cyclist are listed in 

Table 5.4. It is found that the position of the hands on the handlebar significantly 

affects the resonance frequencies measured at the front fork axis. The fundamental 

resonance frequency shifts from 30 Hz to 28 Hz and 35 Hz when holding the 

handlebar respectively at the top (Fig. 5.8a), behind the brakes (Fig. 5.8b) or below 

(Fig. 5.8c). This shows how a minor position change affects the resonance 

frequencies. The horizontal and vertical response acceleration at the rear wheel axis 

is dominated by resonance frequencies at 7 Hz, 28 Hz, 43 Hz and 70 Hz. The 7 Hz 

component is found through exciting the rear end of the bicycle frame. Resonance 
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frequencies in the transversal direction are not excited in the horizontal or vertical 

direction. Hence, the in-plane dynamics are well separated from the transversal 

dynamics of the bicycle with cyclist. 

Table 5.4 Results from FRF analysis on bicycle frame with cyclist 

Excitation and 

response 

measuring 

direction 

Hammer impact 

location 

Response 

measuring 

location 

Extracted resonance 

frequencies from FRF 

Transversal 
Multiple positions 

on the front fork 
Front wheel axle 

10 Hz, 20 Hz, 48 Hz, 

82 Hz and 143 Hz 

Longitudinal  
Multiple positions 

on the front fork 
Front wheel axle 

30 Hz (hands on top), 

28 Hz (hands behind the 

brakes), 35 Hz (hands 

below) 

Longitudinal 
Multiple positions 

on the front fork 
Front wheel axle 

34 Hz, 70 Hz, 143 Hz 

(hands on top or behind 

the brakes), 50 Hz and 

143 Hz (hands below) 

Transversal 
Rear-end of bicycle 

frame 
Rear wheel axle 

18 Hz, 130 Hz and 

161 Hz 

Longitudinal 
Multiple positions 

on the front fork 
Rear wheel axle 28 Hz 

Longitudinal 
Rear-end of bicycle 

frame 
Rear wheel axle 7 Hz 

Lateral 
Multiple positions 

on the front fork 
Rear wheel axle 28 Hz, 43 Hz and 70 Hz 

Lateral 

Any position on the 

bicycle, except 

front fork 

Rear wheel axle 43 Hz 

 

 

(a) 

 

(b) 

 

(c) 

Fig. 5.8 Different positions of the hands on the handlebar: (a) on top, (b) behind the 

brakes, (c) below. 
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5.3.1.b Bump test excitation 

The test approach with the stationary bicycle-rider assembly is found to be useful for 

extracting several resonance frequencies. Nevertheless, some difficulties were 

experienced. For example, it is not obvious to excite a highly damped system with 

an impact hammer. The impulse energy from the impact hammer is relatively low; 

hence the vibrations have damped out relatively quickly which makes it difficult to 

find the resonance frequencies from the short response time signal. The impulse 

excitation force could be increased, though the risk of frame failure becomes likely. 

This configuration proposes an alternative method for extracting the 

resonance frequencies of the bicycle with cyclist. Instead of imposing the impact 

excitation while the bicycle is stationary, this approach uses the forward speed of the 

bicycle to impose an impact excitation at the front and rear wheel. This test 

configuration is shown in Fig. 5.9, the cyclist rides with a speed of 5 km/h off an 

elevated platform of 150 mm. the cyclist holds his hand on top of the handlebar, cf. 

Fig. 5.8a. The downward impact will be analysed for assessing the vibration 

response. The acceleration is measured at the front and rear wheel axis in the 

vertical and horizontal direction. 

 

Fig. 5.9 Bump test for measuring resonance frequencies (cyclist not represented in 

drawing). 

Fig. 5.10 depicts two frequency spectra from the transient acceleration signal at the 

front and rear wheel axis when the rear wheel leaves the bump. The thick line is the 

average spectrum from eight consecutive measurements. The shape of each 

individual measurement is approximately equal, though the amplitude shows much 

variation. More important is the variation of the resonance frequencies within each 

each test. In Fig. 5.10a, the frequency corresponding with the peak amplitudes 

shows minor inter-variability.  More variation is observed in Fig. 5.10b, specifically 

near the frequency of 5 Hz and 37.5 Hz. Consequently, the average peak covers a 

relative broad bandwidth and the resonance frequency is only a best guess. For 

example, the estimated peak amplitude at 37.5 Hz is situated between 35 and 40 Hz. 

Table 5.5 lists the measured resonance frequencies from the bump test. The 

resonance frequency at 27.5 Hz and the resonance frequency in the range 70 to 

75 Hz in Table 5.5 was also found with the hammer impact excitation in stationary 

condition (Table 5.4). Though, many other resonance frequencies are newly found 

with the bump test. Especially the low frequency components at 2.5 Hz, 5 Hz and 

12.5 Hz, which are only observed with the bump test. The mismatch between both 

test methods is due to several reasons. First, with the hammer impact impulse, it is 

difficult to excite low frequency content because of the relatively large mass and 
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damping in the bicycle-cyclist system. The lowest frequency at 2.5 Hz is possibly 

introduced by the bicycle-rider interaction. The cyclist momentarily shifts forward 

and immediately backward when the front wheel hits the ground. This short 

oscillatory motion is also registered by the accelerometers at the wheel axis. A 

second reason is also related with the changing position of the cyclist on the bicycle. 

Resonance frequencies are affected by the weight and the stiffness of the system. 

Because the bump height is 150 mm, the inclination angle changes the weight 

distribution at the moment of impact. Moreover, the stiffness of the system also 

changes since the radial tyre stiffness changes with the preload (cf. Chapter 4).  

The resonance frequencies in Table 5.5 do not perfectly coincide with the 

resonance frequencies from the field tests (section 5.2.1, section 5.2.3 and 

section 5.2.4) because of the same reasons mentioned before.  

 

(a) 

 

(b) 

Fig. 5.10 ESD frequency spectra from 8 consecutive bump tests: (a) front wheel vertical 

acceleration when rear wheel leaves the bump, (b) rear wheel horizontal acceleration 

when rear wheel leaves the bump. 

Table 5.5 Resonance frequencies from bump test. 
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5.3.1.c Heaviside test excitation 

The Heaviside test extends from the bump test, where now the up- and downward 

impact is analysed instead of only the downward impact. In addition, the bump is 

now 15 mm high instead of 150 mm. The lower bump height should reduce the 

varying weight distribution during the test and the upward impact possibly gives 

additional information which is not available from the downward impact only (cf. 
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section 5.3.1.b.). The cyclist rides on and off a long elevated platform, which results 

in four impacts (twice at the front and rear wheel). This is illustrated in Fig. 5.11. 

 

Fig. 5.11 Illustration of Heaviside test for generating consecutive impact excitations. 

The bicycle and cyclist configuration is the same as in section 5.2.2. An 

accelerometer is positioned at the front wheel axis for measuring the vertical 

acceleration. A typical pattern of the response signal from the Heaviside test is given 

in Fig. 5.12. The response amplitude at the front fork axis is the largest when the 

front wheel leaves the bump and is the smallest when the rear wheel enters the 

bump. The average frequency spectrum from twenty consecutive Heaviside tests is 

determined for every time segment. The resonance frequencies for each time frame 

are listed in Table 5.6. The ESD spectra corresponding with each time segment are 

plotted in Fig. 5.13. The accuracy is rather limited because of the large frequency 

resolution. The resonance frequency at 3.5 Hz, 10 Hz and 15 Hz seem to be single 

events which are only related with the upward motion of the bicycle. These 

resonance frequencies fit with the resonance frequencies from the field tests in 

section 5.2.2. The resonance frequencies below 15 Hz are not observed in this field 

test. It was previously assumed that these lower frequencies are specifically related 

with the upward motion of the bicycle. This bicycle-rider interaction is most likely 

not excited during the field test, thus these resonance frequencies are not excited 

either. 

 

Fig. 5.12 Vertical acceleration response at front wheel axis from consecutive impacts 

with the Heaviside test, four time frames are extracted. 
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Table 5.6 Resonance frequencies at the front fork axis in each time frame of the 

Heaviside test (cf. Fig. 5.12). 

Time frame Resonance frequency [Hz] 

1 Front wheel enters bump   14  38.0 71.2 

2 Rear wheel enters bump 3.5 10  24.9  34.8 74.6 

3 Front wheel leaves bump    26.1 39.1 73.9 

4 Rear wheel leaves bump     34.8 73.9 

 

 

Fig. 5.13 ESD spectra from the separate time segments in the Heaviside test, cf. 

Fig. 5.12. 

5.3.1.d Rotating drum excitation 

The bump or Heaviside test was most successful in properly exciting the bicycle-

rider assembly so far. Instead of using the forward motion of the bicycle to generate 

the impact excitation, the impact can also be realized with a rotating drum carrying 

an impact strip. This is visualised in Fig. 5.14. The drum circumference is 620 mm 

and the strip is rectangular shaped with a thickness of 7 mm.  

 

Fig. 5.14 Rotating drum with impact ribbon. 

The drum is calibrated to avoid additional excitation from any unbalance in the 

rotating system. The rear wheel axis of the bicycle is hinged at a rigid support and 
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the front wheel is positioned on the rotating drum (Fig. 5.15). The vertical 

acceleration at the front wheel axis is measured. The cyclist is positioned on the 

bicycle with the hands on top of the handlebar and his feet are horizontally 

positioned while supported by the pedals. Analogue reasoning is valid when the rear 

wheel is excited by the rotating drum. 

 

Fig. 5.15 Bicycle positioned on the rotating drum, rear wheel hinged at rigid support 

(cyclist not represented in figure). 

Three speeds are selected: 4.1 km/h, 12.8 km/h and 21.7 km/h. The time between 

two bumps for the three velocities is 0.544 s, 0.174 s and 0.103 s which correspond 

with a frequency resolution in the frequency domain of 1.83 Hz, 5.73 Hz and 

9.72 Hz respectively. This is a bad (too large) frequency resolutionfor accurate 

resonance frequency estimation. Anyway, the result from the acceleration analysis at 

the front wheel axis in the vertical direction at a speed of 4.1 km/h is depicted in 

Fig. 5.16. The energy spectral density (ESD) is calculated for a long time signal (cf. 

Fig. 5.16a) and the time signal in between two bumps (cf. Fig. 5.16b). The 

frequency spectrum from the long duration time signal in Fig. 5.16c depicts distinct 

peaks at harmonics of the rotating frequency of 1.83 Hz. The frequency content 

from the short duration signal is depicted in Fig. 5.16d. Possible leakage effects are 

reduced by using a custom window, forcing the beginning and the end of the signal 

to zero. A single peak at 26.9 Hz is detected, which closely corresponds with the 

resonance frequency of 27.5 Hz from the bump test configuration (in Table 5.5). The 

frequency discrepancy is probably due to the large frequency resolution. The results 

from the higher rotating speeds are similar, or even worse because of the higher 

frequency resolution. Similar conclusions are made when the rear wheel axis is 

excited. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 5.16 Results from rotating drum excitation: (a) vertical front axis acceleration, (b) 

acceleration signal between two consecutive bumps (c) ESD from 5 seconds duration 

acceleration signal, (c) ESD from acceleration signal between two bumps  

5.3.1.e Summary 

From all impulse excitation methods, the Heaviside test yields the best results. A 

bump height of 15 mm is sufficient to adequately excite the bicycle in the frequency 

range from DC to 100 Hz. The dynamic bicycle-cyclist interaction, when cycling on 

and off the elevated platform, is also included in the dynamic response. The 

dynamic response in the low frequency range (< 15 Hz) is attributed to this 

interaction, which is not necessarily seen with field tests.  

It is opted to replace the Heaviside test with a rotating drum excitation, which 

continuously impacts the bicycle at the rear or front wheel. However, this test 

method was not successful since the impact energy is not sufficient. The impact 

energy could be increased by increasing the rotating speed, though this implies some 

practical difficulties. The drum diameter should increase to avoid overlap of 

successive impacts, which in turn requires accurate dynamic balancing of the drum 

to avoid unwanted excitation frequencies. 

5.3.2 Shaker excitation methods 

Results from the previous section have shown that a proper excitation technique is 

necessary to adequately measure the dynamic response of the bicycle-rider system. 

Alternatively to the impulse excitation methods, a shaker test configuration can also 
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excite the system. The shaker can generate user defined time and frequency domain 

signals, which is advantageous if specific load cases are required. For example, this 

is interesting if a user defined road roughness profile is available to replicate the in-

situ field test. However, this is probably one of the most challenging issues in setting 

up the shaker test configuration. The next paragraphs discuss different test methods 

to find a suitable road roughness profile. 

5.3.2.a Static road profile measurement 

In a first approach, a ‘static’ road profile is measured. The exact road roughness is 

determined with a precise tool and the wheel axle displacement is measured when a 

bicycle wheel passes the same track segment. The cobblestone road in Fig. 5.1b is 

selected. The test setup with the horizontal and vertical sliding possibility is depicted 

in Fig. 5.17a. The horizontal position is registered with a pulse counter in 

combination with the magnetic sensor strip attached at the horizontal sliding 

mechanism. The vertical position, due to the road roughness, is measured with a 

LVDT. The sensing unit is a precise measuring tool (Fig. 5.17b) or the bicycle 

wheel (Fig. 5.17c). The track length is 2.5 m and the sampling distance is 0.25 mm. 

 

(a) 

 

(b) 

 

(c) 

Fig. 5.17 Test setup for static road profile measurement: (a) global overview, (b) precise 

measuring tool and (c) bicycle wheel. 
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The road roughness measurement is depicted in Fig. 5.18. The small irregularities 

detected with the precision tool are not observed with the bicycle wheel. For 

example, the track segment between 1500 mm and 2000 mm shows three clear 

peaks (cf. the cobblestone shape) with the precision tool but this amplitude is filtered 

by the bicycle wheel. In essence, the tyre behaves like a low pass filter for the road 

roughness. 

 

Fig. 5.18 Road profile measurement 

This filtering effect is also observed in the spatial PSD, as depicted in Fig. 5.19. The 

amplitude is generally lower with the bicycle wheel and the spatial frequency range 

is much lower compared to the precision tool. Several spatial frequencies are 

characteristic for this road segment. Also the cobblestone shape is observed at  

6.4 m
-1

, as indicated by the arrow in Fig. 5.19 This corresponds with the cyclic 

frequency of 6 m
-1

 determined through field testing in section 5.2.3. The other peaks 

are not recognized in the field tests. This supports the hypothesis that the spatial 

PSD from tests over a long track length averages out the individual spatial road 

components from short track segments. 

 

Fig. 5.19 Spatial PSD from cobblestone road roughness (cf. Fig. 5.18) 
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The previous test setup is time consuming and practically impossible for profile 

measurements of long track lengths. Nevertheless, the result is a custom made road 

profile which gives a direct input profile for shaker testing. 

5.3.2.b Road roughness spectra from ISO 8608 

Alternatively to previous method, road roughness profiles are readily available in the 

ISO 8608 standard [1]. The standard classifies eight road categories, from very 

smooth (A class) to highly uneven (H class) road profiles. The classification is 

represented in a double logarithmic spatial power spectral density plot. Fig. 5.20 

depicts the PSD spectra for the eigth road roughness classifications. The curves 

reflect an exact representation of the road roughness, every detail of the road surface 

is included. 

 

Fig. 5.20 ISO 8608 road profiles given as the spatial power spectral density. 

Practical use of these curves to generate relevant road profile data for cycling 

purposes is not straightforward. Track simulations are required to assess the wheel 

axis displacement when rolling over this exact representation of the road roughness. 

Moreover, the elastic tyre deflection should be modelled as well because this 

‘absorbs’ the sharp peaks in the road roughness. The most important shortcoming 

with the ISO 8608 standard and the road profile test setup in Fig. 5.17 is the ‘static’ 

representation of the road profile. The inertia of the bicycle with rider will affect the 

wheel-road interaction and the tyre stiffness is influenced by the strain rate, cf. the 

cycling speed, because of the visco-elastic tyre properties (discussed in Chapter 4). 

This has some consequences when using the road classifications according to 

the ISO 8608 standard. An upper and lower spatial frequency limit should be 

applied. The energy content of the acceleration signals measured at the rear wheel 

axis is concentrated between 5 Hz and 100 Hz, which is based on the results in 

section 5.2. This frequency limit could be used as a guideline for limiting the spatial 

frequency range. However, this is not generally valid because (i) the frequency 

content depends on the cycling speed (because of the inertia of the bicycle with 

cyclist) and (ii) the acceleration signal at the wheel axis is different from the 

10
-1

10
0

10
1

10
2

10
-10

10
-5

10
0

ISO 8606 road classification

A
m

p
li

tu
d
e
 [

m
3
c
y
c
li

-1
]

Spatial frequency [cycli/m]

H

G

F

E

D

C

B

A 



114  CHAPTER 5 

excitation spectrum at the bottom of the wheel. Consequently, generating 

representative road profiles for cycling from ISO 8608 road classification curves is 

not obvious. 

5.3.2.c Combined in-situ/laboratory testing 

To meet previous issues, road profiles could be generated from wheel axis 

acceleration measurements in a combined in-situ/laboratory test environment. 

Lépine et al. [2, 3] replicated the road excitation by a combined in-situ/laboratory 

test. The surface is a granular road without major cracks or potholes providing a 

random excitation without significant peaks. Time waveform replication is used to 

control the shaker signal to correspond with the target acceleration signal measured 

at the rear wheel axis. The road profile statistics are evaluated in the time and 

frequency domain by comparing the PSD and the histogram distribution of the target 

and replicated signal. The frequency spectrum of this road profile is depicted in 

Fig. 5.21. The spatial frequency range is between 0.5 m
-1

 and 5.5 m
-1

 and the 

amplitude approximately fits road classification B from the ISO 8608. 

 

Fig. 5.21 Displacement PSD of measured road profile [4] and ISO 8608 classification 

[1]. 

5.4 CONCLUSION 

This chapter looked into different excitation methods which suit to characterize the 

dynamic behaviour of the bicycle (with cyclist). Besides in-situ field tests, a set of 

test configurations is also available for laboratory testing.  Which excitation method 

to select depends on the purpose of the test and the available apparatus. For relative 

comparison between different bicycle-cyclist assemblies (e.g. to study the vibration 

transmission of the bicycle), both the impulse and shaker excitation can be used, 

each having their pros and contras.  

Impulse excitation methods are relatively easy to implement. For example, 

the impact energy with the Heaviside test (cf. section 5.3.1.c) is sufficient to extract 

the vibration response of the bicycle-cyclist assembly. Moreover, the dynamic 

10
-1

10
0

10
1

10
2

10
-12

10
-10

10
-8

10
-6

10
-4

10
-2

Displacement power spectral density

A
m

p
li

tu
d
e 

[m
3
cy

cl
i-1

]

Spatial frequency [cycli/m]

 

 

A class

B class

C class

Measured

lower limit upper limit 



BICYCLE VIBRATIONS: FROM FIELD TO LABORATORY TESTING 115 

bicycle-cyclist interaction is included in the structural response because it is a non-

stationary test where the impulse excitation is generated by the forward motion of 

the bicycle. The downside is that the impulses are not automatically generated to 

collect many data points and a relatively large scatter on the output signal is 

observed. The latter could be solved by measuring the input force from the impact 

excitation on the ground surface. Through normalising the output signal 

(acceleration, force, etc.) with the input force, it is expected that the scatter will 

reduce. To generate successive impacts for collecting multiple data points, a rotating 

drum carrying an impact strip is suggested, though the result was disillusioning. The 

rotation speed of the drum dominates the response spectrum and the frequency range 

excitated from the impulse is too low. Alternative test configuration could be 

thought off for generating successive impacts by dropping the front or rear wheel on 

the grond. 

In case of accurate in-situ road excitation replication, a shaker test 

configuration is preferred. Exact replication of in-situ test conditions is typically 

assessed for quality checks and maximum loading conditions of samples (e.g. 

vibrations during satellite launching or impact loading for package testing). In case 

of cycling, this could be of interest for accelerated fatigue testing with in-situ 

loading conditions or for quantitative analysis of the cyclist’s comfort when riding 

on different pavement types. When using shaker testing for in-situ replication, the 

major concern is to select a road excitation profile to reproduce with the shaker. It is 

not obvious to extract a road profile for cycling purposes from tests with a non-

linear and time-variant cyclist-bicycle assembly. The response exists of structural 

resonance frequencies, broadband excitation and road spectral components. 

Alternatively, static road profile measurements yield good results, though it is a very 

time consuming test and the track length is limited to have a good representation of 

the pavement roughness. Several (time-consuming) test methods could be 

implemented to determine the road roughness, though it is found that the ISO 8608 

defines road classification curves suit for cycling purposes. When in-situ loading is 

not required, white noise excitation spectra are also sufficient to characterize the 

dynamic properties of the bicycle-cyclist assembly. The test is similar to impulse 

excitation since this is equivalent with white noise spectra generated by a shaker. 

The advantage with shaker testing is that many data points are collected hence 

eliminating noise and other uncorrelated effects (e.g. time-variant and non-linear 

effects). 

It might appear that shaker testing is a promising solution for laboratory 

testing; there are some downsides of shaker testing as well. There is the high cost for 

a powerful shaker and the excitation is mostly restricted to the vertical or horizontal 

excitation. The variation in the dynamic stiffness of the structure being tested might 

be challenging for the shaker control system. Without an appropriate feedback 

control system, it is not guaranteed that tests will be accurate and repeatable. 
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Chapter 6.  

FORCE SENSOR DESIGN FOR 

COMFORT MEASUREMENTS 

6.1 SCOPE 

Acceleration measurements are commonly used to understand the dynamic 

behaviour of a vibrating system. It is a quick and relatively easy method to detect 

resonance frequencies, mode shapes and even the damping of a system. The 

vibration properties of the bicycle-cyclist assembly and the interaction with the road 

were explored in Chapter 5. These results are useful for a better understanding of 

road excitation spectra, to distinguish between spatial and cyclic frequencies and to 

understand possible issues in replicating in-situ excitation for laboratory testing. 

However, some applications require additional measuring techniques for a better 

comprehension of the system dynamics. For example, force sensors can measure the 

(dynamic) interaction between two elements in a system. This is particularly 

interesting for the bicycle-rider interaction characterization. Acceleration 

measurements at the contact points do not perfectly grasp the bicycle-cyclist 

interaction. When the cyclist firmly grips the handlebar, the acceleration level will 

decrease but the cyclist will be imposed to higher contact forces. Although the 

reduced acceleration amplitude indicates better comfort, the perception for the 

cyclist might be different because of the higher forces. This analysis requires the 

design of force sensors to measure the bicycle-rider interaction at the contact points. 

The vibration exposure at the hands and the buttock is believed to be most important 

to measure during cycling. 

This chapter formulates guidelines for proper dynamic force measurements 

on a bicycle. The theory of using strain gauge based force sensors is first applied to 

static force transducers which can be mounted to the handlebar and seat. This 

approach yields practical aspects regarding the design and implementation on the 

bicycle. Next, this measuring principle is extended to measure the dynamic load at 

the handlebar. A handlebar is designed and calibrated to measure the dynamic force 

at the left and right hand side of the handlebar in the horizontal and vertical 

direction. The force sensor is designed to be used in the frequency range from DC 

load to 100 Hz, according to the excitation frequency range observed in Chapter 5. 

The design and functioning of the handlebar force sensor is based on theoretical 

analysis, where different configurations are compared to each other. 
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This is experimentally verified by the dynamic calibration procedure. The 

importance of flexible boundary conditions instead of theoretically perfectly 

constrained boundary conditions is illustrated. 

6.2 STRAIN GAUGE BASED FORCE SENSORS 

Implementing force measurements on a racing bicycle is not straightforward due to a 

number of specific requirements. 

 The sensor may not interfere with the cyclist’s position and must be robust 

to prevent unwanted damage. 

 The modification of the bicycle components geometry and the disturbance 

of their functionality should be reduced to a minimum. 

 The force sensors should be modular as well to fit any racing bicycle. 

Because of these requirements, commercial load cells cannot be used, thus a custom 

made load cell design is necessary. Custom made sensors for cycling purposes have 

been implemented to measure the pedal force [1-3], the handlebar force [4, 5], the 

brake hood force [6], the seat force [4, 5, 7], the stem force [8] and the wheel hub 

force [9, 10]. Force sensors were initially used for static force measurements [4, 11, 

12] but the design evolved towards dynamic force measurements for characterizing 

the frame loads and vibration characterization for in-situ loading conditions [5, 6, 

13-20]. Nevertheless, the functioning of custom made force sensors for vibration 

analysis during cycling has not been reported before. The design and calibration of 

force sensors for dynamic measurements shows much more complexity than 

designing strain gauge based force sensors for quasi static measurements (< 5 Hz 

loading frequency). This will be examined in detail in section 6.3 and section 0.  

Prior to the design of the handlebar for dynamic force measurements, two force 

sensors are developed to measure the static load at the seat and the handlebar. This 

case study describes (i) the measuring principle of strain gauge based force sensors, 

(ii) cross-axis sensitivity and (iii) zero-offset effects. Several design requirements 

will be withheld for the design of the handlebar force sensor for dynamic 

measurements.  

The measuring principle of strain gauge based force sensors is equivalent 

with a cantilever beam configuration, as illustrated in Fig. 6.1. Four active strain 

gauges are placed in a Wheatstone bridge configuration. The sensitivity depends on 

the difference in strain measured on two positions along the cantilever beam, cf. 

distance b in Fig. 6.1. This configuration is necessary to make sure that the 

measured force amplitude is independent of the position of the force along the beam, 

thus independent of the distance c in Fig. 6.1 [21-24]. One Wheatstone bridge 

configuration allows for measuring one force component, thus two orthogonal force 

components require two Wheatstone bridges which are 90° rotated along the axis of 

the beam. 
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Fig. 6.1 Strain gauge based force sensor based on bending of a cantilever beam. 

The expression for the Wheatstone bridge output voltage is: 

𝑉

𝑉𝑒𝑥

=
𝐺𝐹

2 ∙ 𝑊 ∙ 𝐸
𝐹 ∙ 𝑏 (6.1) 

which clearly shows that the output voltage is only dependent on the force F, the 

gauge factor GF, the section modulus W, Young’s modulus  E of the beam material 

and the distance b between the two strain gauges at one side. 

This measuring principle is applied for the seat force sensor and handlebar force 

sensor. This sensor design originates from Champoux [5], for measuring the 

dynamic structural load of an off-road bicycle frame. The seat force sensor (in 

Fig. 6.2a) is positioned between the seat post and the saddle, the horizontal section 

measures the vertical force component and the vertical section measures the vertical 

force component. The instrumented handlebar is depicted in Fig. 6.2b. A standard 

available racing bicycle handlebar is instrumented in analogy with the schematic in 

Fig. 6.1: the stem acts as the clamping and the handlebar tube serves as the beam 

with constant cross section. Both force sensor designs are only applicable for static 

load measurements. For example, it could be used to measure the weight distribution 

on the bicycle or to measure the quasi-static handlebar force during acceleration or 

sprinting when high forces are applied to the handlebar. The sensor sensitivity, i.e. 

the output voltage as function of the applied load, is assessed in a static calibration 

procedure. Full force sensor calibration would imply that both the calibratable and 

non-calibratable sensitivity matrices are determined [25]. The static calibration 

procedure in this chapter is limited to determining the calibratable sensitivity matrix 

only. The aim in this section is to pay attention to design considerations and design 

issues with strain gauge based force sensors, rather than providing a full calibration 

procedure which is only relevant for static measurement purposes. As will be 

discussed in section 6.3 and section 0, the results from the static calibration 

procedure cannot be extrapolated for dynamic use. Therefore, most attention will be 

paid to dynamic calibration instead of static calibration techniques. 
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(a) 

 

(b) 

Fig. 6.2 Custom made force sensor design: (a) seat force, (b) handlebar force. 

It should be verified that the vertical and horizontal force component have no cross 

sensitivity. This is confirmed for the seat force sensor, cf. equation (6.2) which 

expresses the output voltage VZ and VX as function of the horizontal and vertical 

force (FX and FZ). The cross sensitivity term is approximately a factor 200 times 

smaller than the main term indicating that a very good decoupling is obtained. 

[
𝑉𝑍

𝑉𝑋
] = | 2.470 ∙ 10−7 9.367 ∙ 10−10

−4.563 ∙ 10−10 2.323 ∙ 10−7 | [
𝐹𝑍

𝐹𝑋
] (6.2) 

The same calibration procedure is repeated for the handlebar. Unfortunately, some 

problems arose during initial calibration tests. An offset value of 30 % to 40 % of 

the loading amplitude was detected at every output channel if the load is applied and 

released again, as called ‘zero-offset’. This effect is due to microscopic slip at the 

edge of the stem. Therefore, residual tensile or compressive stresses can build up 

after loading, resulting in different stresses at the strain gauges before and after 

loading, inherently changing the strain state. Fig. 6.3 shows the fretting damage 

pattern at the stem, which clearly supports the previous reasoning. This damage 

pattern arises during repetitive loading and unloading the handlebar. The second 

problem encountered was the cross-sensitivity between the left and right hand side 

of the handlebar: if a load is applied at one side of the stem, also the Wheatstone 

bridges at the other side of the stem give an output voltage. 

 

 Fig. 6.3 Wear pattern at clamping mechanism of stem onto the handlebar. 
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To solve these issues, a new handlebar design has to be considered. The handlebar 

has a solid round section in the centre on which the stem can be clamped and has 

two free ends with a square outer section for strain gauge positioning. Calibration 

proves that there is no longer a zero offset, nor a cross talk between left- and right 

hand side. The relations for the horizontal (x-direction) and vertical (z-direction) 

output voltage as function of the applied force at the left- and right hand side are 

given in equation (6.3). The cross sensitivity terms from the left to the right hand 

side (and vice versa) have zero value since the output signal is at noise level. 

[
 
 
 
𝑉𝑍,𝐿

𝑉𝑋,𝐿

𝑉𝑍,𝑅

𝑉𝑋,𝑅]
 
 
 

= [

6.329 ∙ 10−7 5.698 ∙ 10−9 0 0
−1.389 ∙ 10−9 6.241 ∙ 10−7 0 0

0 0 6.688 ∙ 10−7 1.422 ∙ 10−9

0 0 −2.378 ∙ 10−9 6.876 ∙ 10−7

]

[
 
 
 
𝐹𝑍,𝐿

𝐹𝑋,𝐿

𝐹𝑍,𝑅

𝐹𝑋,𝑅]
 
 
 

 (6.3) 

When a force sensor is used for measuring dynamic loads, the effect of the 

sensor’s vibration behaviour on the measurement must be considered. This is of 

particular importance with custom made strain gauge based transducers. The force 

sensor is a structural component of the bicycle, which means that the dynamics of 

that component potentially sway the measurement accuracy of the dynamic force 

measurement. The force is a linear function of the difference in strain measured at 

position 1 and position 2, cf. Fig. 6.1 and equation (6.4). 

𝐹 =
2𝑊𝐸

𝑏
(휀1 − 휀2) (6.4) 

In this cantilever beam configuration, the longitudinal strain linearly increases from 

the free end to the clamped end of the beam. In other words, the strain gradient is 

constant over the length of the beam. This is only valid for the static beam 

deformation. With a harmonic excitation force, the beam deformation is determined 

by the mode shapes of the beam. Consequently, the strain gradient is not constant 

anymore but the strain gradient varies along the length of the beam. This requires a 

thorough understanding of the sensor dynamics, as explained in the next section. A 

new sensor design is proposed for measuring the dynamic bicycle-rider interaction 

for comfort measurements. 

6.3 DESIGN REQUIREMENTS FOR DYNAMIC FORCE 

MEASUREMENTS 

When measuring the bicycle-rider interaction due to road excitations, the cyclist is 

considered as a suspended mass leaning on the bicycle. This is referred to as a base 

excitation configuration, when the structure’s response is due to the displacement 

excitation at the structure. The cantilever beam configuration in Fig. 6.1 for static 

calibration purpose is altered to a base excitation system for dynamic calibration 

purpose, as depicted in Fig. 6.4. Drouet [14] studied the influence of the suspended 

mass and the system damping on the measuring accuracy of the strain gauge based 

sensor in a cantilever beam configuration. First, it is found that the mass ms of the 

sensor (also referred to as seismic mass) should be kept as low as possible compared 
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to the suspended mass M. Second, enhanced system damping is found to be 

beneficial if the excitation frequency is below the first resonance frequency. Third, it 

is advised to shift the first resonance frequency to higher frequencies, without 

changing its dynamics too much from the standard counterpart it replaces. The 

accuracy of the cantilever beam strain gauge based force sensor reduces beyond the 

fundamental frequency. Hence, the expected excitation range should be below the 

first resonance frequency of the force sensor. 

 

Fig. 6.4 Base excitation system for dynamic calibration of a strain gauge based force 

sensor in a cantilever beam configuration [14] 

The design requirements suggested in the previous paragraphs and in section 6.2 are 

considered when designing the handlebar for measuring the dynamic bicycle-rider 

interaction. First, a standard racing bicycle handlebar cannot be used because the 

configuration with the curved ends with the brake hoods does not correspond with 

the cantilever beam configuration with a suspended mass at the end of the beam. 

The mass of the brake hood (approximately 0.3 kg) is located eccentric from the 

median axis of the handlebar tube. Consequently, the first mode shape is probably 

not pure bending, but it will be a combination of bending and torsion. The first mode 

shape of the cantilever beam configuration in Fig. 6.4 must be pure bending in the x-

z plane, this is an essential requirement in the analysis by Drouet [14]. Hence, 

eccentric mass items should be avoided in the handlebar design. Second, to reduce 

the sensor mass it is opted to use carbon fibre reinforced composite material instead 

of metal material. Moreover, composite material has a much higher material 

damping than other metal materials.  

Previous assumptions are verified by a numerical example. The first 

resonance frequency of a cantilever beam, cf. the handlebar, with a suspended mass 

is calculated. This is illustrated in Fig. 6.5. The cantilever beam has a uniform 

circular section of 32 mm outer diameter and a wall thickness of 2 mm. Three 

different materials are selected: steel, aluminium and carbon fibre reinforced 

composite. The length of the handlebar is 235 mm with a clamping section of 

25 mm. The suspended mass at the free end of the handlebar is between 0 kg and 

8 kg. The maximum value is based on measurements with the static force sensors in 

section 6.2. A cyclist of 80 kg has a handlebar-seat weight distribution of 20 %-

80 %, which gives 16 kg at the handlebar or 8 kg at each side. The lower mass is a 

theoretical value which only occurs when the cyclist does not hold the handlebar. 

The suspended mass is positioned 170 mm from the clamped end. 
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Fig. 6.5 Handlebar force sensor: theoretical design for calculating the first resonance 

frequency 

The results for the theoretical fundamental resonance frequency for different 

configurations of the handlebar force sensor are listed in Table 6.1. The first 

resonance frequency for a cantilever beam with a lumped mass at the free end is 

formulated in the book “Free Vibrations of Beams and Frames” [26]. The suspended 

mass in Fig. 6.5 is considered as a point mass at a distance of 170 mm from the 

clamped end. The carbon composite and aluminium handlebar design have 

approximately equal resonance frequencies. The steel design has significantly higher 

resonance frequencies. This is because of the high mass of the steel tube. Without 

suspended masses at the free end of the beam, aluminium and steel beams have 

approximately equal resonance frequencies. But, adding additional mass at the free 

end of the cantilever beam causes a rapid decrease of the resonance frequencies with 

smaller beam mass. A high fundamental resonance frequency is, however, not the 

first design requirement, it is preferred to use a low mass sensor to reduce measuring 

errors [14]. Hence, the carbon composite design is the best choice.  
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Table 6.1 Theoretical fundamental resonance frequency for different configurations of 

the handlebar force sensor (cf. Fig. 6.5). 

 
Steel Aluminium Carbon composite 

 

ρ [kg/m³] 7800 2700 1550 

E [GPa] 210 70 64 

EI [Nm²] 4473 1491 1363 

m [kg] 0.294 0.102 0.058 

Fundamental resonance 

frequency [Hz]    

M = 0.5 kg 351.7 210.3 202.1 

M = 1 kg 255.4 150.3 145.1 

M = 2 kg 183.4 107.0 103.7 

M = 2.5 kg 164.1 96.8 90.3 

M = 5 kg 116.8 67.8 66.4 

M = 8 kg 91.9 55.1 54.3 

The resonance frequency with the suspended mass of 2.5 kg, 5 kg and 8 kg is 

situated in the frequency range excited by the road surface (< 100 Hz), which is 

unfavourable for the strain gauge based sensor in a cantilever beam configuration. 

But, with hand-transmitted vibrations, it is the apparent mass that should be 

considered instead of the applied mass in stationary conditions. When a human body 

is subject to vibrations, the frequency response function of the force to acceleration 

ratio is a measure for the apparent mass the human body applies to the vibrating 

structure. The apparent mass from hand-transmitted vibrations is often assessed in 

experiments using shaker excitation in a seated or standing position of the human 

subject. However, the cyclist’s position deviates from these poses. Perrier [27] 

measured the apparent mass of a human person in a racing bicycle pose. The 

apparent mass generally fluctuates between 1 kg and 3 kg with a single value of 8 kg 

at 10 Hz. Hence, the resonance frequency at 54.3 Hz with a suspended mass of 8 kg 

(Table 6.1) should not yield malfunctioning of the carbon composite handlebar force 

sensor. 

Based on previous reasoning, a carbon fibre reinforced composite tube with a 

circular cross section is selected. The handlebar is assembled from two pieces of 

235 mm which are glued to each other. Both tube ends are glued to a solid 

aluminium connection piece. This meets the requirement suggested in section 6.2, to 

use a solid connection piece to reduce the stress concentrations at the centre of the 

handlebar. Another connection piece is attached at the free end of the tube to 

facilitate mounting possibilities if this would be necessary. The final design with 

strain gauges and mounting studs for the accelerometers is depicted in Fig. 6.6. 
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(a) 

 

(b) 

Fig. 6.6 Handlebar design for comfort measurements: (a) full overview with 

nomenclature, (b) detail of strain gauge area. 

The next section will discuss the dynamic calibration procedure of the developed 

handlebar force sensor. But, before this is assessed, it is checked if the Wheatstone 

bridge configuration for static measurements, as implemented to the handlebar force 

sensor, is appropriate. This is verified by FE analysis, where the calibratable and 

non-calibratable sensitivity matrices are determined. 

The exact handlebar dimensions and strain gauge position and dimension are 

modelled in the FE software (Abaqus
TM

). The tube is modelled with solid C3D20R 

elements with 4 elements through the thickness. The tube’s element size is 0.5 mm. 

The composite lay-up is [0, 90]4s and has an equivalent Young’s modulus as listed in 

Table 6.1. The strain gauges are modelled as membrane elements, tied to the surface 

of the tube at the exact location. The membrane geometry has 24 elements. Next, the 

handlebar is clamped (6 degrees-of-freedom are constrained) at the mid section and 

a concentrated force or torque is applied at the free end of the tube. The (possible) 

misalignment of the strain gauges is also simulated by introducing an alignment 

error of 2 degrees. 

The output is evaluated by using equation (6.4), where the output is 

proportional with 휀1 − 휀2. The average strain, 휀1 or 휀2, of the 24 membrane 

elements, representing one strain gauge, is calculated. The result for the strain gauge 

configuration measuring the vertical force Fz is listed in Table 6.2. The first line 
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represents the output for perfect strain gauge alignment; the second line gives the 

output when the strain gauges are intentionally misaligned by 2 degrees. The 

decoupling from the vertical force Fz to all other force components is very good, 

also with the strain gauge misalignment. This verifies that the measuring principle 

for this force sensor geometry is successfull. 

Table 6.2 Calibratable and non-calibratable sensitivities of handlebar force sensor 

 Conentrated force Torque 

 Fx Fy Fz Tx Ty Tz 

휀1 − 휀2 -6.8E-10 -1.7E-10 2.8E-05 5.6E-10 1.5E-11 -2.1E-09 

휀1 − 휀2 -6.8E-10 -4.2E-11 2.8E-05 -8.3E-10 -1.5E-11 -2.1E-09 

6.4 DYNAMIC CALIBRATION 

When force transducers are used for dynamic measurements, it is important to have 

detailed knowledge of the dynamic properties of the force transducer and the 

corresponding electronic measuring equipment, as considerable errors of several 

percent can occur under dynamic conditions [28]. Moreover, in special applications 

the arrangement of the force transducer, the mounting conditions and the whole 

mechanical structure of the measuring arrangement may significantly influence the 

uncertainty of dynamic force measurement [29]. The deviation increases with 

increasing frequency and mainly depends on the stiffness and the mass distribution. 

In addition to the resonance behaviour of the force transducer, the resonance 

behaviour of the surrounding mechanical structure can significantly influence the 

measurement results. 

This section presents the setup of a dynamic testing facility for the handlebar 

force sensor. The results can be used to compensate and estimate the errors of 

dynamic force measurement. 

6.4.1 Calibration method 

The handlebar force sensor design from the previous section should be calibrated 

before using it. In essence, the relationship between the output voltage from the 

Wheatstone bridge and the applied force must be assessed. This sensor calibration 

procedure assesses the amplitude sensitivity, the phase response and the seismic 

mass as function of the excitation frequency (from 5 Hz to 100 Hz) [30-33].  

The dynamic behaviour of force transducers can often be described by the 

simple spring mass model in Fig. 6.7. The force transducer is screwed on a vibration 

exciter and a rigid calibration body of known mass M is screwed on top of the force 

sensor. The shaker imposes a vibration (�̈�(𝑡) in Fig. 6.7) to the whole structure 

(comprising force transducer and screwed-on load mass). 
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Fig. 6.7 Schematic arrangement for the calibration of force transducers 

According to Newton’s second law, it is just the force of inertia which is effective at 

the connection between force transducer and load mass.  

𝐹 = (𝑚𝑠 + 𝑀)�̈� (6.5) 

The output signal 𝑣𝐹 of the force transducer is proportional to the measured 

deformation of the force transducer. When writing the force amplitude F as 

𝐹 =  𝑣𝐹/𝑆𝐹, equation (6.5) yields: 

𝑣𝐹 = 𝑆𝐹(𝑚𝑠 + 𝑀)�̈� (6.6) 

Where 𝑆𝐹 equals the force transducer sensitivity [mV/N], 𝑣𝐹 is he output voltage 

from the force transducer [mV], ms is the seismic mass [kg], M is the calibration 

mass [kg] and �̈� is the acceleration [m/s²] measured on top of the calibration mass. 

Equation (6.6) is valid if the mounting stiffness between the calibration mass and 

transducer is high enough to describe the assembly as a rigid body. 

The accelerometer output voltage is expressed as: 

𝑣𝐴 = 𝑆𝐴�̈� (6.7) 

Where 𝑆𝐴 is the accelerometer sensitivity [mV/(m/s²)] and 𝑣𝐴 is he output voltage 

from the accelerometer [mV]. The accelerometer sensitivity 𝑆𝐴 is accurately known, 

since it comes from a standard accelerometer. 

From equation (6.6) and (6.7), it follows that the voltage ratio 𝑣𝐹/𝑣𝐴 is 

related to the sensitivy ratio 𝑆𝑓/𝑆𝐴 as: 

𝑣𝐹

𝑣𝐴

=
𝑆𝐹

𝑆𝐴

(𝑚𝑠 + 𝑀) (6.8) 

When plotting 
𝑣𝐹

𝑣𝐴
 as function of (𝑚 + 𝑀), the slope s of the curve equals the 

sensitivity ratio 
𝑆𝐹

𝑆𝐴
 and the horizontal axis intercept equals the seismic mass ms. 

During calibration, several graphs of 
𝑣𝐹

𝑣𝐴
 should be obtained over a wide frequency 
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range. The slope s is calculated for each excitation frequency, hence the force 

transducer sensitivity 𝑆𝐹 is given by: 

𝑆𝐹 = 𝑠𝑆𝐴 (6.9) 

6.4.2 Handlebar force sensor calibration 

The dynamic calibration procedure is applied to the handlebar force sensor design 

from section 6.3. The calibration method is assumed for a cantilever beam 

configuration (Fig. 6.4). But the stem, which holds the handlebar at the centre, is not 

a rigid fixture and fully clamped boundary conditions cannot be realised either. 

Therefore, two different boundary conditions for the clamping mechanism of the 

handlebar are considered. In the first configuration the handlebar is rigidly clamped 

at the centre (Fig. 6.8a), whereas in the second configuration the handlebar is held 

by the stem (Fig. 6.8b). The influence of an additional mass M’, located at the 

opposite side of the handlebar, on the dynamic sensitivity is also investigated (cf. 

Fig. 6.8a). This analysis is useful since the handlebar is always held by two hands, 

cf. two suspended masses, during cycling. The test assembly in Fig. 6.8 is attached 

to an electrodynamic shaker, type LDS V870 with a useful frequency range from 

DC to 3000 Hz with maximum sine vibration force rating of 37.8 kN. 
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(a) 

 

(b) 

Fig. 6.8 Clamped boundary conditions for the handlebar: (a) rigid clamping mechanism 

at the centre of the handlebar, (b) in-situ boundary conditions with handlebar 

assembled to the stem. 

The discussion on the results from both test configurations (Fig. 6.8a and Fig. 6.8b) 

is given for the vertical force component at the left hand side of the handlebar only. 

The results from the other measuring directions are similar. The base excitation is a 

white noise signal with a r.m.s. level of 0.55 g in the frequency range 5-100 Hz. 

Seven calibration masses M are available: 0.7176 kg, 0.8900 kg, 1.0694 kg, 

1.4283 kg, 1.7946 kg, 2.1332 kg and 2.4920 kg. The reference accelerometer has a 

calibrated sensitivity of SA = 99.1 mV/g. The output voltage from the two 

Wheatstone bridges at one side of the handlebar is also measured. The voltage level 

from the orthogonal force component will be compared with the reference voltage 

signal 𝑣𝐹 for cross axis sensitivity. Theoretically, the voltage signal from the 

horizontal force component should be at noise level compared to the voltage level 

from the vertical force component. All signals are sampled with a sample frequency 

of 2048 Hz, the frequency response spectra 𝑣𝐹/𝑣𝐴 are calculated for a frequency 

resolution of 1 Hz and a Hanning window with 67 % overlap is used to reduce 

leakage errors. 

First, the test configuration with the firmly clamped handlebar is discussed 

(Fig. 6.8a). The dynamic sensitivity curve is measured for three different masses M’, 

the result is depicted in Fig. 6.9. It is noticed that the sensitivity value is not constant 

in the considered frequency range. This non-constant sensitivity is rarely seen with 
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commercial force sensors, though this does not prevent to calculate the correct force 

amplitude. The post-processing, however, is more complex, as will be discussed in 

Chapter 7. The curve with the largest additional mass M’ slightly deviates from the 

other curves near 80 Hz. This is probably due to a resonance frequency at 80 Hz at 

the handlebar side where this additional mass is connected. In conclusion, the result 

from this calibration procedure is reasonably good, as expected from the theoretical 

analysis in section 6.3. 

 

Fig. 6.9 Dynamic sensitivity curves with firm grip system at the centre of the handlebar 

(cf. Fig. 6.8a). 

Secondly, the test configuration with the handlebar fixed to the stem is investigated 

(Fig. 6.8b). The sensitivity curves are depicted in Fig. 6.10a. The calibration curve 

with M’ = 0 kg approximately matches with the corresponding curve in Fig. 6.9. The 

curve is free of fluctuations from resonances. This is in contrast with the calibration 

curves if an additional mass is added to the opposite side of the handlebar. The 

presence of resonance frequencies is dominantly present and more pronounced. This 

indicates that the stiffness of the boundary conditions significantly affects the force 

sensor dynamic response. The frequency range from DC to 35 Hz is free of 

resonances, as visualised in Fig. 6.10b. 
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(a) 

 

(b) 

Fig. 6.10 Dynamic sensitivity curves with handlebar clamped to the stem (cf. Fig. 6.8b): 

(a) 5-100 Hz frequency range, (b) 5-50 Hz frequency range. 

Besides the sensitivity of the force sensor, the phase response might also of 

particular importance. The phase lag between the force and acceleration is 

theoretically zero in this base excitation calibration test procedure. However, the 

signal from the acceleration sensors inherently has a phase delay which is due to the 

integrated high pass filter in the data acquisition hardware for IEPE signal 

processing. This phase lag between the force and acceleration is depicted in 

Fig. 6.11a and Fig. 6.11b for the frequency range 5-100 Hz and 5-50 Hz 

respectively. The phase fluctuations reflect the results from the sensitivity curves, 

only excitation frequencies below 35 Hz have satisfactory phase response. 
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(a) 

 

(b) 

Fig. 6.11 Phase response of handlebar force sensor: (a) 5-100 Hz frequency range, (b) 5-

50 Hz frequency range. 

A force sensor is also characterized by its seismic mass. The seismic mass can be 

derived from the calibration test procedure, as explained in section 6.4.1. The 

experimental result for the handlebar force sensor is depicted in Fig. 6.12. The 

seismic mass slightly oscillates at low frequencies but exponentially increases near 

the resonance frequencies.  
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Fig. 6.12 Seismic mass of handlebar force sensor. 

It is also important to verify the cross-axis force sensitivity. With a vertical base 

excitation, it is expected that the horizontal force amplitude equals zero. In practice 

this is not feasible because of minor misalignment of the strain gauges and effects 

from non-ideal boundary conditions which possibly introduces handlebar bending in 

the x-y plane. This is verified by comparing the r.m.s. amplitude of the orthogonal 

force components. The frequency response function from the vertical to horizontal 

force ratio is calculated. This is depicted in Fig. 6.13 for M’ = 1.4283 kg. The 

vertical force amplitude is on average 8.5 dB higher than the horizontal force 

amplitude. Hence, the vertical base excitation vibration contributes approximately 

14 % to the horizontal force measurement. The cross axis r.m.s. force ratio in the 

range 5-35 Hz for all calibration masses M and M’ is listed in Table 6.3.  

 

Fig. 6.13 Cross-axis force sensitivity for different calibration masses M and 

M’ = 1.4283 kg. 
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Table 6.3 Cross-axis force ratio between 5 Hz and 35 Hz 

Vertical to horizontal 

force ratio [dB] 

Mass at the opposite side of the handlebar M’ [kg] 

0 kg 1.4283 kg 2.4920 kg 

Calibration mass M 

[kg] 
   

0.7176 8.8 8.5 8.0 

0.8900 9.0 8.6 8.4 

1.0694 9.0 8.7 8.6 

1.4283 9.1 / 8.5 

1.7946 8.9 8.7 8.6 

2.1332 8.7 8.4 8.7 

2.4920 8.5 9.1 / 

6.5 CONCLUSION 

A strain gauge based handlebar force sensors in a cantilever beam configuration is 

implemented for dynamic load measurements in cycling. The handlebar is designed 

to measure the vertical and horizontal force at the left and right hand side. The 

handlebar design is a carbon composite tube which is clamped at the stem. This 

geometry is different from a normal racing bicycle handlebar design, though it is 

useful to assess the vibration isolation properties of many bicycle components 

(wheels, frames and front forks), except for the handlebar.  

The dynamic calibration procedure highlighted some relevant findings which 

should be considered. The dynamic behaviour of the handlebar shows no significant 

fluctuations when the handlebar is firmly clamped at the centre. However, when 

these theoretical boundary conditions are not fulfilled, large variations from the 

expected value are observed. This is seen when the handlebar is gripped by the stem 

of the bicycle, representing in-situ boundary conditions. The dynamic response of 

this component significantly disturbs the vibration properties of the handlebar force 

sensor. The frequency range is limited to 35 Hz instead of the proposed 100 Hz. 

Hence, it is necessary to calibrate the force sensor with in-situ boundary conditions 

rather than using idealised boundary conditions. It is the best representation of the 

sensor functionality when finally assembled in the system (cf. the bicycle). The 

downside is that the accuracy of the force sensor might reduce and extensive signal 

post-processing is necessary. In the next chapter, where the handlebar force sensor is 

used for comfort measurements, it will be verified if the range from DC to 35 Hz is 

sufficient to accurately measure the dynamic bicycle-cyclist interface at the 

handlebar. 
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Chapter 7.  

COMFORT MEASUREMENTS 

7.1 SCOPE 

Bicycle designers attempt to increase the vibration comfort through some well-

reasoned modifications to the bicycle, though the effect is difficult to prove. One 

possible explanation is that vibration comfort is mainly subjective and the comfort-

improving bicycle modifications are not necessarily valid for all cyclists. This 

chapter aims to fill up this void through quantifying cycling comfort. Therefore a 

fully instrumented racing bicycle is used for gathering vibration data from 

laboratory and outdoor tests. 

The cyclist’s comfort is directly related to the vibration isolation capacity of 

the bicycle. The vibration damping capacity of different front forks and bicycle 

frames was previously studied in Chapter 2 and 3. In the final stage of measuring the 

vibration damping of the bicycle and the contribution of different components, the 

cyclist must be part of the whole assembly. The same front forks and bicycle frames 

are selected from preceding chapters and this bicycle-rider assembly is excited 

through shaker excitation or in-situ testing. The road profile excitation determined in 

Chapter 5 will be used for shaker testing and the road profile in Fig. 5.1b is selected 

for the field test. The racing bicycle is prepared with the handlebar force sensor 

which is designed in Chapter 6. The contact force and the contact acceleration are 

measured at the left and right hand side in both the vertical and horizontal direction. 

This fully quantifies the comfort perception due to the hand-arm transmitted 

vibrations from road excitation. Three objective evaluation criteria will be used, 

based on acceleration, force and absorbed power. 

When determining the vibration behaviour of the bicycle in Chapter 5, it was 

clear that the cyclist has a dominant role in the dynamic behaviour of the bicycle-

rider assembly. The resonance frequencies shift and more damping is introduced. A 

test person is required for the comfort test, but on the other hand, he adds a 

significant amount of variability and complexity to the system. Comfort tests with 

two different persons possibly yield different results, the test person should be 

available and approval from the ethics committee might be necessary. Therefore, it 

is also investigated if the cyclist can be substituted by masses attached to the bicycle 

and the excitation signal is replaced by a white noise signal between 5 Hz and 

100 Hz. 
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This chapter wil pay most attention to possible effects which are related to (i) the 

dynamic interaction between the shaker and the structure under test for light and 

heavy damped systems, (ii) the effect of using ISO weighting filters which take 

intou account the effect of the human sensitivity to vibrations and (iii) the frequency 

range that is considered when analysing data. This chapter starts with verifying the 

the correct functioning of the handlebar force sensor in section 7.4. The shaker tests 

are discussed in section 7.5, the in-situ tests are analysed in section 7.6. This chapter 

ends with electromyography tests for assessing the muscle activity when vibration is 

superimposed to cycling during field tests. 

7.2 VIBRATION ANALYSIS FOR COMFORT MEASUREMENTS 

Human vibration is often referred to as whole-body vibration and hand-arm 

vibration. Results from scientific work on vibration comfort are often based on a 

biomechanical approach: the effects of vibration on the body are studied by 

measuring the mechanical responses of the biological tissue and using these 

responses to estimate risk of injury. One type of biomechanical approach is that of 

the impedance method, vibration measurements are made at one point only, the 

driving point. A second subcategory is that of the transmissibility methods, it 

compares the input vibration with the vibration at another location on the body. 

Although both subcategories have another measuring method, the inherent source 

for human sensitivity to vibrations is identical. As vibration is received by the 

human, it is transferred and distributed throughout the body. It is modified by the 

inertia, damping and the elastic restoring force of the connective muscle tissue and 

the skeletal structure [1]. 

7.2.1 Transmissibility method: whole-body and hand-arm 

vibration standards 

The principal concept of this analysis type is the transfer function. This function is 

the ratio of output information to the input which caused the output. The essential 

premise controlling the use of the transfer function is that the system is linear. 

Therefore, application of the transfer function to human dynamics requires the 

assumption that men behave as a linear system within the bounds of interest. If the 

force magnitude is not proportional to the displacement, or if the damping is not 

proportional to the velocity (in case of viscous damping), the system is nonlinear 

[2]. Well known results from the transmissibility approach are found in international 

standards ISO2631 [3] or BS6841[4]: these whole-body vibration standards evaluate 

acceleration levels at the seat, feet and back whereas vibrations near the hands are 

evaluated by the ISO 5349 hand-arm vibration standard [5]. The frequency 

weighting procedure implies that human response to whole body vibration is not 

only related to magnitude and duration but also to the frequency of the vibration. 

The purpose of the frequency weighting procedure is to compensate and to 

normalize for difference in human susceptibility and sensitivity at different 

frequencies. The effects of vibration on the comfort of a seated person exposed to 

periodic, random or transient vibration are assessed in the frequency range 0.5 to 80 
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Hz. The overall r.m.s. value of the frequency-weighted acceleration, in case of a 

vibration composed out of three orthogonal directions at one point, is given in 

equation (7.1). 

𝑎𝑣 = √(𝑘𝑥𝑎𝑤𝑥)
2 + (𝑘𝑦𝑎𝑤𝑦)

2
+ (𝑘𝑧𝑎𝑤𝑧)

2 
(7.1) 

The frequency weighted r.m.s. acceleration awi is multiplied with the corresponding 

factor ki. The multiplying factors ki are equal to one for seated persons. Hand-arm 

vibration analysis use the same methodology, though another weighting filter (which 

is the same for all vibration directions) should be used. 

7.2.2 Impedance method: absorbed power 

Absorbed power analysis belongs to the category of impedance measures. The 

theoretical considerations of the impedance methods are based on the view that 

man’s response in a vibratory environment can be determined through measurement 

of input conditions only. Pradko and Lee [2] stated that the combination of both the 

contact force and contact velocity is a better measure of vibrational comfort as it 

takes the actual amount of energy transferred to the body into account and it takes 

the interplay into consideration between the vibrating structure and the body in 

contact with it. The absorbed power method assumes that a certain amount of 

absorbed power is equally harmful or causes an equal feeling of discomfort for the 

human being, regardless of the frequency. The result is a scalar quantity expressed 

in Watts and thus allows for adding up the contribution from different contact points 

and different axes of vibration. Other common impedance methods are mechanical 

impedance and apparent mass. The absorbed power method differs from the other 

impedance methods in two aspects: (i) the spectral content of absorbed power 

depends on the excitation spectrum and (ii) it is proportional with the stimulus 

amplitude. Both the mechanical impedance and the apparent mass method do not 

have these properties because they are ratio measures. The absorbed power method 

is preferred over the other methods as the former will reflect the road excitation in a 

cycling environment. Parameters as road type, tyre pressure or cycling speed may 

change the excitation spectrum at the cyclist-bicycle interface, which consequently 

will be reflected in the absorbed power measures. Another reason why absorbed 

power is preferred over the other impedance methods is that power is expressed in 

Watt. In the cycling world, or sports in general, the unit Watts is well known and 

thus the comfort loss in terms of Watts is easy to understand. 

Absorbed power calculation in the frequency domain is equivalent with 

calculating the active power (or real part of the power) in an electrical network. The 

voltage U and the current I from the electrical network correspond respectively with 

the velocity V and the force F (equation (7.2)). The total absorbed power is the sum 

of all individual frequency components ω in the frequency spectrum. 
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𝑃𝑎𝑏𝑠 = ∑ 𝑅𝑒[𝐹𝑅𝑀𝑆(𝑉𝑅𝑀𝑆)
∗]

𝜔

 (7.2) 

The relationship between the force and the velocity in equation (7.2) is graphically 

presented in Fig. 7.1. The force �⃗� and acceleration 𝐴 are delayed by a phase angle δ 

and the velocity �⃗⃗� lags the acceleration by π/2 radians. Based on this vector 

diagram, equation (7.2) yields equation (7.3). The velocity V is calculated by 

dividing the acceleration A by the frequency ω. 

𝑃𝑎𝑏𝑠 = ∑ 𝑅𝑒 [𝐹𝑅𝑀𝑆𝑒
𝑗𝜑 (

𝐴𝑅𝑀𝑆

𝜔
𝑒𝑗(𝜃−

𝜋
2
))

∗

]

𝜔

 

= ∑ 𝑅𝑒 [
𝐹𝑅𝑀𝑆𝐴𝑅𝑀𝑆

𝜔
𝑒𝑗(

𝜋
2
+𝜑−𝜃)]

𝜔

 

= ∑ 𝑅𝑒 [
𝐹𝑅𝑀𝑆𝐴𝑅𝑀𝑆

𝜔
𝑒𝑗(

𝜋
2
−𝛿)]

𝜔

 

= ∑ 𝑅𝑒 [
𝐹𝑅𝑀𝑆𝐴𝑅𝑀𝑆

𝜔
𝑗𝑒−𝑗𝛿]

𝜔

 

(7.3) 

 

Fig. 7.1 Vector plot of force and velocity to calculate the absorbed power. 

The absorbed power can also be calculated in the time domain. The discrete from of 

the integral formulation is given in equation (7.4). This formulation requires the 

force and the velocity. The force is measured but the velocity should be calculated 

from the time domain acceleration signal. 

𝑃𝑎𝑏𝑠 =
1

𝑇
∑𝑓𝑖(𝑡)𝑣𝑖(𝑡)∆𝑡

𝑁

𝑖=1

 (7.4) 

7.3 VIBRATION DAMPING VERSUS VIBRATION ISOLATION 

Vibration damping and vibration isolation should not be confused with each other 

because they have a different meaning in the vibration research area. The vibration 

damping is a measure for the energy dissipation of a structural component. It is 
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solely due to the capacity of the material to dissipate vibration energy, typically into 

heat. Vibration damping is thoroughly studied in Part I of this dissertation, where the 

energy dissipation of the front fork, the bicycle frame and the wheel is measured 

with different test and analysis techniques. The vibration isolation is a property of 

the whole structure or assembly; it includes the mass distribution, the static stiffness 

and the vibration damping. Vibration isolation reflects the effectiveness of the 

structure to attenuate unwanted vibrations from the excitation source to the contact 

point with the environment. For example, the bicycle is the structure, the excitations 

source is due to road excitations and the contact point with the environment is the 

handlebar or the seat. 

The concept of vibration damping and vibration isolation is explained with a 

single degree of freedom (SDoF) assembly, cf. Fig. 7.2. The amplitude 

reinforcement (or transmissibility TR) is given by equation (7.5). Where the 

excitation frequency is 𝜔, the natural frequency is 𝜔𝑛 and the modal damping ratio 

is 휁. 

 

Fig. 7.2 Vibration isolation of a SDoF 

 

𝑇𝑅 = |
𝑞

𝑦
| =

√1 + (2휁
𝜔
𝜔𝑛

)

√(1 − (
ω
𝜔𝑛

)
2

)
2

+ (2휁
𝜔
𝜔𝑛

)
2

 
(7.5) 

The TR is graphically depicted in Fig. 7.3. Effective isolation (TR < 1) of the ground 

vibration 𝑦(𝑡) takes place for 
𝜔

𝜔𝑛
 >  √2. For 

𝜔

𝜔𝑛
 >  3 it is seen that the TR < 0.1, 

which means that only 10% of the excitation amplitude is transmitted. Near the 

resonance peak, when the excitation frequency 𝜔 equals the natural frequency 𝜔𝑛, 

the influence of the damping 휁 is significant. Away from this peak, damping does 

not play a significant role anymore. 
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Fig. 7.3 Transmissibility of SDoF (cf. equation (7.5)) 

Very important here to note is that only one natural frequency of the system is 

assumed. The bicycle-cyclist assembly shows much more complexity, with multiple 

resonance frequencies, complex damping mechanisms and non-linear viscoelastic 

effects. Nevertheless, the basic idea behind the vibration isolation concept of the 

bicycle is identical. This concept is depicted in Fig. 7.4a where the ground excitation 

is represented by 𝑦(𝑡), the handlebar vibration response is 𝑞(𝑡) and the energy 

dissipation of the individual components is denoted as Δ𝑈𝑖 ± 𝑑𝑢𝑖. This physical 

model can be substituted by a multi degree-of-freedom (MDoF) model, as given in 

Fig. 7.4b. Such a model allows a parameter study on the vibration response of the 

system. e.g. the influence of the damping capacity Δ𝑈𝑖 ± 𝑑𝑢𝑖 could be examined. 

However, such a theoretical analysis falls out of scope of this dissertation. 
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(a) 

 

(b) 

Fig. 7.4 Vibration isolation of the bicycle-cyclist assembly with the individual energy 

dissipation components: (a) physical system (with picture of bicycle with cyclist from 

[6]), (b) MDoF representation for vibration isolation interpretation (with hand-arm 

MDoF representation from [7]). 

7.4 MEASURING ERROR ESTIMATION 

Three vibration quantities will be used for comfort evaluation: acceleration, force 

and absorbed power. Absorbed power combines the signals from the force and 

acceleration sensor. For a correct interpretation of the data, it is advised to estimate 

the measuring errors. Minor measuring errors are expected from the acceleration 

sensors, the sensor sensitivity tolerance is ± 2 % as indicated by the manufacturer. 

The calibration results from the handlebar force sensor limit the dynamic range to 

35 Hz and the sensitivity is non-linear as well (Fig. 6.10b). This non-linear curve is 

piecewise approximated. The first section, between DC and 15 Hz, has a constant 

value of 5 ∙ 10−3 mV/N. The second piece ranges from 15 Hz till 35 Hz with a linear 

slope of −2.5 ∙ 10−5 (mV/N)/Hz. The sensitivity is set to 10 mV/N for frequencies 

above 35 Hz, this forces the spectral content beyond 35 Hz to zero.  
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Fig. 7.5 Piecewise approximation of non-linear handlebar force sensitivity. 

The error on the force calculation is potentially very high, though it depends on the 

spectral content of the force signal. This can be verified by selecting a typical force 

signal from a comfort test through shaker excitation, as will be discussed in 

section 7.5. The power spectral density from the raw force signal, measured in the 

vertical direction at the left hand side of the handlebar, is depicted in Fig. 7.6. The 

r.m.s. value in the frequency range 5-35 Hz and 5-100 Hz is 0.1098 mV and 

0.1130 mV respectively. The force spectral content beyond 35 Hz is negligible, 

which permits limiting the force sensor dynamic range from DC to 35 Hz. 

 

Fig. 7.6 PSD from raw force signal, without sensitivity correction. 

The phase correction (Fig. 7.7) is important for the absorbed power calculation. This 

phase correction is necessary because this is an artificial phase which is introduced 

by signal data acquisition, as discussed in section 6.4.2. Fig. 7.8 depicts the phase 

between the force and the acceleration measured in the vertical direction at the left 

hand side when a cyclist is positioned on the bicycle. This results stems from 

section 7.5, analysing the cyclist’s comfort in laboratory environment with shaker 

testing. This phase is due to the energy absorption in the human body, which is a 

physical phase. This phase is many orders of magnitude larger than the phase 
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introduced by the sensors; this phase correction is also depicted in Fig. 7.8. The 

solid line is the measured phase delay; the dashed line is the true phase after phase 

correction. The difference between both reflects the phase correction curve in 

Fig. 7.7, the phase correction is maximum at low frequencies and reduces to zero 

near 35 Hz. The absorbed power value between 5 Hz and 35 Hz is 1.4155 W and 

1.4085 W, with and without phase correction, respectively. Hence, the absorbed 

power value is almost unaffected by the phase delay from the sensors and data 

acquisition hardware. Nevertheless, future analysis will use this phase correction for 

completeness. 

 

Fig. 7.7 Logarithmic curve fit for phase response of handlebar force sensor. 

 

 

Fig. 7.8 Phase between force and acceleration signal, with and without phase correction 

(cf. Fig. 7.7). 

At last, the contribution of the seismic mass to the force amplitude and the absorbed 

power value should also be investigated. The measured force in a base excitation 

system is acceleration times the sum of the suspended mass M and the seismic mass 
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expressed in equation (7.6), where F is the measured force and F’ the corrected 

force. Other quantities reflect to Fig. 7.1. 

𝐹′ = (𝐹 − 𝑚𝑆𝐴)𝑒𝑗𝜑  (7.6) 

The seismic mass is approximated by a linear fit, as depicted in Fig. 7.9. The result 

on the force PSD is visualised in Fig. 7.10. The seismic mass reduces the force 

amplitude at higher frequencies, which implies that the apparent mass from the 

cyclist is lower with higher frequencies. The r.m.s. force amplitude equals 22.3 N 

without seismic mass correction and equals 21.4 N with seismic mass correction.  

 

Fig. 7.9 Linear fit approximation for seismic mass between 5 Hz and 35 Hz. 

 

Fig. 7.10 PSD from force signal with and without seismic mass correction. 

Second, the contribution of this seismic mass to the absorbed power should be 

considered. This is deducted in equation (7.7). The force sensors do not contribute to 

the absorbed power because the sensors do not have inherent damping; they function 

as a solid mass ms only. However, the reduced force amplitude will give a lower 

absorbed power value. In conclusion, seismic mass correction should be 
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implemented because it affects both the force and absorbed power value. The 

absorbed power reduces from 1.4155W to 1.3348 W after seismic mass correction. 

𝑃𝑎𝑏𝑠 = ∑ 𝑅𝑒 [(𝐹𝑅𝑀𝑆 − 𝑚𝑆𝐴𝑅𝑀𝑆)𝑒
𝑗𝜑 (

𝐴𝑅𝑀𝑆

𝜔
𝑒𝑗(𝜃−

𝜋
2
))

∗

]

𝜔

 

= ∑ 𝑅𝑒 [
𝐹𝑅𝑀𝑆𝐴𝑅𝑀𝑆 − 𝑚𝑠𝐴𝑅𝑀𝑆

2

𝜔
𝑗𝑒−𝑗𝛿]

𝜔

 

(7.7) 

The absorbed power can be calculated in the frequency and time domain, as 

explained in section 7.2.2. The frequency domain procedure is relatively easy 

because the spectral velocity amplitude is calculated by dividing the spectral 

acceleration amplitude by the frequency ω. This is the challenging part in the time 

domain approach, where the velocity is calculated by integrating the acceleration 

signal in the time domain. The acceleration integration process is calibrated in 

laboratory environment. The calibration procedure is to generate a vibrational 

motion by means of the shaker and measuring both the acceleration and velocity 

signal. The velocity signal is measured with the laser Doppler vibrometer. Preceding 

the effective calibration test, first a representative acceleration signal should be 

acquired to be composed by the shaker. This is necessary because the integration 

accuracy depends on the amplitude and phase frequency response and noise level of 

the accelerometer. A typical acceleration signal is selected from a comfort test 

through shaker excitation, as will be discussed in section 7.5. This signal can be 

imported into the shaker software and consequently is available for reproduction in 

laboratory environment. An accelerometer is mounted on the outgoing shaft of the 

shaker and a laser beam coming from a laser Doppler vibrometer is pointed next to 

the accelerometer for measuring the exact velocity. Fig. 7.11 shows that the 

integration process is successful; the integrated signal matches almost perfectly with 

the real time velocity from the LDV. The time window is selected after 54 s of 

integration time; this illustrates that the integrated signal is not drifting in time after 

a long measuring time. 
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Fig. 7.11 Accuracy of acceleration integration method through comparison with 

velocity signal from laser Doppler vibrometer. 

The absorbed power calculation in the time domain (cf. equation (7.4)), after 

correcting for amplitude, phase and seismic mass, gives 1.3366 W. This is quasi 

identical to the frequency domain calculation (cf. equation (7.7)), where the 

absorbed power value is 1.3348 W. This confirms once more the correct acceleration 

integration procedure. 

In conclusion, this measuring error estimation section pointed out some 

important aspects concerning force and absorbed power measurements. The artificial 

phase delay due to IEPE sensors and DAQ hardware has minor effects to the 

absorbed power calculation. The error on the absorbed power value with and 

without phase correction is less than 0.5 %. The force and the absorbed power 

should be corrected with the seismic mass. The relative difference with the 

uncorrected force and absorbed power value is respectively 4 % and 6 %. At last, 

absorbed power calculation in the time or frequency domain is identical, which 

proves the correct acceleration integration procedure for velocity calculation. 

7.5 LABORATORY SHAKER TESTS 

The handlebar force sensor is fully characterized and is ready to be used for the 

comfort measurements. Both field tests and laboratory tests will be implemented; the 

lab environment testing is discussed first. Laboratory tests are preferred over field 

tests if many test parameters are selected and it allows setting up test configurations 

which are not possible with field testing. 

7.5.1 Description of test equipment 

The tests configuration is depicted in Fig. 7.12. The shaker excites the front end of 

the bicycle and the rear end of the bicycle is connected with the ground. The rear 

end of the frame is free to rotate in plane of the bicycle frame. The front fork of the 

bicycle is a sliding contact, without a front fork axis between both fork ends. This is 
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done on purpose, which will be explained in section 7.5.2.a. It is chosen to only 

excite the front end of the bicycle. Hence, the response at the handlebar is solely due 

to one excitation source which avoids cross effects from the rear end excitation to 

the handlebar. The response at the handlebar is a combination of (i) the vibration 

transmission from the front end excitation to the handlebar and (ii) the vibration 

transmission from the rear end excitation to the handlebar. Assume the expression in 

(7.8), 

handlebar response = α·(front end excitation) + β·( rear end excitation) (7.8) 

Where α and β are the vibration transmission coefficients, with α dominated by the 

front fork and β dominated by the bicycle frame. Hence, modifications to the front 

fork are not 1:1 reflected in the handlebar response. This cross-talk effect possibly 

reduces the chance to detect the vibration isolation properties of the front fork. 

In Chapter 4, it was found that the bicycle wheel adds a large amount of 

damping and energy absorption to the system. In this respect, the front wheel is 

omitted from the test setup to avoid the interaction between the wheel and the front 

fork, which could possibly bias the vibration response at the handlebar. Another 

reason is found in the construction of the test setup. The first resonance frequency of 

the rear end support (Fig. 7.12c) is beyond 100 Hz, which results from FE analysis. 

Mounting a front wheel to the bicycle would require a longer support length, moving 

the first resonance frequency below 100 Hz. This should be avoided since the 

vibration of the rear support adds uncorrelated noise to the system.  
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(a) 

 

(b) 

 

(c) 

Fig. 7.12 Test configuration for shaker test: (a) global overview, (b) sliding contact at 

front end, (c) hinge support at rear end of bicycle frame. 

Two loading configurations are selected: (i) with dead mass on both ends of the 

handlebar (Fig. 7.13a) and (ii) with a cyclist sitting on the bicycle (Fig. 7.13b). 

For the first test configuration, dead masses of 2.5 kg are attached at the free 

ends of the handlebar and a white noise random excitation signal (5-100 Hz, 

0.33 grms) is imposed by the shaker. The mass of 2.5 kg is decided based on the 

dynamic mass acting on the handlebar, cf. section 6.3. 

The road profile from section 5.3.2.c  is selected for the configuration with 

cyclist. The cyclist is a dominant component in the whole assembly, it adds a 

significant amount of damping to the system and the weight of the assembly is 

increased. Therefore, the cyclist should maintain a constant position on the bicycle. 

Ideally, he should be able to fix his vertical and horizontal force distribution at all 

contact points (the handlebar, the seat and the pedals). This is practically impossible 

and force sensors would be required at each contact point. The test person is asked 

to maintain a constant vertical force at the left and right hand side of the handlebar. 

Once the cyclist is in a comfortable pose, the DC value is registered and is set as the 

target value for all other measurements. 
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(a) 

 

(b) 

Fig. 7.13 Test configurations: (a) test with mass on each side of the handlebar, (b) 

cyclist positioned on the bicycle. 

7.5.2 Parameter analysis 

The subsequent sections describe the results from each test parameter. All front 

forks A to F (listed in Table 3.4) are tested in combination with the aluminium 

bicycle frame. Next, the three bicycle frames (MF5, aluminium and EMX525) are 

mounted with front fork A. The MF1 bicycle frame is omitted from the test since the 

MF5 has the highest percentage flax fibre. Hence, the contrast in frame material 

with the full carbon and the aluminium bicycle frame is larger. The effect of the 

handlebar grip force to the cyclist’s comfort is also tested. The aluminium bicycle 

frame in combination with front fork B is selected for this test. The tests with the 

front fork and bicycle frames are assessed with both a cyclist and the weights at the 

handlebar. 

The analysis method is equal for all parameter investigations. The ISO 

weighted acceleration, the force, the absorbed power and the transmissibility 

coefficient are calculated. The r.m.s. acceleration at the left and right hand side is 

calculated with equation (7.1), the r.m.s. force is the square root of the sum of the 

squared r.m.s. values in the horizontal and vertical direction, the absorbed power is 

simply the sum of the vertical and horizontal component and the total 

transmissibility coefficient equals the sum of the horizontal and vertical component. 
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The results are represented as bar plots, indicating the mean value and the lower and 

upper limit of the 95 % confidence interval from 5 measurements. The test person 

takes a 1 minute break between each test and before the test he adjusts his position 

to maintain a constant vertical force at the left and right hand side of the handlebar. 

The statistics for the test with the masses at the handlebar are calculated from 5 

independent measurements; the whole test setup (bicycle frame, front fork and 

handlebar) is reassembled with each measurement. 

7.5.2.a Front fork 

The first part discusses the configuration with the dead masses fixed to the 

handlebar. The carbon front fork (A in Table 3.4) and the carbon front fork with one 

sheet of flax fibre (B in Table 3.4) are selected for this analysis. Fig. 7.14 depicts the 

acceleration and force response at the left and right hand side of the handlebar, cf. 

the light and dark coloured bars respectively. The bar plots on the left hand side of 

Fig. 7.14 give the output-only analysis, the r.m.s. acceleration at the left and right 

hand side is calculated with equation (7.1) and the r.m.s. force is the square root of 

the sum of the squared r.m.s. values in the horizontal and vertical direction. The bar 

plots on the right hand side of Fig. 7.14 give the values normalised with the shaker 

acceleration. In this case, the corresponding value is the sum of the data points in the 

frequency range from 5 Hz till 100 Hz. Several trends can be observed. 

The r.m.s acceleration for front fork A is larger than for front fork B (cf. 

Fig. 7.14a) but the opposite is observed after normalizing with the shaker 

acceleration (cf. Fig. 7.14b). The force value tends to be higher for front fork A 

based on the output-only analysis (Fig. 7.14c) but the force level for front fork A 

and B is almost equal after normalising (Fig. 7.14d). 

Another observation is that the 95 % confidence intervals (CI) are relatively 

smaller after normalising with the shaker acceleration. The upper and lower limit of 

the 95 % CI can be expressed as the percentage error of the mean value. This result 

is listed in Table 7.1, indicating that normalizing positively influences (i.e. 

decreases) the scatter on the mean value. Small CI are preferred to draw conclusions 

whether or not values are significantly different from each other. 

A third observation is that the difference between the left and right hand side 

become more pronounced, cf. comparing Fig. 7.14a with Fig. 7.14b and Fig. 7.14c 

with Fig. 7.14d. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.14 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for front fork A and B with 2.5 kg mass at each side of 

the handlebar: (a) ISO weighted acceleration (5-100 Hz), (b), normalised ISO weighted 

acceleration (5-100 Hz) (c), handlebar force (5-35 Hz) (d) normalised handlebar force (5-

35 Hz). 

 

Table 7.1 The upper and lower limit of the 95 % CI expressed as the percentage 

deviation of the mean value, before and after normalising with the shaker acceleration 

CI percentage 

error of the 

mean value 

[%] 

Acceleration Force 

Output-only 

analysis 

Normalized 

value 

Output-only 

analysis 

Normalized 

value 

Front fork A 

Left hand side 12 1 9 1 

Right hand side 11 2 8 2 

Front fork B 

Left hand side 4 3 5 2 

Right hand side 4 4 6 3 

The difference between the output-only data and the normalised data was initially 

not expected because the input excitation, generated by the shaker should be the 

same for each test. The r.m.s. value from the shaker acceleration is shown in 

Fig. 7.15a. The r.m.s. value is quasi identical for each of the five independent 
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measurements. The difference between the lowest and the highest value is 0.004 g. 

But, the excitation level analysed in the frequency domain (in Fig. 7.15b) shows 

larger fluctuations. Specifically between 20 Hz and 40 Hz, the spectrum deviates 

from the general trend. This perturbation correlates with the resonance frequency of 

the bicycle assembly, as illustrated in Fig. 7.16a and Fig. 7.16c, respectively for the 

acceleration and force measured in the vertical direction at the right hand side of the 

handlebar. The amplitude in the region of the resonance frequency shows a lot of 

variation for the five tests. After normalizing (cf. Fig. 7.16b and Fig. 7.16d), the 

scatter is significantly reduced. This indicates a strong interaction between the 

structure under test (the bicycle assembly) and the shaker, even though the r.m.s. 

value is unaffected. 

The scatter of the results after normalizing is specifically observed near the 

resonance frequencies. In the configuration with the dead masses, the damping is 

caused by material damping and friction damping. The material and friction 

damping are very small values compared to damping from a cyclist. Minor changes 

to the friction damping through preloading the assembly has consequences for the 

total system damping of the test setup. This is emphasized near the resonance 

frequencies of the system, where the response is dominated by the damping. Hence, 

the amplitude deviations near resonance are due to reassembling the front fork, the 

bicycle frame and the handlebar. This is also the reason for omitting the front wheel 

hub, cf. Fig. 7.12b. The quick release mechanism for attaching the hub to the front 

fork elevated the amplitude oscillations even more near the resonance frequencies. 

 

(a) 

 

(b) 

Fig. 7.15 Vibration level from shaker acceleration for 5 independent measurements (for 

the case study with front fork A): (a) r.ms. value (5-100 Hz), (b) power spectral density 

(5-100 Hz). 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.16 Acceleration and force measured in the vertical direction at the right hand side 

of the handlebar for 5 independent measurements (for the case study with front fork A): 

(a-c) output-only analysis, (b-d) normalized with shaker acceleration. 

Fig. 7.17 depicts the results for the different front forks. The force measurement at 

the steel front fork (F) is not available and the confidence interval for the flax-

carbon front fork (E) is not given since only two measurements were available. 

The normalised ISO weighted acceleration is calculated in the frequency 

interval 5-35 Hz and 5-100 Hz, respectively in Fig. 7.17a and Fig. 7.17b. The trend 

for the different front forks is totally different, which indicates that the vibration 

isolation properties are strongly influenced by the considered frequency range. And 

vice versa, the excitation spectral content can change the ranking of different front 

forks, which means that different road spectra can yield different results. 

The trend for the normalised handlebar force, with and without ISO 

weighting is also different, respectively in Fig. 7.17e and Fig. 7.17d. This is an 

important finding, where the experimenter should make the decision whether or not 

to relate the vibration isolation properties of the bicycle assembly with the human 

sensitivity to vibrations (cf. the ISO weighting).  

The trend for the ISO weighted force and ISO weighted acceleration, cf. 
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and force are related to each other by the mass M, which is constant in this test 

configuration. This confirms the correct functioning of the handlebar force sensor. It 

makes no sense to compare the handlebar force (Fig. 7.17c) with the ISO weighted 
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totally different, only signals with the same data operations can be compared with 

each other. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.17 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different front forks with 2.5 kg mass at each side of 

the handlebar: (a) normalised ISO weighted acceleration (5-100 Hz), (b), normalised 

ISO weighted acceleration (5-35 Hz) (c), normalised force (5-35 Hz) (d) normalised ISO 

weighted force (5-35 Hz). 

The second configuration is when a cyclist is seated on the bicycle. A thorough 

analysis of the vibration data is presented, prior to giving the results from the 

different front forks. The carbon front fork (A in Table 3.4) and the hybrid flax-

carbon front fork (E in Table 3.4) are selected for this analysis. 

The r.m.s. ISO weighted acceleration, the r.m.s. force and the absorbed 

power from the output-only analysis are shown on the left hand side of Fig. 7.18. 

The graphs at the right hand side of Fig. 7.18 depict the output data normalized with 

the acceleration signal from the input excitation. The bar plots in Fig. 7.18 represent 

the mean with the 95 % confidence interval. The light and dark coloured bar 

represent the left and right hand side of the handlebar respectively. 

Normalising the vibration response at the handlebar with the shaker 

acceleration has only effect on the ISO weighted acceleration (Fig. 7.18a and 

Fig. 7.18b); the other vibration measures are limited influenced by this operation. 

This is in large contrast with the normalised vibration response with the dead 

masses, where a large difference was observed on the vibration response with and 
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without normalisation. The excitation profile is totally different in both test 

configurations, this could be a possible reason, but it is most likely the added 

damping from the cyclist which attenuates the interaction between the test assembly 

and the shaker.  

 

(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

(f) 

Fig. 7.18 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar when a cyclist is positioned on the bicycle: in the left 

column for output-only analysis, in the right column for vibration data normalized with 

the shaker excitation acceleration. The light and dark coloured bar represent the left 

and right hand side of the handlebar respectively. 
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found in the position of the cyclist, cf. the handlebar grip technique. This is 

illustrated in Fig. 7.19. The cyclist tries to maintain a constant vertical DC force at 

the left and right hand side during the test. A large difference is noted for the test 

case with front fork A (Fig. 7.19a) and front fork E (Fig. 7.19b). The cyclist was not 

able anymore to hold a constant DC force for front fork E, where this was possible 

for front fork A. This is attributed to fatigue of the cyclist, front fork A was tested at 

the beginning of the day whereas front fork E was tested at the end of the day. The 

rider perceived more difficulties to control and maintain a constant position on the 

bicycle. This underlines the importance of holding a constant DC force during the 

test. It is expected that the scatter on the results will significantly reduce when the 

DC force is held between narrow limits, e.g. ±2 % and the tests should be assessed 

during several days to avoid fatigue of the cyclist. 

Consequently, the results from the different front forks cannot be correctly 

interpreted. The results are provided to show which error can be expected 

(Fig. 7.20). 

 

(a) 

 

(b) 

Fig. 7.19 Vertical handlebar DC force: (a) front fork A, (b) front fork E. 
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(a) 

 

(b) 

 

(c) 

Fig. 7.20 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different front forks for the configuration when a 

cyclist is positioned on the bicycle: (a) normalised ISO weighted acceleration, (b) 

normalised ISO weighted force, (c) normalised absorbed power. 

7.5.2.b Bicycle frame 

The findings from the test configuration with the dead masses at the handlebar are 

analogous to the analysis with the different front forks. The shaker excitation level 

was also different for the three test cases (Fig. 7.21a). The input excitation from the 

aluminium bicycle frame was higher than the flax-carbon and carbon composite 

bicycle frame. This is attributed to the variation of the dynamic properties (stiffness, 

mass, damping and resonance frequencies) of the bicycle frames being tested. This 

changes the interaction between the shaker and the bicycle frame, which in turn 

disturbs the excitation profile from the shaker.  

This has consequences for the output-analysis, as illustrated in Fig. 7.21b and 

Fig. 7.21c, analysing the ISO weighted acceleration in the frequency range 5-

100 Hz. The vibration response for the aluminium bicycle frame is remarkably 
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trend. 
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force sensor. The trend for the different front forks in this frequency range is totally 

different and normalizing has negligible effects on this trend. 

The force level, with and without normalizing in Fig. 7.21f and Fig. 7.21g, is 

analogous to the acceleration level. This confirms once more the correct functioning 

of the handlebar force sensor. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

(f) 

 

(g) 

Fig. 7.21 Vibration response from test configuration with dead masses and different 

bicycle frames: (a) PSD from shaker acceleration, (b) ISO weighted acceleration (5-

100 Hz), (c) normalised ISO weighted acceleration (5-100 Hz), (d) ISO weighted 

acceleration (5-35 Hz), (e) normalised ISO weighted acceleration (5-35 Hz), (f) 

handlebar ISO weighted force (5-35 Hz), (g) normalised ISO weighted force (5-35 Hz). 
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The results from the bicycle frame tests with a cyclist positioned on the bicycle 

showed the same shortcoming as with the front fork (section 7.5.2.a). The handlebar 

DC force shows too much variation to draw conclusions on the difference between 

different bicycle frames. Anyway, the results for the different bicycle frames are 

depicted in Fig. 7.22, without providing additional comments because of the too 

large uncertainty level on these measurements. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.22 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar from test configuration with cyclist and different bicycle 

frames: (a) normalised ISO weighted acceleration (5-100 Hz), (b) normalised ISO 

weighted acceleration (5-35 Hz), (c) normalised ISO weighted force (5-35 Hz), (d) 

handlebar ISO weighted absorbed power (5-35 Hz). 
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Fig. 7.23. 
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power value. Hence, the force amplitude dominates the absorbed power value. The 

cyclist perceived the reduced contact force as more comfortable, which means that 

vibration comfort perception correlates best with absorbed power or handlebar force 

but not with acceleration. Thus, a high acceleration level does not yield reduced 

comfort in this case. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.23 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar from test configuration with cyclist applying different 

handlebar DC force: (a) normalised ISO weighted acceleration (5-100 Hz), (b) 

normalised ISO weighted acceleration (5-35 Hz), (c) normalised ISO weighted force (5-

35 Hz), (d) handlebar ISO weighted absorbed power (5-35 Hz). 

7.6 IN-SITU FIELD TESTS  

The ‘real-world’ situation of field tests differs in several aspects from laboratory 

testing. An uneven road surface excites the bicycle at the wheel in both horizontal 
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environment when single axis shaker testing is used. Further on, the cycling speed 

determines the inertia of the bicycle-rider system, which probably will change the 

wheel trajectory when passing the irregular road surface. Next, the bicycle-cyclist 
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outdoor field tests. The importance of a stationary and constant cyclist pose on the 

bicycle to draw accurate results is indicated in previous sections. However, during 

cycling in outdoor environment it is practically impossible to fulfil these 
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The cyclist constantly shifts his position due to pedalling and the cyclist bounces 

(moving forth- and backward) on the bicycle due to the horizontal excitation from 

the road roughness. Thus, the vibration level (acceleration, force and absorbed 

power) reflects the ‘natural’ position of the cyclist on the bicycle during cycling. 

7.6.1 Description of test equipment 

The field tests focus on the front end of the bicycle, in analogy with the laboratory 

tests in section 7.5. The handlebar force sensor is mounted onto the bicycle frame 

and the acceleration at the front fork axis is also measured, this is depicted in 

Fig. 7.24. The handlebar force and acceleration is measured at the left and right hand 

side in the vertical and horizontal direction and the front fork wheel axis 

acceleration is measured in the vertical and horizontal direction. Fig. 7.25 depicts 

the practical configuration. The brake and rear gear shifting mechanism is fixed at 

the top of the front fork tube (Fig. 7.25a); the acceleration at the front fork axis is 

measured on the mounting stud which is screwed onto the font fork axis 

(Fig. 7.25b). The acquisition hardware, power supply and laptop are carried by the 

cyclist in a backpack (Fig. 7.26). The weight of the backpack is approximately 6 kg. 

 

Fig. 7.24 Vibration measuring points at the bicycle for field testing. 

(a) 

 

(b) 

Fig. 7.25 Test configuration for field tests: (a) handlebar force and acceleration, (b) front 

fork axis acceleration in the x and z-direction. 
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(a) 

 

(b) 

Fig. 7.26 Field test: (a) front view, (b) rear view with cyclist carrying the backpack. 

7.6.2 Parameter analysis 

All field tests are assessed on the road surface with the large cobblestones, cf. 

Fig. 5.1b. The track length is 300 m, each test is repeated five times and each time 

the cyclist rides in the same direction. The vibration is given by the ISO weighted 

r.m.s. acceleration, the ISO-weighted r.m.s. force and the absorbed power. The mean 

and the 95% confidence interval is calculated from the 5 measurements. 

Five parameters are selected: (i) tyre pressure, (ii) cycling speed, (iii) 

handlebar grip technique, (iv) gear ratio and (v) bicycle frame material. These test 

parameters change in one aspect from the reference test which has the following 

parameters. 

 The front tyre pressure is 4 bar and the rear tyre pressure is 7 bar. The front 

tyre pressure is reduced for enhanced comfort for the cyclist during the 

tests. The rear wheel tyre pressure is 7 bar to avoid accidental contact 

between the ground surface and the rim due to the larger mass at the rear 

wheel axis. 

 The cycling speed is 20 km/h. 

 The handlebar is held with intermediate force, cf. a natural pose of the 

cyclist on the bicycle. 

 The cyclist is seated at the centre of the saddle. 

 The front/rear gear ratio is 53/19. 

 The Billato aluminium bicycle frame in combination with the carbon 

composite front fork (A in Table 3.4) is used. 

 The wheels, the tyres, the saddle and the seat post are equal for all test 

cases. 
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7.6.2.a Tyre pressure 

The front tyre pressure increases from 4 bar to 8 bar with 1 bar increment, the rear 

tyre pressure is maintained at 7 bar. The ISO weighted acceleration increases with 

tyre pressure and the left hand acceleration is higher than the right hand side 

acceleration, respectively the light and dark coloured bar in Fig. 7.27a. The latter 

observation reflects the cyclist’s posture and pose on the bicycle. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.27 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different tyre pressures: (a) ISO weighted 

acceleration (0-100 Hz), (b) ISO weighted acceleration (0-35 Hz) (c) ISO weighted force 

(2-35 Hz), (d) absorbed power (2-35 Hz). 

The ISO weighted acceleration r.m.s. value (at the left hand side of the handlebar in 

the vertical direction) is 3.1 g at 8 bar, but the original (unfiltered) signal has a r.m.s. 

value of 5.8 g which means that a significant amount of data is concentrated in the 

higher frequencies. This is illustrated in the PSD plot in Fig. 7.28.  
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Fig. 7.28 Original and ISO weighted vertical handlebar acceleration at the left hand 

side 

In Fig. 7.27c, the handlebar force is approximately equal at the tyre pressure of 

4 bar, 5 bar and 6 bar and is higher at the 7 bar and 8 bar tyre pressure (except for 

the 7 bar tyre pressure at the left hand side). This trend could be due to the increased 

cyclist’s effort to control (cf. stabilize) the bicycle at higher vibration amplitudes. 

The handlebar force at the right hand side is always higher, which is opposite to the 

acceleration values. 

The absorbed power value increases with the tyre pressure, except at the left 

hand side for the 5 bar tyre pressure (Fig. 7.27c). This is attributed to the higher 

r.m.s. force value for this force component, cf. Fig. 7.27b. 

7.6.2.b Cycling speed 

The data analysis for the cycling speed is relatively easy. The acceleration, force and 

absorbed power level increase with higher cycling speeds (Fig. 7.29). Hence, faster 

cycling does not necessarily reduce the vibration exposure, at least not in the 

considered speed range. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.29 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different cycling speeds: (a) ISO weighted 

acceleration (0-100 Hz), (b) ISO weighted acceleration (0-35 Hz) (c) ISO weighted force 

(2-35 Hz), (d) absorbed power (2-35 Hz). 

The acceleration spectra measured at the front fork axis for the different cycling 

speeds are depicted in Fig. 7.30. Higher cycling speeds do not necessarily lead to 

higher acceleration amplitudes at all frequencies, except for the lowest speed of 

10 km/h from which the PSD curve is below all other curves. For example, the 

horizontal acceleration component at the speed of 15 km/h is dominated by one 

single peak whereas the other spectra show multiple peaks or are rather broadband.  
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(a) 

 

(b) 

Fig. 7.30 PSD from front fork acceleration for different cycling speeds: (a) vertical 

component, (b) horizontal component. 

7.6.2.c Handlebar grip technique 

Three handlebar grip techniques are proposed. First, the handlebar is held as loosely 

as possible but the cyclist is still able to control the bicycle. Second, the handlebar is 

held with more grip force for easier control of the bicycle. Third, the handlebar is 

held very rigidly, the cyclist firmly grips the handlebar. This parameter is similar to 

the handlebar force in the laboratory experiment in section 7.5.2.c. Though, where 

the laboratory experiment ignores the minimum required handlebar force to control 

the bicycle, the field test is a better representation of the steering ability of the 

bicycle under severe road roughness excitation. The results are depicted in Fig. 7.31. 

The trend is similar to what was previously observed during laboratory testing. The 

loose handlebar technique has the highest acceleration and TC values but the 

absorbed power and force value depict the opposite. The cyclist noticed that the 

loose handlebar technique was remarkably better than the other two techniques. 

Hence, the absorbed power or handlebar force value is the best representation for the 

cyclist’s comfort in this specific situation. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.31 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different handlebar grip techniques: (a) ISO 

weighted acceleration (0-100 Hz), (b) ISO weighted acceleration (0-35 Hz) (c) ISO 

weighted force (2-35 Hz), (d) absorbed power (2-35 Hz). 

7.6.2.d Gear ratio 

Three gear ratios are selected to cover the test track with the same cycling speed. 

The lowest gear ratio 34/19 gives the higher crank rotation speed whereas the 

highest gear ratio 50/13 yields low crank rotation speeds. The cyclist has to push 

harder at the pedals with the 50/13 gear ratio, hence shifting his weight to the rear of 

the bicycle. This is observed in the measured data, cf. Fig. 7.32. The acceleration 

level increases and the handlebar force is higher with lower crank rotation speeds. 

Both trends are cancelled out in the absorbed power calculation, yielding 

approximately equal absorbed power values for the three gear ratios. The cyclist 

remarked that the highest gear ratio was most comfortable because he could push 

harder on the pedals, which he perceived as a vibration relief at the hands. When 

observing the cyclist cycling with the lowest gear ratio, he had more difficulties to 

maintain a constant position on the bicycle because of the fast up- and downward 

motion of his legs. This could explain the larger scatter on the acceleration and 

absorbed power for the lowest gear ratio. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.32 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different gear ratios: (a) ISO weighted acceleration 

(0-100 Hz), (b) ISO weighted acceleration (0-35 Hz) (c) ISO weighted force (2-35 Hz), (d) 

absorbed power (2-35 Hz). 

7.6.2.e Bicycle frame material 

The aluminium bicycle frame with carbon composite front fork is tested against the 

MF5 Museeuw bike with the hybrid flax-carbon composite frame and front fork. 

The vibration measures are visualised in Fig. 7.33. The handlebar acceleration and 

force trend is reversed; higher acceleration amplitudes give lower contact forces. 

Consequently, the absorbed power value is the same for both bicycles. The hybrid 

flax-carbon composite assembly is rated worse based on the higher acceleration and 

TC, and is rated better based on the lower handlebar force. Both conclusions are 

rejected when comparing the absorbed power value which is equal in both cases. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 7.33 Vibration response at the right (dark coloured bar) and left (light coloured 

bar) hand side of the handlebar for different bicycle frame material: (a) ISO weighted 

acceleration (0-100 Hz), (b) ISO weighted acceleration (0-35 Hz) (c) ISO weighted force 

(2-35 Hz), (d) absorbed power (2-35 Hz). 

The field tests have shown it is possible to measure the cyclist’s comfort by 

measurements at the handlebar. This can be referred to as indirect measurements, 

whereas direct measurement point to instrumenting the test person with sensors for 

comfort interpretation. This is discussed in the next section. 

7.7 ELECTROMYOGRAPHY 

Up to now, the comfort level is measured as the acceleration, force and absorbed 

power at the handlebar. A next step in this research is to measure the comfort level 

of the rider by measurements on the rider himself. In this section, a discussion on the 

rider instrumentation will be given and the tests executed on the rider will be 

presented. For this application, comfort can be described as the sense of physical 

ease, with a lack of suffering and pain. When riding on a rough road, compression of 

soft human tissues, energy transfer and repetitive motion at the contact points create 

a level of fatigue which is eventually perceived by the cyclist as uncomfortable. This 

suggests that comfort is related to the muscle activity and the degree of muscle 

activity. This experiment is a feasibility study to investigate if this is indeed the case, 

and if so, whether the result can complement previous comfort tests methods. 
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7.7.1 Materials and methods 

One way to assess the muscle activity and fatigue is kinesiological 

electromyography (EMG). EMG is the study of muscle function through the enquiry 

of the electrical signal the muscles emanate. This potential difference is measured by 

two electrodes which are attached to the skin. These electrodes are connected to a 

wireless transmission unit, as depicted in Fig. 7.34. The analog voltage signal is 

amplified and is received by de DAQ unit. 

 

Fig. 7.34 Electrodes attached to the skin at the centre of the muscle and connected to a 

wireless transmission module. 

The muscle activity is examined on eight different muscles, which are selected out 

of experience most increased muscle activity due to an increased cycling discomfort. 

The muscles are listed below. All muscles are measured on the right hand side of the 

human body, as illustrated Fig. 7.35. 

 tibialis anterior (TA) 

 gastrocnemius medialis (GM) 

 biceps femoris (BF) 

 quadriceps femoris (vastus lateralis) (QF) 

 flexor muscles forearm (FMF) 

 biceps brachii (BB) 

 deltoideus medius (DM) 

 erector spinae longissimus (ESL) 
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Fig. 7.35 Muscles instrumented with EMG electrodes. 

In order to interpret the EMG signals, also the crank angle has to be measured. This 

is done by using a custom made inductive rotary encoder, as depicted in Fig. 7.36. 

  

Fig. 7.36 Inductive rotary encoder to measure the crank angle 

A higher muscle activity is not solely related to the imposed vibration, it also 

depends on the power delivery by the human body. Therefore, it is important to 

cycle at a constant power level. The cycling power is measured using a PowerTap 

SL+ system. This device, shown in Fig. 7.37, includes a power measuring hub 

mounted in the rear wheel which measures the torque and wheel speed. This data is 

visualised on the information screen attached to the handlebar. 
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Fig. 7.37 The PowerTap SL+ system to measure the cycling power 

Alternatively to this power measuring system, the combination of pedal force 

measurements with the crank angle position system (Fig. 7.36) also gives the 

delivered power. Pedal force measurements were designed according to the 

measuring principle in section 6.2. Two full Wheatstone bridges can measure the 

vertical and horizontal force (or the radial and tangential force) applied at the pedal. 

This measuring system shows advantages of power measuring systems to make the 

relation between the pedal force components with the EMG measurements. For 

example, the cyclist can apply a pulling or pushing force during the second half of 

the crank revolution. The instrumented pedal with strain gauges is shown in 

Fig. 7.38a and Fig. 7.38b depicts the pedal force in a vector plot during one crank 

revolution. Note that the cyclist is not pulling during the second half of the crank 

revolution. Before this measuring system can be applied for in-situ testing, it is 

required to connect this with a real-time display with force and power feedback to 

the cyclist.  

 

(a) 

 

(b) 

Fig. 7.38 Custom made force pedals: (a) layout with strain gauges, (b) vector plot of 

applied pedal force during one crank revolution. 

Besides the constant power requirement, the pedal cadence should also be held 

constant. This is obtained by cycling at the same speed, or by changing the gear ratio 

for different cycling speeds. Other influences such as the training status of the 

athlete, the body position and the shoe-pedal interface are constant in this 
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investigation. Also the influence of muscular fatigue is not considered since it is 

assumed that the selected track length is too short to introduce muscular fatigue.  

Two road surfaces are selected, namely asphalt (Fig. 5.1c) and cobblestone 

pavement (Fig. 5.1b), with a track length of 200 m and 100 m respectively. From the 

total amount of data extracted during a test run, the data corresponding with ten 

pedal revolutions in steady-state, i.e. the state when the rider is cycling at an 

approximately constant speed and no significant accelerations or decelerations are 

present, is used to evaluate the muscle activity. For the asphalt test, the mean power 

input during those ten pedal revolutions was 153.6 W with a standard deviation of 

24.6 W. This power input corresponds with a speed of 24.6 km/h with a standard 

deviation of 0.3 km/h and a cadence speed of 69 rpm. For the heavy cobblestone 

test, the average power input was 148.4 W with a standard deviation of 15.8 W. This 

power input now corresponds with a speed of 20.5 km/h with a standard deviation of 

0.15 km/h and a cadence speed of 74 rpm. The power in both cases is practically 

equal, as so is the cadence speed.  

7.7.2 Results 

Ten pedal cycles are selected and averaged to evaluate the muscle activity and to 

obtain a quantitative comparison between asphalt and cobblestone pavement. Since 

the amplitude of the EMG signals is strongly influenced by the location of the 

electrodes at the muscle, the signals are normalized to a reference value. The EMG 

signal is normalized to the peak value which occurs during an average pedal cycle in 

the test at the asphalt surface. As a result, the highest value present in the result from 

the asphalt pavement will be 1, while the highest value present in the result from the 

cobblestone road can be higher or lower than 1. If an increased muscle activity is 

present when cycling on cobblestones, a value higher than 1 will be observed, and 

vice versa. 

Fig. 7.39 and Fig. 7.40 present the results of the EMG measurements for the 

asphalt and cobblestone pavement. The solid line represents the average value of ten 

pedal cycles. The dashed lines represent the 95 % confidence interval of the mean 

value. The bottom dead centre (BDC) occurs at a crank angle of 90 degrees and the 

top dead centre (TDC) occurs at a crank angle of 270 degrees, as indicated in 

Fig. 7.36. 

Fig. 7.39a and Fig. 7.39b show the activity of the right tibialis anterior in 

function of the crank angle. It is seen that the maximal muscle activity is about 

25 % higher for cobblestones than for asphalt. Also a small phase shift 

appeared. The asphalt curve shows a maximum at 30 degrees past the point 

when the pedals are both horizontal and the right pedal is moving upwards (180 

degrees), while the cobblestone curve is maximal at TDC. Fig. 7.39c and 

Fig. 7.39d show the muscle activity of the right gastrocnemius medialis. Both 

curves reach their maximal value just past the reference point of the crank, i.e. 

when the pedals are horizontal and the right pedal is moving downwards. The 

maximal amplitude is the same for both cobblestones and asphalt. For this 

muscle, no extra muscle activity is present when riding on cobblestones. In 
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Fig. 7.39e and Fig. 7.39f, the activity of the right quadriceps femoris on asphalt 

and on cobblestones is seen. The maximum value for cobblestones is 50 % 

higher than for asphalt. For both the curves, the maximum value occurs at 

around 30 degrees past the TDC. Fig. 7.39g and Fig. 7.39h show the right biceps 

femoris muscle activity when riding on asphalt and on cobblestones. The 

maximum, which occurs when the pedals are horizontal and the right pedal is 

moving downwards, is slightly higher for the cobblestone curve than for the 

asphalt curve. Also, a second moment of increased muscle activity is present at 

the cobblestone curve, when the pedals are again horizontal but the right pedal 

is now moving upwards. This peak is not present for the asphalt curve. This 

increased muscle activity can be due to an increased need for stability when 

riding on cobblestones. Furthermore, the mean muscle activity is higher for the 

cobblestone curve. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

(f) 

 

(g) 

 

(h) 

Fig. 7.39 Normalized muscle activity versus crank angle for the muscles at the leg at the 

right side, measured on asphalt (left column) and cobblestone pavement (right column): 

(a-b) tibialis anterior, (c-d) gastrocnemius medialis, (e-f) quadriceps femoris (vastus 

lateralis), (g-h) biceps femoris. 
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Fig. 7.40b shows the results for the right erector spinae longissimus on the 

asphalt curve. Two peaks are seen. The first peak occurs around 40 degrees past 

the BDC, when the right pedal is moving upwards. The second peak occurs 

around 40 degrees past the TDC, when the left pedal is around 40 degrees past 

the BDC and is moving upwards. Since the right erector spinae longissimus 

will have larger influence on the right leg than on the left leg, the first peak is 

higher. This phenomenon is amplified in the cobblestone curve (Fig. 7.40a). 

Also, the muscle activity is about 150 % higher when cycling on cobblestones. 

Fig. 7.40c and Fig. 7.40d show the results for the right deltoideus medius. In 

Fig. 7.40e and Fig. 7.40f, the results for the right biceps brachii are seen. Unlike 

the previous muscles, these curves show no distinct peaks, but different periods 

of increased muscle activity are seen. This is because the deltoideus medius and 

the biceps brachii have no direct effect on the pedalling movement, and the 

muscle activity is due to the swinging of the torso during cycling. However, the 

muscle activities are periodic in function of the crank angle, so the swinging of 

the body must also be periodic in function of the crank angle. When comparing 

the deltoideus medius activity for asphalt and cobblestones, the highest peak 

occurs 20 degrees later when riding on cobblestones and the peak has an 

amplitude which is 150 % higher than when riding on asphalt. When comparing 

the biceps brachii results, the amplitude of the peak is even 400 % higher for 

cobblestones than for asphalt. This can be explained as follows. On the one 

hand the swinging movement of the torso will be increased due to the rough 

road profile, resulting in a higher muscle activity in the arm and shoulder. On 

the other hand more shocks have to be absorbed when riding on cobblestones, 

which can also result in an increased muscle activity. This can indicate a higher 

discomfort level. This last assumption is strengthened by Fig. 7.40g and 

Fig. 7.40h. Unlike the other muscles, the flexor muscles of the forearm do not 

show a periodic activity in function of the crank angle. On first sight the peaks 

show a periodic movement, but within one pedal cycle, the peaks occur at 

random. Therefore, it is useless to average the ten pedal cycles so they are 

plotted in function of the cumulated crank angle in Fig. 7.40g and Fig. 7.40h. 

When comparing these two figures, it is seen that both curves have a similar 

amplitude level, except for a few higher peaks present at the cobblestone curve. 

This can be due to large shocks that have to be damped out and this can be 

directly linked to a higher discomfort level.  
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

(f) 

 

(g) 

 

(h) 

Fig. 7.40 Normalized muscle activity versus crank angle for the muscles at the torso and 

arm at the right hand side, measured on asphalt (left column) and cobblestone (right 

column) pavement: (a-b) erector spinae longissimus, (c-d) deltoideus medius, (e-f) biceps 

brachii, (g-h) flexor muscles forearm. 
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Next to the graphical analysis, a statistical analysis is also presented. It is checked if 

the muscle activity for the different muscles is significantly higher for the 

cobblestone test than for the asphalt test. This is done by using an independent two-

sample t-test. Two conditions have to be fulfilled for this t-test. First, the samples 

must all be normally distributed. This is checked with the Lilliefors test and this was 

indeed the case. Next, the two samples which are compared must have an equal 

variance. This is checked with the F-test. However, this was not the case for all 

samples. For sample means which do not have equal sample variance, the Welch's t-

test is used. The results of the statistical analysis are listed in Table 7.2, giving the 

mean and standard deviation for the EMG value from 10 crank rotations. Except for 

the gastrocnemius medialis (GM) and the flexor muscles of the forearm (FMF), all 

muscles have a significantly higher muscle activity for the cobblestone test. 

Table 7.2 Statistical analysis of the mean EMG value for the different muscles 

Mean (s.d.) 

Road type Significant 

difference 

(p=0.05)? Asphalt road Cobblestone road 

Muscle    

TA 0.0503 (0.0065) 000638 (0.0088) yes 

GM 0.1099 (0.0086) 0.1019 (0.0198) no 

QG 0.0353 (0.0030) 0.0472 (0.0055) yes 

BF 0.0452 (0.0034) 0.0718 (0.0035) yes 

ESL 0.0163 (0.0018) 0.0326 (0.0027) yes 

DM 0.0221(0.0031) 0.0352 (0.0046) yes 

BB 0.0129 (0.0024) 0.0432 (0.0132) yes 

FMF 0.0440 (0.003) 0.0442 (0.0076) no 

When riding on cobblestones, all measured muscles of the right leg, except for the 

gastrocnemius medialis, show an increased muscle activity. This means that 

probably the main function of the gastrocnemius medialis is the input power 

delivery, since this power input is a constant. The increased muscle activity of the 

other muscles of the leg is due to the extra vibrations and shocks that have to be 

absorbed by the muscles, and thus this increase in muscle activity can be linked to 

an increase of discomfort. For the tibialis anterior and the quadriceps femoris, also a 

phase shift relative to the asphalt curves is present. This can be an indication of a 

modified ride position of the athlete. If it is assumed that when riding on asphalt a 

normal, flexible ride position is ensured, this modified position on cobblestones can 

also be an indication of discomfort. Except for the flexor muscles of the forearm, 

also the muscles of the rider's torso and right arm show an increased muscle activity. 

Since these muscles normally play no role (except for the erector spinae 

longissimus) in the pedalling movement, this increase in activity is mainly due to the 

larger amount of vibrations that have to be damped out when riding on cobblestones. 

Since the magnitude of the increase (150 % for the deltoideus medius to 400 % for 
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the biceps brachii) is high, it can be concluded that the main function of measured 

muscles of the rider's arm and the torso during cycling is to absorb vibrations and 

provide the comfort level, more than it is the function of the muscles of the leg. So it 

is clear that when riding on cobblestones a higher level of discomfort is achieved 

than when riding on an asphalt road. 

7.8 CONCLUSION 

The cyclist’s vibrational comfort is assessed in laboratory and in-situ environment 

through quantifying the vibration level at the handlebar contact points in terms of 

acceleration, force, absorbed power and transmissibility coefficient. The influence of 

the front fork and bicycle frame material is investigated in laboratory testing through 

shaker excitation. These results are correlated for tests with a cyclist positioned on 

the bicycle and for tests with dead masses mounted onto the handlebar.  

The shaker tests pointed out several issues that should be considered when 

analysing the vibration response for a white noise excitation in combination with 

dead masses attached to the handlebar. Because this is a lightly damped structure, 

the dynamic interaction with the shaker perturbs the shaker excitation profile (with 

constant r.m.s. value for the excitation acceleration). Consequently, the vibration 

analysis (acceleration and force) at the handlebar shows large oscillations, 

specifically near the resonance frequencies. The best solution is to normalise the 

output vibration at the handlebar with the shaker acceleration signal. The result is 

that the scatter on the results significantly reduces and the trend for different front 

forks and frames, based on output-only analysis, can completely switch after 

normalising. The handlebar acceleration and force can be analysed with and without 

human sensitivity weighting filters (ISO 5349). It is found that filtering the data 

changes the ranking of different front forks or bicycle frames. At last, the 

acceleration and force measurements give equivalent results, which confirms the 

correct functioning of the handlebar force sensor, even though the force sensor has a 

useful frequency range from DC to 35 Hz. 

The shaker tests with a cyclist on the bicycle yield different conclusions. The 

dynamic interaction between the shaker and the structure under test is reduced, 

compared with the test configuration with dead masses. This is attributed to the 

added damping from the cyclist, which attenuates the dynamic response of the 

bicycle near the resonance frequencies. Hence, minor effects are observed when 

comparing data with and without normalising the handlebar acceleration and force. 

A second observation is related to the handlebar DC force applied by the cyclist. 

This effect of an oscillating DC force during the test cannot be underestimated. The 

scatter on the acceleration, the force and absorbed power r.m.s. values becomes too 

large to draw conclusions on the vibration isolation properties of different bicycle 

frames and front forks. This influence of the handlebar DC force is verified by 

reducing the applied DC force by a factor 2, and comparing this with the reference 

DC force. The acceleration value significantly reduces, the force value decreases 

considerably as well does the absorbed power value. This demonstrates that the DC 

force has a major influence on the vibration result. Moreover, the cyclist perceived 
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enhanced comfort, which indicates that larger acceleration values do not necessarily 

imply reduced comfort and that the force and absorbed power might be better 

estimators for the cyclist’s comfort perception. 

The field tests clearly indicated that typical ‘outdoor parameters’ can improve 

or diminish the cyclist’s vibrational comfort. High cycling speeds only lead to 

increased vibration amplitudes in the range 10 km/h to 30 km/h. Thus, cycling with 

a high speed over a rough cobblestone road does not necessary imply a better 

comfort. On the other hand, reducing the tyre pressure of the front wheel 

significantly improves the comfort, which is also notified by the cyclist. The 

handlebar grip technique also affects the cyclist’s comfort. Holding the handlebar as 

loose as possible, without the risk of stability loss, gives a major reduction on the 

transmitted vibrations to the hands. This parameter can only be quantified by the 

contact force or the absorbed power because the acceleration increases with a lower 

handlebar force. The cyclist perceived a larger gear ratio as more comfortable but 

this is not observed in the results. On the contrary, the acceleration and force level 

increases and the absorbed power value remains constant. At last, the difference 

between the carbon front fork with aluminium bicycle frame and the hybrid flax-

carbon front fork and bicycle frame is not detected by the measurements or by the 

cyclist.  

With the EMG tests, the investigation tries to measure if humans can detect 

the vibration exposure in cycling conditions. Increased muscle activity is observed 

for the cobblestone pavement compared with the asphalt pavement. The higher 

muscle activity is mainly situated in the muscles of the torso and arm, more than it is 

situated in the muscles of the leg. 
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Chapter 8.  

BICYCLE STABILITY 

8.1 SCOPE 

The content in this chapter examines a different aspect of the dynamic bicycle-

cyclist interaction: bicycle stability instead of bicycle vibrations. Bicycle stability is 

another important performance parameter of the bicycle since it is related to safety 

and manoeuvrability of the bicycle. The latter aspect, the ability to control the 

bicycle (cf. the bicycle stability) and the vibration properties of the bicycle (cf. the 

cyclist’s comfort) are closely related. The field tests in section 7.6 selected typical 

outdoor parameters such as tyre pressure, cycling speed, gear ratio and handlebar 

grip technique. These parameters will also affect the bicycle stability. For example, 

lower tyre pressure is beneficial to reduce the vibration level, but it is detrimental for 

cornering or manoeuvring with the bicycle. The cycling speed is inherently related 

with the bicycle stability, low cycling speeds give more comfort though it might be 

difficult to balance the bicycle when riding on cobblestone pavements. The cyclist 

had difficulties to stabilize the bicycle at the lowest gear ratio (cf. the highest crank 

rotation speed) and reduced handlebar force improves the vibrational comfort but 

this is limited to the minimal required force required for steering corrections. 

Several arguments show the relevance of this topic, though each topic should be 

examined separately before drawing conclusions on the combined bicycle stability – 

cyclist’s comfort performance. Such combined experiments could be a topic for 

future research, as will be discussed in Chapter 12. 

The bicycle stability, with a cyclist controlling the bicycle, will be 

investigated in an experimental approach. This approach is different from related 

bicycle stability studies in literature, where the goal is very often to validate 

dynamic bicycle stability models. Bicycle stability is described by open-loop 

(uncontrolled) models and by closed-loop (controlled) models. A set of dynamic 

equations of motion can be solved to characterize the stability of the system for 

various forward speeds. A detailed and extensive study on this topic is done by 

Moore [1]. In the uncontrolled mode, the rider has no active contribution to the 

stability of the bicycle. But, the differences in dynamics between a riderless bicycle 

to one with a rider can be significant. It is expected that open-loop models deviate 

from the closed-loop models where the cyclist can actively contribute to the bicycle 

stability through (i) repositioning his upper body, (ii) steering corrections and .
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 (iii) in- and outward movement of both knees. The preferred rider action depends 

on the forward speed of the bicycle, with minimal upper body corrections at low 

speed. 

The rider’s effort to control the bicycle will off course also depend on the bicycle 

geometry (Fig. 8.1). Four important design parameters on the self-stability of a 

bicycle are the front wheel diameter, the trail, the wheelbase and the head tube 

angle. 

 

 

(b) 

Fig. 8.1 Bicycle geometry with variables typically of interest to study bicycle stability [2] 

Parameter studies of the uncontrolled bicycle can allow one to explore the effects of 

design parameters on the system dynamics of bicycles. For a basic diamond frame 

bicycle, large changes in parameters seem to be needed for large changes in the 

dynamics. Most bicycle design parameter values are such that the dynamic 

behaviour is quite similar across designs and their differences may not be readily 

detectable by the human. Even if these changes are detectable by the rider, it takes 

little time to become comfortable with a different bicycle. 

There are likely to be correlations between the open loop dynamics and the 

handling, but currently correlations to bicycle handling are mostly speculative and 

anecdotal at this point. It is highly likely that the open loop parameter studies 

correlate to what a rider feels when riding a bicycle, but this has yet to be proven 

with strong experimental evidence [1]. 

The aim in this chapter is to initiate an experimental test platform to link the 

bicycle handling by the cyclist with the bicycle stability through modifications to the 

front end assembly of the bicycle. The quantitative results will be correlated with the 

subjective feeling of the cyclist. This approach formulates an initial answer to the 

question formulated by Moore [1], to relate open loop parameter studies with the 

rider’s feeling when riding a bicycle. 
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8.2 MATERIALS AND METHODS 

8.2.1 Bicycle geometry  

It is chosen to adjust the front end geometry of a standard racing bicycle. The head 

tube angle is changed through repositioning the head tube bearings. Three head tube 

angles are selected (cf. Fig. 8.1b). Due to constructional reasons, the head tube angle 

inevitably changes the wheelbase as well, as indicated in Table 8.1. 

Table 8.1 Geometry parameters of bicycle for different head tube angles. 

 Head tube angle 𝜆 

[degrees] 

Wheelbase Lw 

[mm] 

Small 73.0 994 

Neutral 71.2 1020 

Large  69.9 1038 

8.2.2 Bicycle sensor instrumentation 

The instrumented bicycle is depicted in Fig. 8.2. The two most important states that 

describe the lateral dynamics of the bicycle are roll and steer. The different sensor 

will be described in the subsequent paragraphs. 

 

(a) 

 

(b) 
 

(c) 

Fig. 8.2 Bicycle instrumentation for stability field tests: (a) (A) incremental encoder 

for steer angular position, (B) sensor for dynamic inertial and orientation 

measurements and (C) magnetic switch sensor, (b) detail of incremental encoder, (c) 

detail of orientation sensor. 
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When selecting a sensor for angular orientation measurements, several concerns 

should be thought of:  

 The output should be insensitive to vibrations. 

 The bandwidth is estimated to be 45 Hz [1]. Hence the update rate should 

be at least 90 Hz for frequency domain analysis but is preferred > 300 Hz 

for time domain analysis because sufficient points must be available to 

accurately visualise the time signal. 

 The angular output must not be sensitive to centrifugal acceleration, which 

could be a problem when cornering. This phenomenon is observed with 

inclinometers which are based on static accelerometers. 

 The measurement settling time, also referred to as the response time of the 

sensor. The settling time should be at least the update rate of the sensor. 

 Integrating the output signal from angular rate sensors is not advised since 

drift can cause significant errors on the integrated signal at low frequencies 

(< 1 Hz). 

Many orientation sensors do not meet these strict requirements. The performance of 

the sensor is often limited by the settling time (cf. the frequency bandwidth) and the 

accuracy. Moreover, the sensor should be light and allow for synchronous data 

acquisition with analog and digital signals connected to the data acquisition 

hardware. The 3DM-GX3-25 sensor from Microstrain fulfils previous requirements. 

This is an Attitude Heading Reference System (AHRS), utilizing MEMS sensor 

technology. The sensor provides three-dimensional static and dynamic orientation, 

and inertial (acceleration and angular rate) measurements. The data update rate is up 

to 1 kHz with a resolution of < 0.1 °, repeatability of 0.2 °, long term drift is 

eliminated and weights 18 grams. The dynamic accuracy is calibrated in a pendulum 

test configuration, as illustrated in Fig. 8.3. The orientation sensor is fixed to the 

mass, which can slide along the slender beam. The angular rotation is measured with 

an incremental encoder, which is the reference value for comparison with the output 

from the orientation sensor.  The oscillating frequency is calculated with 

equation (8.1). For example, positioning the mass at a distance L = 0.1 m from the 

centre of rotation gives a frequency of 1.57 Hz. The accuracy of the orientation 

sensor is depicted in Fig. 8.4 for an oscillation motion of 0.75 Hz.  The same degree 

of accuracy is obtained for higher and lower frequencies as well. 

𝑓 =
1

2𝜋
√

𝑔

𝐿
 

(8.1) 
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Fig. 8.3 Calibration test setup for accuracy of orientation sensor 

 

 

Fig. 8.4 Calibration of orientation sensor with incremental encoder, following the test 

setup in Fig. 8.3. 

The orientation sensor is positioned on a levelling platform, attached to the bicycle 

frame, for precise horizontal alignment and in-plane alignment with the bicycle 

frame (Fig. 8.2a and Fig. 8.2c).  

The steer angle is measured with an incremental encoder (Sendix 5000) 

positioned on top of the steer tube (Fig. 8.2a and Fig. 8.2b). The output shaft from 

the encoder is connected to the steer tube of the front fork. The encoder counts 5000 

pulses per revolution, giving a resolution of 0.072 degrees. If required, the steer 

angle signal can be differentiated to obtain the steer angular rate and steer angular 

acceleration. 

The front wheel angular speed is measured with a magnetic switch detecting 

the pulses from a magnet attached to the wheel (Fig. 8.2a).  
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8.2.3 Test procedure 

The bicycle handling and responsiveness will be different depending on the age and 

cycling experience. Therefore, the bicycle stability experiment is evaluated by eigth 

test riders, subdivided in four age categories (18-25, 25-35, 35-45, 55-65) and two 

levels of experience (recreational and professional). The roll state, the steering state 

and the cycling speed is measured with the sensors, as listed previously, and the 

subjective response from the riders with each setting of the head tube angle is noted 

in a short questionnaire. This survey questions the rider about to the difficulty of the 

exercise, the required corrections by the cyclist, the general quality of the bicycle 

stability and the steering responsiveness of the bicycle during the exercises (Table 

8.2). 

Table 8.2 Survey which is answered by the test person with each setting of the head tube 

angle [3] 

Task difficulty / Ease of accomplishment 

0 Effortless 

1 Easy 

2 Some effort 

3 Difficult 

4 Impossible 

 

Vehicle handling qualities 

0 Excellent 

1 Highly desirable 

2 Good 

3 Fair 

4 Poor 

5 Nearly uncontrollable 

Rider’s control effort Vehicle directional responsiveness 

Steer effort 

0 Very large 

1 Optimum 

2 Very small 

Body effort 

0 Very large 

1 Optimum 

2 Very small 

 

0 Slow 

1 Optimum 

2 Quick  

Comments: 

 

The bicycle stability experiments consist of eight test tracks. These tests look for the 

influence of the cyclist’s posture, the manoeuvrability at high and low speeds and 

high or low pedalling frequencies. 

 Stationary test, the rider balances as long as possible at the same position 

through repositioning his upper body, knee motion and steering corrections. 

 Cycle on a straight line with a speed of 20 km/h, look behind during 2 

seconds and correct, if necessary, to continue the test on the straight line. 

 Start from standstill till maximum speed for three configurations, the 

cyclist must keep track of the straight line (50 m distance): 

o the cyclist can lift himself out of the saddle and move his upper 

body from left to right, a large gear ratio is selected 

o the cyclist can lift himself out of the saddle and move his upper 

body from left to right, a low gear ratio is selected 
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o the cyclist remains seated in the saddle and should keep his upper 

body stationary,  a large gear ratio is selected 

 Manoeuvre with two hands on the handlebar between four obstacles 

positioned 2 m from each other. Do this as much as possible during one 

minute. 

 Manoeuvre with one (the preferred) hand on the handlebar between four 

obstacles positioned 2 m from each other. Do this as much as possible 

during one minute. 

 Cycle with a speed of 25 km/h between four obstacles positioned 8 m from 

each other and accelerate to maximum speed after the last obstacle. The 

cyclist can lift himself out of the saddle. 

8.3 RESULTS 

The data analysis is illustrated for one specific case, for the 26 year old recreational 

cyclist and the maximum head tube angle. The comparison between the different 

head tube configurations and the inter variability between the different cyclists is not 

presented because of confidentiality reasons with the project partner. 

From the point of view that the bicycle stability correlates with the effort to 

balance the bicycle, it is proposed to analyse the data by two methods. First, the data 

is analysed in the time domain through using a histogram representation for the 

angular position and velocity of the steer and roll state. Second, the data is analysed 

in the frequency domain which represents the rate at which the corrections are made 

by the cyclist. 

This is illustrated for the test where the cyclist has to manoeuvre, with two 

hands at the handlebar, between the obstacles positioned 2 m from each other, as 

illustrated in Fig. 8.5. 

 

Fig. 8.5 Cyclist balancing between obstacles 

The steering corrections are depicted in Fig. 8.6a, as expected, the steer angle is 

centred around the zero position and shows minimum and maximum peak 

amplitudes of almost 4 degrees. The roll angle oscillates between ±10 degrees 
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(Fig. 8.6b). The roll angle rate (Fig. 8.6d) is relatively low because of the low the 

low cycling speed. The steer rate (Fig. 8.6c) shows peak amplitudes near 

±10 degrees/s. 

 

(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 8.6 Time domain signals: (a) steer angle, (b) roll angle, (c) steer angle rate, (d) roll 

angle rate. 

The time and frequency domain analysis is depicted in Fig. 8.7. The first peak in the 

frequency spectrum of the steer angle (Fig. 8.7a) corresponds with the trajectory of 

the bicycle between the obstacles. Cycling faster or slower will shift this 

fundamental frequency. The other peaks in this spectrum relate to the steering 

corrections which are necessary to maintain the ‘ideal curve’ to be followed between 

the obstacles. The same trend is seen in the frequency spectrum of the roll angle in 

Fig. 8.7c. If the rider would experience difficulties to balance the bicycle, because of 

different head tube configurations, it is expected that the frequency content will shift 

to higher frequencies. The frequency spectrum of the roll and steer angle rate 

(Fig. 8.7e and Fig. 8.7g) depict spectral energy at higher frequencies compared to 

the roll or steer angle. Note the two arrows in the frequency spectra, these indicate 

that the corresponding peaks in the roll and steer angle rate spectrum are 

complementary. Where the dashed arrow indicates a clear peaks in the roll angel rate 

spectrum, these are hardly seen in the steer angle rate spectrum, and vice versa for 

the solid arrow. 

The histogram curves depict the distribution of the amplitude from the time 

signal. The steer angle histogram (Fig. 8.7b) depicts that the rider needs large 
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steering corrections to balance between the obstacles. The more the amplitude 

distribution is centred around zero, the smaller the steering efforts. The roll and steer 

angular rate histograms are quasi symmetrically centred around zero degrees/s. The 

Kurtosis or skewness value could be used when comparing multiple data sets, 

though comparison of the different head tube angles fall out of the scope in this 

chapter. A high Kurtosis value indicates that the variance of the signal is attributed 

to occasionally high amplitudes. In practice, this indicates less steering corrections. 

The skewness value indicates if the data distribution is shifted to the right or left. 

This indicates if the cyclist perceives more difficulties to control the bicycle when 

steering to the right or to the left. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

 

(e) 

 

(f) 

 

(g) 

 

(h) 

Fig. 8.7 Frequency and time domain analysis respectively at the left and right hand side: 

(a-b) steer angle, (c-d) roll angle, (e-f) steer angle rate, (g-h) roll angle rate 
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8.4 CONCLUSION 

Parameter analysis from open loop bicycle stability models indicates that the head 

tube angle of a bicycle influences the bicycle stability. However, the effect of this 

parameter was not previously validated in a controlled mode, i.e. where the cyclist 

has an active contribution to the bicycle stability. This is validated through 

experiments, where the subjective response of the cyclist is compared with the data 

from roll and steer angle and angle rate signals.  

The head tube geometry of a racing bicycle can be modified to set three 

different head tube angles. An instrumented bicycle is available to measure the steer 

angle (rate) and the roll angle (rate). Sixteen cyclists are categorized per age and 

cycling experience. Each rider performs eight tests for each head tube angle setting. 

Analysis techniques in the frequency and time domain allow investigating how 

much difficulties the rider perceives to accomplish the tests successfully. 

Nevertheless, not all results could be presented because of confidentiality reasons 

with the partner in this project.  
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Chapter 9.  

DEVELOPMENT OF AN 

ACCURATE TESTING METHOD 

FOR MODAL DAMPING OF 

MATERIALS 

9.1 SCOPE 

This chapter points out some very important aspects about measuring, analysing and 

interpreting damping results from vibration experiments. An important contribution 

within this chapter is the formulation of a set of guidelines to configure a test setup 

for the measuring of the modal vibration damping in an accurate and repeatable 

manner. 

The aim of this chapter is to select the most appropriate experimental method 

for determining the material damping properties of lightly damped materials at 

atmospheric conditions in a frequency range from 20 Hz till 500 Hz. This 

classification reflects the environmental condition a bicycle is subjected to. The test 

method is developed through tests with isotropic metals. 

9.2 INTRODUCTION 

Vibration damping is inherently present in all structures. It represents the 

ability of the structure to attenuate structural vibrations. Unlike the mass and the 

stiffness, the damping is not straightforward to characterize as it stems from many 

sources: fluid-structure interaction, internal material damping and joint damping at 

interfaces [1-6]. Extracting the inherent material damping from the overall measured 

damping must be performed with the utmost caution [7, 8]. Therefore, damping is 

subdivided into (i) material damping and (ii) system damping. Material damping 

arises from a variety of microstructural mechanisms depending upon the specific 

material [9, 10]. System damping includes the damping contribution from all 

damping sources involved in the test configuration, including that from the structural 

material as well (cf. material damping). Very often, system damping is measured 

instead of material damping. This results from an inadequate knowledge of 
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the distribution of energy loss in all parts of the apparatus, including that in the 

specimen itself.  

Even if one joint is the only significant source of energy dissipation, it may cause 

misleading results. Especially when lightly damped specimens are tested, the effect 

of external damping sources is rarely quantified in terms of an effective damping 

contribution and consequently erroneous damping results are obtained. In this 

respect, conclusions about material damping can only be meaningful if external 

damping sources are considered or eliminated. 

9.3 SELECTING THE TEST AND ANALYSIS METHOD FOR 

MATERIAL DAMPING CHARACTERIZATION 

Material damping can be approached from two points of view. In a first approach, 

the material damping properties are examined through mathematical single or multi-

parameter models, describing the rheological material behaviour [9]. The material 

damping capacity as function of temperature, amplitude and strain rate is of 

particular importance. Very often, this is done with the Dynamic Mechanical 

Analysis (DMA) technique. This type of analyser forces the sample to oscillate at a 

certain frequency and measures the force-displacement relation. With the DMA 

device, different deformation modes can be applied: dual/single cantilever, 3-point 

bend, tension, torsion, compression and shear. The samples are typically rod or flat-

like specimens. Very often, the DMA technique is used for a qualitative analysis of 

the loss factor as function of the temperature or humidity at a constant (low) 

frequency. Also for creep and relaxation experiments, the DMA device is well 

suited. The force is related with the stress 𝜎 and the displacement is related with the 

strain 휀, from this 𝜎 − 휀 relation it is possible to calculate the material damping 

parameters. The material damping is related to the phase delay 𝜙 between the stress 

and the strain. However, since the stress and strain are based on the applied force 

and displacement, the phase delay calculation is incorrect near the sample resonance 

frequency. Alternatively, it is possible to plot the hysteresis loop formed by the force 

and displacement signal, as depicted in Fig. 9.1. The energy dissipation is the area of 

the closed loop and the stored energy equals U =
1

2
kX2, where k is the stiffness from 

static loading. The stiffness k is not the slope from the hysteresis plot, because this 

slope equals 𝑘 − 𝑚𝜔2. 
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Fig. 9.1 Force-displacement hysteresis loop for a force-excited single degree of freedom 

system with viscous damping. 

In a second approach, material damping is evaluated through experimental modal 

analysis (EMA). The structure’s or specimen’s mode shapes and corresponding 

modal damping ratios are extracted from well-designed experiments. Consequently, 

damping does not only depend on the specimen material, but also on the specimen 

geometry. Therefore, some authors refer this method as specimen damping instead 

of material damping [5, 11, 12]. The damping measurement from EMA is only valid 

for the stress-strain condition of the structure under consideration. As a 

consequence, no numerical prediction of damping properties corresponding to other 

conditions or configurations can be stated. Nevertheless, EMA has its merits for 

setting up and updating finite element models of structures and is a powerful tool to 

determine the vibration damping from a specific structure or from a sample at 

coupon level. The latter aspect, assessing damping at coupon level with the EMA 

procedure, often is used to draw conclusion about the material damping properties of 

the sample under test [4, 13-17] . 

Based on this preliminary reasoning, some pros and cons already show up. 

There are many more aspects that should be considered for assessing the correct 

material damping through experiments. In practice it is less obvious to select the 

most appropriate method for measuring the material damping parameters. The 

reason for selecting one specific analysis method depends on several factors. What 

is the environmental condition (e.g. temperature) the material will be used for, what 

is the expected frequency range, is it a lightly or heavily damped material, which 

apparatus is available, etc.  

In the next sections of this chapter, the do’s and don’ts in the material 

damping assessment techniques are clarified. The DMA approach is omitted since it 

is more approprately used for qualitative analysis of polymer specimens. 

Preliminary tests with metal and fibre reinforced composite specimens yielded 

highly variable damping results. It was realised that the boundary conditions were 

not appropriate for clamping or supporting high stiffness metal and fibre reinforced 

composite coupon specimens in the DMA test. 
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Alternatively, the damping for this type of sample is identified by means of 

transient time-domain methods. This measuring technique is part of the 

experimental modal analysis test methodology; it focuses on measuring the damping 

capacity of the specimen when vibrating at a resonance frequency. Four influences 

which cause undesired damping are examined in detail: (i) the specimen excitation 

method, (ii) the specimen vibration response measurement, (iii) the air damping 

contribution and (iv) the boundary conditions, i.e. how the specimen is connected to 

the environment. These parameters all contribute to the global measured damping 

value. The aim of this research is to eliminate all contaminating contributions as 

much as possible and consequently reduce the initial system damping value to a 

final best estimate of the material damping value. As a result, external, unwanted, 

damping losses are quantified and a test setup which is less susceptible to additional 

damping effects is designed. 

9.4 TEST CONFIGURATION FOR TRANSIENT TIME-DOMAIN 

METHODS 

The apparatus should be able to induce resonance conditions and to measure the 

specimen’s free vibration when the excitation is dropped. Any test setup consists of 

(i) the specimen under test, (ii) the excitation source, (iii) the response measurement 

system, (iv) the specimen support system and (v) the assembly of all parts. These 

elements will be discussed in this section. Based on the conclusions from the 

different parameters, the most appropriate test configuration is selected. 

9.4.1 Specimen excitation and boundary conditions 

9.4.1.a Specimen excitation 

A popular method to excite the specimen is the impact hammer. Depending on the 

impact frequency spectrum, one or more resonant frequencies will be excited. As we 

aim to extract the damping properties via the logarithmic decrement of the decay 

plot (cf. section 9.4.2), we wish to excite one mode at the time. The pulse force of 

the impact hammer is not able to excite higher resonant modes separately such that 

filtering and other signal analysis techniques would be required for our purpose. The 

latter however can introduce phase shifts and spectral leakage and as such distort the 

outcome. 

The electromagnetic exciter or shaker has more operational flexibility but 

needs to be attached to the specimen. The problem of connecting the drive platform 

of the shaker to the specimen will be discussed in the next paragraph. Alternatively, 

a loudspeaker can be used to excite the specimen [7, 8, 18]. A low power 

loudspeaker as excitation source can be used, because damping is evaluated at 

resonance frequency and consequently little excitation energy is necessary to cause 

sufficiently large specimen response deformation. For systems with inherently high 

damping, or with an added damping treatment the loudspeaker may not produce 

strains of engineering interest. However, choosing a high power loudspeaker with a 
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good audio sensitivity in the frequency range of interest will improve the 

measurement. This method also fulfils the requirement of the ASTM standard [19], 

that non-contact making devices are preferred to minimize external damping 

sources. Another advantage is that the excitation amplitude level can easily be 

modified. The exciters should yield an equal amplitude level if tests are repeated, to 

prevent an inconsistency in the results caused by nonlinear damping [14]. This is 

difficult to achieve with an impact hammer [4, 13, 16, 20], unless the hammer is 

mounted to make a pendulum swing.  

Taking into account all considerations, the loudspeaker excitation is preferred 

over other exciters and will be used as an excitation source for damping 

measurements in this chapter. 

9.4.1.b Boundary conditions 

The specimen should be connected to the environment through a suspension system. 

This can be as a grounded or a free condition implementation. Vibration 

experiments are often performed on a cantilever beam configuration [4, 5, 11, 13, 

14, 19, 21, 22]. As described in the ASTM standard [19], the apparatus should 

consist of a rigid, massive test fixture which provides a clamp for the root end of the 

beam. However, a rigid cantilever beam fixture is difficult to realize. Any 

construction with bolted connections and specimen grip systems may have a 

significant contribution to damping [21, 23] because of the slipping at the grip 

system and vibrating bolts. Similar effects are observed when a cantilever beam is 

clamped onto the outgoing shaft of an electrodynamic shaker which is suited for low 

force purposes: the shaker armature is not a massive fixture and this consequently 

leads to erroneous results for the damping values and specimen resonant frequencies 

[24, 25]. The problem will be more prominent if larger (heavier) specimens are 

tested since the clamping mechanism experiences larger reaction forces. However, 

even having firm and heavy cantilever grips does not fully eliminate this effect, any 

grip with a sharp corner will produce a stress concentration which guarantees some 

micro-slipping. To eliminate unwanted damping due to an improper realization of 

the boundary conditions (cf. the cantilever setup) it is opted to suspend the sample 

under free boundary conditions, i.e. the specimen has no constrained degrees-of-

freedom. A common method is the suspension of the sample with thin wires at the 

nodal points of the resonant mode shape of interest. As such, the wires will not 

interfere with the sample. 

9.4.1.c Response measuring sensor 

The choice of the response measuring sensor will be from the perspective of 

eliminating external damping sources. The ASTM standard [19] recommends non-

contacting sensors. If any contact-making sensor is used it must be demonstrated 

whether the device, and especially the wiring, is a significant source of damping. 

Different measurement systems are used in literature: accelerometers [14, 16, 21, 

26], strain gauges [4, 21], inductive distance probes [4], laser Doppler vibrometer [7, 
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8, 13, 18, 20], microscope [11], optical displacement followers [5, 26] and 

microphones [27]. The effect on the damping measurement of three different sensors 

will be examined and guidelines will be formulated in section 9.5. An 

accelerometer, a strain gauge and a laser Doppler vibrometer are selected for this 

analysis. 

9.4.2 Damping modelling 

The transient time-domain technique is part of the experimental modal analysis test 

methodology. The damping at resonance is evaluated, which is referred to as the 

modal damping ratio. The modal damping value is extracted from modal parameter 

fitting on the experimental data. Numerous parameter estimation techniques exist to 

extract the modal damping factor from an experimental modal analysis test. The 

most straightforward classification of these curve fitting methods is single-mode 

methods versus multiple-mode methods. Single-mode models assume that the 

sample response at resonance is not influenced by neighbouring resonance 

frequencies whereas multi-mode model parameter fitting considers multiple 

resonance frequencies to fit the experimental data. Unlike multi-mode models, 

single-mode models show less accuracy but are also less time consuming due to 

their simplicity. Furthermore, single-mode models perform reasonably well for 

structures with lightly damped and well separated modes. Making the choice of 

modal parameter estimation implies that the system is linear and time invariant. 

Consequently, the damping does not change with the excitation level [28, 29].  

As it is the main purpose of this study to separate external damping losses 

from the material damping losses, a single-mode model is preferred over a multi-

mode model for the simplicity of the data analysis. Moreover, conclusions related to 

external damping effects are generally applicable and do not depend on the 

modelling method. Among the existing single-mode models are time and frequency 

based methods for modal damping estimation. Both test methods are related to each 

other as both attribute all of the response to a single mode in the vicinity of a 

resonance. The time-domain method is preferred over the frequency-domain method 

because the latter corresponds with very narrow resonance peaks in the response 

curve for lightly damped specimens, leading to insufficient accuracy [4, 13].  

The time-domain method is based on the exponential decay of the vibration 

when the specimen is left to vibrate freely after a resonance condition is induced. 

This type of decay is observed in a linear system which is described as a transfer 

function, and if only one single pair of complex poles dominates in the transfer 

function, which is true if the different modes are well separated. Two closely spaced 

frequencies will corrupt the observed response as the response due to the nearby 

mode moves in and out of phase with that of the intended mode, as described by 

Ewins [23]. The modal damping ratio is calculated from the logarithmic decrement, 

this is the natural logarithm of the amplitude ratio of n successive 

cycles: δ =  
1

n
ln (

A1

An+1
), with A1 and An+1 the amplitude at the start respectively 

the end of these n cycles in the decaying response. The decaying amplitude of the 

vibrating specimen, can be described as:  
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𝑥(𝑡) = 𝑋 𝑠𝑖𝑛(𝜔𝑑𝑡)𝑒−𝜔𝑛𝜁𝑡 (9.1) 

With ωd being the damped natural pulsation which equals the natural 

pulsation ωn for small damping ratio ζ =
δ

2π
, ζ ≪ 1. The obtained modal damping 

factor is more accurate with increasing number of periods [7]. This statement is true 

in the case of damping in a linear system, as stated in the beginning of this 

paragraph. In a nonlinear system, with amplitude dependent damping, the 

exponential decay should be subdivided into ranges that show approximate linear 

damping. The corresponding result is only the best value at some intermediate 

amplitude, e.g. geometric mean of extremes. 

9.4.3 Test methodology 

The test methodology is explained for measuring the damping properties of an 

isotropic material. The sample has square dimensions. The considered test 

methodology should meet the requirements of section 9.4.2, which is about damping 

modelling in a single-mode approach.  

In a first step, the test procedure seeks the resonance frequencies of the 

specimen with a random noise audio signal excitation. Then, the loudspeaker excites 

the specimen at the desired resonance frequency with a harmonic sine wave. Once 

the specimen vibration is in a steady-state condition, the loudspeaker excitation is 

turned off and the attenuating vibration response of the specimen is measured. Care 

is taken to ensure that pendulum oscillations do not corrupt the signal through high-

pass filtering the signal at 5 Hz. Each time five consecutive measurements are 

executed to calculate an average value and a standard deviation, such that the 

repeatability of the test method is determined. 

Based on the mode shape of the resonance frequency of interest, one can 

point the optimum location on the specimen for both the excitation source and 

response measurement. A mode shape consists of nodal and anti-nodal locations, i.e. 

points where the specimen does not deform and deforms maximally, respectively. It 

is advised to measure and excite at those anti-nodal points to obtain maximum 

sensitivity. The FE analysis reveals that the first mode shape for a square steel 

sample is a twisting mode, as visualised in Fig. 9.2.a. Maximum deformation is 

found at the four corners of the plate, thus the loudspeaker’s position and the 

vibration response location of the specimen will be at one of the four corners. Based 

on Fig. 9.2.b, which depicts the second resonant mode shape, it follows that the 

loudspeaker’s position and vibration response location is at the middle of one of the 

sides of the plate. 
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(a) 

 

(b) 

Fig. 9.2 Resonance mode shapes from square steel plate with dimensions 300x300x2 mm: 

(a) first resonant mode shape, (b) second resonant mode shape. 

9.4.1 Test specimens and sample preparation 

The test specimens are made from cold rolled S235 steel plate material (Young’s 

modulus = 205-215 GPa, Poission’s ratio = 0.3, Mass density = 7850 kg/m³). The 

specimens have square dimensions with a thickness of 2 mm and a length of 

100 mm, 200 mm and 300 mm. Once the specimens are cut to the right dimensions, 

the only specimen preparation left is the attachment of the suspension wires with a 

small glue dot. Nylon cords with a 0.3 mm diameter are used, which are sufficient to 

carry the weight of the specimens. One could think of drilling small holes but these 

may change the dynamic properties of the specimen, especially when testing small 

and light weight specimens. Next, the response measurement sensor is mounted onto 

the sample and finally the specimen can be suspended in the vertical plane in front 

of the loudspeaker.  

9.4.2 Test apparatus 

The specimen is excited with a 60 W rms loudspeaker in the frequency range of 20-

5500 Hz (type: SP-W65-SONO woofer). The excitation signal is generated by 

LabVIEW software and National Instruments (NI) analog output hardware (C-series 

module NI-USB 9263). The accelerometer is an IEPE (integrated electronic 

piezoelectric) sensor with a 100 mV/g sensitivity and 50 g limit, type PCB 352C65. 

Strain measurements are assessed with a Vishay strain gauge, type CEA-06-250UN-

350, which suits for steel specimens. For response measuring with the laser Doppler 

vibrometer (LDV), a Polytec OFV-5000 with the corresponding velocity decoder 

VD-06 and OFV-534 sensor head is used. The full scale range is ± 500 mm/s and 

the corresponding frequency range is 0-350 kHz. The output signal is within ±10 V. 

Data acquisition is done through NI C-series modules NI9215, NI9234 and NI9237 

for the LDV device, the IEPE accelerometer and the strain gauge respectively. 

Numerical analysis is done through Abaqus v6.11 Finite Element (FE) 

software for specimen mode shape visualization. The plate specimens are modelled 

with S8R thick shell elements and are given appropriate section properties (Young’s 

modulus, Poisson’s ratio and mass density). 
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9.5 SENSITIVITY ANALYSIS OF DIFFERENT RESPONSE 

MEASURING METHODS 

The aim of this section is to compare the measured vibration response of the 

specimen if three different sensors, both contact and non-contact making sensors are 

used. Although it is generally known that contact making sensors should be avoided 

when testing low damped specimens, this analysis will quantify the sensor 

interference with the sample and its influence on the modal damping. The response 

is measured with an accelerometer, a strain gauge and the laser Doppler vibrometer. 

The former two are contact methods, the latter is a non-contact sensor. 

A square steel S235 sample with dimensions 300x300x2 mm is used. The 

specimen is suspended at the nodal points of the first mode shape, according to 

Fig. 9.2.a. Two nylon cords with 400 mm length are attached to the sample, each at 

the middle of one side of the sample such that the sample hangs vertically. The 

sample is positioned at a distance of 80 mm from the loudspeaker. This value is 

found from the air damping analysis, discussed in section 9.6. Measuring the 

vibration response at the specimen suspension points confirms that the nylon cords 

are attached at the nodal points because no response signal is measured at these 

locations.  

9.5.1 Contactless response measurement  

The specimen’s deflection can be measured as well with several non-contact 

transducers. The inductive or capacitive proximity probes show a high accuracy but 

tend to obtain the measurement of a spot, rather than the measurement of a point 

such that one cannot exactly distinguish at which location the response measurement 

takes place.  This can be an issue if the nodal points of a resonant mode shape 

should be detected and if small specimen sizes have to be evaluated. Also, it should 

be considered that the magnetic field of an inductive proximity probe may disturb 

the damping measurement. 

Another contactless measuring method is through the Doppler principle. Not 

the acceleration or the displacement, but the velocity is measured and a very small 

measurement region is assured because a laser beam points onto the specimen. 

Reflective tape is used to improve laser beam reflection. It is verified that this small 

piece of tape does not act as an added constrained-layer damper to the system. Tests 

with retro-reflective dust instead of tape give identical damping results (as will be 

discussed at the end of this paragraph). 

The test setup is shown in Fig. 9.3. The specimen under test is placed 

between the loudspeaker and the laser beam generator from the LDV. The laser 

beam points at the tip of the sample; this assures maximum response sensitivity if 

the first mode shape is excited (as depicted in Fig. 9.2a). Also the loudspeaker is 

positioned near the corner of the plate for maximum excitation sensitivity. The 

excitation is first increased until the tip response amplitude of 80 mm/s is achieved 

and is subsequently switched off letting the specimen vibrate in free condition. The 

decaying response signal is initially analysed between the start and end amplitude of 
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80 mm/s respectively 1.25 mm/s, giving a damping ratio value ζ of 9.45∙10
-5

. If the 

corresponding exponential (cf. equation (2.2)) is plotted onto the original response 

signal (see Fig. 9.4), it is observed that the mathematical model does not fit exactly. 

This means that a single exponential function does not fit the decaying amplitude. 

This indicates that non-linear damping is present: the damping ratio depends on the 

response amplitude. Because linear damping is assumed for damping modelling, it is 

necessary to define damping within specific limits where damping shows 

approximate linear behaviour. Theoretically, an infinite number of amplitude ranges 

is necessary to characterize the non-linear damping behaviour described by 

exponential decaying curves. Because of practical reasons, six amplitude ranges are 

found to be an acceptable compromise between modelling accuracy and analysis 

complexity. The overall response amplitude range from 80 mm/s up to 1.25 mm/s is 

divided into six equal amplitude intervals and for each segment an exponential is 

fitted. Fig. 9.5 plots a detailed view of two exponential curves in the range             

80-40 mm/s and 2.5-1.25 mm/s. It is clear that only one single exponential curve fits 

in the range of 80-40 mm/s (with the + marker type), the other curve (with the ◊ 

marker type) which belongs to the other amplitude range clearly deviates.  

 

Fig. 9.3: Test configuration through contactless excitation and response measurement. 
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Fig. 9.4: Mismatch between original response signal and mathematical curve from the 

viscous damping model. 

 

Fig. 9.5: Visualization of nonlinear damping. 

The damping ratio varies from 13∙10
-5

 to 8.04∙10
-5

 in the amplitude range of           

80-40 mm/s to 2.5-1.25 mm/s respectively, larger response amplitudes correspond to 

larger damping values. Table 9.1 gives the average damping ratio as function of 

response amplitude and the corresponding standard deviation from five consecutive 

measurements. Within all response amplitude ranges, the theoretical exponential 

decay diverges maximally 2 % from the measured response decay. This error is 

found to be acceptable related to other measurement errors described in the 

following sections. Thus, it is decided not to have more response amplitude ranges. 

The very low standard deviation allows for accurate comparison among different 

damping values, if any differences are observed, it will not be due to lack of 

measurement repeatability. 
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Table 9.1: Nonlinear damping ratio: damping value depends on response amplitude 

Response amplitude 

[mm/s] 

Average 

damping ratio ζ 
(∙ 10−5) 

Standard deviation 

(∙ 10−7) 

80  40  13 3.03 

40  20 10. 1.76 

20  10 9.42 9.6 

10  5 8.66 1.02 

5  2.5 8.26 1.45 

2.5  1.25 8.04 4.89 

The influence of the retro-reflective tape on the damping result is analysed through 

tests on a square aluminium plate with dimensions 300x300x2 mm at its first 

resonant mode shape. Aluminium is chosen over steel to improve the reflectivity of 

the plate. Three different test cases are observed: (i) plate response with retro-

reflective tape, (ii) plate response measured with retro-reflective dust and (iii) plate 

response measured directly on the aluminium surface, without any tape on the plate 

left. The results show no difference between these methods. According to this it can 

be concluded that the results are reliable, there is no added damping due to a 

constrained-layer damping of the retro-reflective tape. 

Table 9.2: Effect of constrained-layer damping from retro-reflective tape on damping 

measurement of aluminium plate with dimensions 300x300x2 mm. 

Damping ratio ζ 

(∙10
-5

) 

Response measuring method 

Retro-reflective 

tape 

Retro-reflective 

dust 
Plate surface 

Amplitude response 

[mm/s] 
 

 
 

80  40 30.2 30.1 30.1 

40  20 30.2 29.7 30.2 

20  10 30.2 30.2 30.2 

10  5 30.2 30.1 30.1 

5  2.5 30.2 30.1 30.1 

2.5  1.25 30.4 30.3 30.1 

9.5.2 Accelerometer response measurement 

The most obvious method to measure structural vibrations is with an accelerometer 

because this sensor can easily be mounted onto the structure or specimen. A low 

accelerometer mass (compared to the mass of the structure under test) should be the 

main specification to avoid sensor interference with the dynamics of the specimen as 
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the dynamic force 𝑚�̈� (with �̈� the acceleration and 𝑚 the sensor mass) is of 

importance when testing at (high) resonance frequencies. Dynamic interference from 

the accelerometer can be minimised if the sensor is placed near a nodal spot but this 

strongly reduces the response sensitivity, so it is opted to place the accelerometer at 

an anti-nodal point. Two sensor mounting configurations are assessed: the first one 

is to attach the sensor wire to the specimen with tape from the corner to the centre of 

the plate and the second method is to allow the wire to oscillate, thus not fixed to the 

vibrating specimen. The sensor itself is attached with wax onto the specimen. 

Fig. 9.6a shows that once the specimen is in steady-state vibration, the 

loudspeaker excitation is switched off and subsequently the specimen vibrates in 

free condition. Fig. 9.6b depicts a detailed section from Fig. 9.6a, showing the very 

good quality of the decaying response signal. 

 

 

(a) 

 

(b)  

Fig. 9.6: Free vibration decay from accelerometer mounted at anti-nodal position of first 

resonant frequency: (a) attenuation acceleration signal as function of time after 

loudspeaker excitation is switched off, (b) detail from Fig. 9.6a. 

In a first attempt to check for comparison between both test configurations, the 

vibration responses of both configurations are plotted on top of each other. The 

envelope of the attenuating response signals is plotted in Fig. 9.7 to facilitate the 

comparison.  It is obvious that the sensor wire fixing method has a big influence on 

the response. Much more damping is present if the wire is attached to the specimen; 

cf. the solid line in Fig. 9.7. The fixed wire will prevent specimen vibration and any 

rubbing from the wire on the specimen will add damping. This finding is confirmed 

if the damping ratio is numerically determined. The damping ratio ζ, calculated 

between 8 g and 0.125 g, is more than doubled if the sensor wire is attached to the 

specimen. The damping ratio ζ is on average 95∙10
-5

 and 46∙10
-5

 for the fixed wire 

and the loose wire, respectively. The amplitude dependent damping ratios are found 

in column E and F in Table 9.3. The damping value from the loose wire 

configuration will be the most correct one because this corresponds to the lowest 

damping value; higher damping values imply additional (unwanted) damping. 
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Fig. 9.7: Influence of sensor wire mounting on decaying vibration response: amplitude 

normalized envelope curve of response signal 

9.5.3 Strain gauge response measurement 

Another response measuring method is strain measurement. The specimen 

deformation, cf. strain, can be measured by means of a strain gauge mounted in a 

high strain region of the specific resonant mode shape. This method is potentially 

beneficial in eliminating dynamic interference with the sample because the mass of 

the strain gauge is much lower compared to the accelerometer mass. Still, the sensor 

wiring interferes with the sample. The strain gauges are attached to the specimen 

with the strain gauge adhesive M-Bond 200 from Vishay. The effect of a strain 

gauge is examined on the first mode shape of the plate. Both the shear and 

longitudinal strain are measured. The response is also measured with the Doppler 

vibrometer, in this way it is possible to correlate the strain response with the velocity 

response which makes comparison with the other response measuring methods 

possible. 

The strain amplitude is in direct relation with the tip (e.g. corner) 

displacement of the plate, but it is very difficult to achieve high tip amplitudes (cf. 

strain) with loudspeaker excitation. For example, a steel plate with dimensions 

300x300x2 mm³, which vibrates in its first mode shape with a tip velocity of 

80 mm/s, gives for the corresponding tip displacement a value of 0.18 mm. Fig. 9.8 

and Fig. 9.9 are obtained from FE analysis and show respectively the shear and 

longitudinal strain pattern when the plate vibrates in its first mode. The curves in 

Fig. 9.10 and Fig. 9.11 show the shear and longitudinal strain along the diagonal and 

bottom side path depicted in Fig. 9.8 and Fig. 9.9 respectively. The maximum shear 

strain 휀12 occurs in the centre of the plate, as depicted in Fig. 9.10, and the 

maximum longitudinal strain 휀11 occurs at approximately quarter distance from the 

side of the plate, as shown in Fig. 9.11. The shear strain is the dominant component 

for the first resonance frequency; the maximum amplitude is 20 µstrain whereas the 

longitudinal strain in the second mode shape is maximum 5 µstrain (corresponding 

with a tip velocity of 80 mm/s). Engineering strain levels typically will be higher, 

but this strain amplitude is definitely sufficient to draw conclusions about 

quantifying external damping losses, as shown in this paragraph. 
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Fig. 9.8: Shear strain pattern in first 

vibration mode, with highest strain 

amplitude at the plate centre. 

Fig. 9.9: Longitudinal strain pattern in 

first vibration mode, with hot spot strain 

amplitudes at the top and bottom side of 

the plate. 

 

Fig. 9.10: Shear strain along the diagonal 

path in first mode vibration 

 

Fig. 9.11: Longitudinal strain along the 

bottom side of the plate in first mode 

vibration 

9.5.3.a Shear strain response 

Fig. 9.8 and Fig. 9.9 show, respectively, the shear and longitudinal strain level for 

the first mode shape of the square plate. The shear strain component E12 dominates 

the longitudinal strain level E11, and the maximum shear strain is situated at the 

centre, at the nodal region. The strain gauge is positioned at an angle of 45 degrees 

on the plate and is configured in a quarter bridge configuration. Positioning the 

strain gauge at 45 degrees is only an approximation for the shear strain amplitude; a 

rosette strain gauge configuration would have been required for a correct shear strain 

measurement. However, this is not found to be useful in the scope of this analysis. 

The loading effect, which is significant with accelerometer testing, will be 

minimised as the strain gauge is mounted close to a nodal point. As with the 

accelerometer configuration, two wire-fixing configurations are tried out, a fixed 

and loose wire mounting. 

Fig. 9.12a and Fig. 9.12b depict the envelope of the velocity and strain 

response if the sensor wires are connect to the plate. The strain response signal, 

marked in grey colour, shows a lot of noise because the strain level is relatively low. 

Therefore, it is chosen to smooth the envelope curve with a running average of 50 
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points, the result is the thick black curve on top of the grey curve. In analogy with 

previous analysis the velocity response signal is subdivided into amplitude intervals. 

The measured damping ratio is found in column B of Table 9.3. Similar results are 

obtained if the strain gauge lead wires are not fixed to the plate. The decaying signal 

from the strain gauge and the Doppler vibrometer are given respectively in 

Fig. 9.13a and Fig. 9.13.b. The corresponding damping ratios for that case are given 

in column C of Table 9.3. 

 

(a) 

 

(b) 

Fig. 9.12: Vibration response with fixed strain gauge lead wire for shear strain 

measurement. a) velocity response; b) strain response 

 

(a) 

 

(b) 

Fig. 9.13: Vibration response with loose strain gauge lead wire for shear strain 

measurement. a) velocity response; b) strain response 

9.5.3.b Longitudinal strain response 

A strain gauge is mounted at a hot spot longitudinal strain level, as illustrated in 

Fig. 9.11. The level is significantly lower than the shear strain component, but the 

main difference with the shear strain response is that these spots are located at anti-

nodal points. This could introduce additional lead wire vibration, and consequently 

increased system damping. One strain gauge is mounted at both sides of the plate 

(making two in total, each measuring +ε and -ε), and are placed in a half Wheatstone 

bridge configuration. A half bridge is preferred over a quarter bridge to amplify the 

output signal when low strain levels are expected. Furthermore, the sensor lead wire 

is not fixed to the plate with glue dots. Fig. 9.14.a and Fig. 9.14.b depict the 
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attenuating velocity response, respectively the strain response. The noise level on 

this strain signal is much lower compared to the shear strain signal; this is due to the 

half Wheatstone bridge configuration. Column D in Table 9.3 shows the damping 

ratio values. 

 

(a) 

 

(b) 

Fig. 9.14: Vibration response with loose strain gauge lead wire for longitudinal strain 

measurement. a) velocity response; b) strain response 

9.5.4 Summary 

Table 9.3 gives an overview of all the response measuring methods assessed in 

section 9.5.1, 9.5.2 and 9.5.3. These tests were performed on the S235 sample with 

dimensions 300x300x2 mm which is supported with 400 mm suspension cords at the 

nodal point of the first resonant mode shape. The acceleration response is 

transformed to velocity response, making a comparison with the LDV method 

possible. Since the response signal is harmonic, acceleration �̈� and velocity �̇� relate 

as �̇� = �̈�/2𝜋𝑓, with f the resonance frequency.  
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Table 9.3: Overview of damping values ζ (∙ 𝟏𝟎−𝟓) with different response measuring 

methods for the first resonance mode. A: Doppler vibrometer; B: shear strain with fixed 

wire; C: shear strain with loose wire; D: longitudinal strain with loose wire; E: 

accelerometer with fixed wire; F: accelerometer with loose wire 

Damping ratio ζ 

(∙ 𝟏𝟎−𝟓) [/] 

Response measuring method 

A B C D E F 

Velocity response 

amplitude [mm/s] 
      

80  40 13.2 14.7 13.7 18.8 47.5 35.5 

40  20 10.9 12.1 11.1 17.2 82.4 44.5 

20  10 9.49 10.6 9.55 16.7 106 51.8 

10  5 8.71 9.76 8.70 16.7 102 57.4 

5  2.5 8.35 9.36 8.26 16.9 107 67.4 

2.5  1.25 8.1 9.16 8.08 17.0 125 78.3 

It is clear that the accelerometer based response shows the largest contribution in 

added damping. A fixed or loose lead wire configuration for the acceleration sensor 

does not give the same correctness as is obtained with the strain gauge 

configurations. The added damping source when using accelerometers is due to the 

stiffer coax wire showing higher resistance against vibration and the higher sensor 

mass. The closest approximation to the reference value from the LDV is obtained 

with placing the strain gauge close to a nodal point and a loose wire configuration. If 

the strain gauge is positioned in an anti-nodal point, still the obtained damping value 

is closer to the reference value than the accelerometer based damping value. Based 

on these results it can be concluded that non-contact transducers (here: LDV) are 

suitable for this type of damping measurement because these do not interfere with 

the sample and consequently do not contaminate the overall damping value. Also, 

using retro-reflective tape for improved reflectivity has no effect on the damping 

result. Other types of optical sensors probably will be appropriate too. However, in 

many applications it is not possible to have a clear normal LDV path to the 

observation point. If so, it is preferred to use the strain gauges with loose wires near 

a nodal region over the accelerometer. If no other sensor than the accelerometer is 

possible, it should be placed near a nodal region but one should take into account the 

reduced sensitivity of the accelerometer output signal. 

9.6 SENSITIVITY ANALYSIS OF AIR DAMPING 

CONTRIBUTION TO THE DAMPING TEST SETUP 

As it was mentioned in section 9.3, a selection of factors which perturb the modal 

damping result will be investigated in detail. The second analysis on external factors 

affecting the damping test setup is to quantify the effect of the air damping. 
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It is not straightforward to determine effective numerical values for the air 

damping contribution to the overall damping value. Air damping estimations from 

literature focus on comparing damping tests assessed in a vacuum (or lowered air 

pressure) environment with results from an ambient air pressure environment, found 

experimentally or through the calculation of the fluid-structure interaction by means 

of Reynolds numbers, [4, 5, 7, 11, 16, 30]. The analysis here differs because several 

damping test configurations in ambient air pressure conditions are compared to each 

other as air damping is always present in real life applications. The distance between 

the test specimen and the loudspeaker is varied to influence the specimen’s 

surrounding air. If the distance increases, the air vibrates in a ‘free environment’. If 

the distance decreases, the air constantly moves in the space between the 

loudspeaker and the specimen; i.e. a cushioning effect of the air is created. 

The sample (with the length of 300 mm) is suspended at the nodal points of 

the first mode shape with nylon wires of 400 mm length. The vibration response is 

measured with the laser Doppler vibrometer. Five different loudspeaker-specimen 

distances are selected, and each time the damping is measured. Table 9.4 reports the 

damping values, each obtained from tests at a different distance between the 

loudspeaker and the sample. Additionally, the results are subdivided into different 

response amplitude ranges because of the non-linear damping. From Table 9.4  it is 

observed that the measured damping ratio decreases to an asymptotic value (cf. the 

damping value which belongs to the 300 mm distance) with increasing space 

between the loudspeaker and the specimen.  

Table 9.4: Damping values at different sample-loudspeaker distances for the largest 

sample 300x300x2 mm 

Damping ratio ζ  

(∙10
-5

) 

Distance between sample and loudspeaker 

20 mm 40 mm 80 mm 150 mm 300 mm 

Response amplitude 

[mm/s] 
     

2.5  1.25 10.2 8.77 8.10 7.95 7.89 

5  2.5 10.4 8.93 8.35 8.15 8.05 

10  5 10.8 9.38 8.71 8.51 8.33 

20  10 11.5 10.1 9.49 9.23 / 

40  20 12.9 11.6 10.9 10.4 / 

80 40 15.3 14.1 13.2 / / 

A distance of 80 mm is a compromise between air damping interference and the 

excitation level. A larger distance implies less air contamination but also less 

excitation power that reaches the sample. Probably, even if the surrounding air does 

not interfere with other objects (the loudspeaker), there will still be air damping 

contribution. This aspect has been investigated by Baker et. al. [17], the authors 

have drawn conclusions about air damping contribution from tests on aluminium 
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beam specimens in a cantilever configuration. The trend is (i) that for large bending 

amplitudes air damping is increasing in proportion to the amplitude and (ii) that for 

small amplitudes the air damping loss factor appears to approach a limit which is 

independent of amplitude. It is also noted that the mode shape has a relatively small 

effect on the air damping ratio. Because these results are based on tests on cantilever 

beam samples it might be possible that these conclusions are not fully valid for plate 

specimens. The contribution of air damping in atmospheric pressure for plate 

specimens has been investigated by De Visscher et al. [7]. A semi-empirical formula 

estimates the air damping ratio. The latter is inversely proportional to the specific 

weight ρ [kg/m³], the thickness t [m] and the square root of the resonance frequency 

fres [Hz] of the plate. This formula might be applicable for the test results in this 

chapter because De Visscher et al. [7] use a similar methodology to measure the 

damping of plates. As no dependence on vibration amplitude is mentioned, there 

might be a correlation with results from Baker et al. [17], stating that for low 

vibration amplitudes the air damping contribution is constant.  

The conclusion here is that one should take into consideration that any object 

close to the specimen under test may impair the damping results. Therefore, it is 

necessary to do this sensitivity analysis to prevent incorrect results.  

9.7 SENSITIVITY ANALYSIS OF THE BOUNDARY 

CONDITIONS 

In section 9.4.1, it was advised to attach nylon wires at the nodal points of the 

particular mode shape to suspend the specimen. The influence of the suspension 

length within this situation is determined by measuring the specimen damping with 

three different suspension lengths: 400 mm, 200 mm and 100 mm. The specimens 

with length of 100 mm, 200 mm and 300 mm are used. The vibration response is 

measured with the laser Doppler vibrometer. 

The damping values for all combinations of specimen size and specimen 

length, for both the first and second mode shape are given in Table 9.5 and Table 9.6 

respectively. For the three sample sizes, there is hardly any difference (for both the 

first and second mode shape), the relative error is about 1%, except for the first 

mode shape of the smallest sample (100x100x2 mm³) which shows a 4% higher 

damping value for the 100 mm suspension length compared to the 400 mm 

suspension length. This could be due to small misalignment of the nylon cords onto 

the specimen, but such a small error is still acceptable. The smallest damping value, 

corresponding with the 400 mm suspension length, is believed to be the right one 

because a higher value means that additional damping effects take part. 
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Table 9.5 Damping ratio ζ (∙10-5) from specimen suspension at nodal position of first 

mode shape for different suspension lengths and specimen size 

suspension 

length 

[mm] 

100 200 400 

specimen size 

[mm] 
100 200 300 100 200 300 100 200 300 

Frequency 

[Hz] 
680.4 170.9 78.9 680.5 170.9 78.8 680.5 170.9 78.8 

Response 

amplitude 

[mm/s]          

2.5  1.25 6.75 / 8.13 6.66 7.64 8.09 6.49 7.61 8.04 

5  2.5 6.95 7.91 8.33 6.89 7.79 8.28 6.73 7.73 8.26 

10  5 7.28 8.19 8.71 7.14 8.11 8.71 7.04 8.05 8.66 

20  10 7.96 8.75 9.48 7.91 8.71 9.47 7.65 8.64 9.42 

40  20 9.19 9.72 10.9 9.10 9.77 10.8 8.78 9.71 10.8 

80  40 11.2 11.4 13.2 11.2 11.3 13.1 / 11.4 13.0 

Table 9.6 Damping ratio ζ (∙10-5) for specimen suspension at nodal position of second 

mode shape for different suspension lengths and specimen size 

suspension 

length [mm] 
100 200  400 

specimen 

size [mm] 
100 200 300 100 200 300 100 200 300 

Frequency 

[Hz] 
949.0 239.0 110.4 949.1 239.0 110.4 949.1 239.0 110.4 

Response 

amplitude 

[mm/s]          

2.5  1.25 8.20 9.64 11.1 8.17 9.47 11.0 8.21 9.43 10.9 

5  2.5 8.40 9.82 11.4 8.41 9.73 11.3 8.36 9.70 11.2 

10  5 8.83 10.3 11.9 8.79 10.2 11.7 8.79 10.1 11.7 

20  10 9.60 11.1 12.9 9.57 11.2 12.7 9.59 11.1 12.7 

40  20 11.1 12.6 14.7 11.0 12.8 14.4 11.1 12.7 14.5 

80  40 13.5 15.3 17.7 13.4 15.3 17.1 13.5 15.2 17.5 

The second part of this analysis considers the effect of anti-nodal suspension of the 

specimens. Although it is generally understood that in free vibration experiments the 

specimen should be suspended at its nodal points, still some work from literature can 

be found which does not take this into consideration [24, 31]. This can be due to 
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other constraints such that the sample can only be suspended in one specific manner. 

From this point of view, the goal is to assess the quantitative error on the overall 

damping value if the suspension cords are attached at anti-nodal positions. Two 

different types of dissipation effect can be distinguished in specimen suspension. 

Suspension wires can add damping by local frictional effects if there is any contact, 

and they also add damping by transporting energy away by wave propagation along 

the wires. The first is governed by details around the glue joint, the second by the 

wave impedance of the wires. 

As with previous experiments, three different sample sizes are examined for 

their sensitivity to anti-nodal suspension. Furthermore, three different suspension 

lengths (100 mm, 200 mm and 400 mm) are taken into consideration as it is believed 

this may also have an effect.  

Damping from anti-nodal suspension gives additional damping compared to 

nodal suspension. Table 9.5 and Table 9.7 should be compared for differences 

between nodal and anti-nodal suspension for the first mode shape, 

Table 9.6Table 9.6 and Table 9.8 depict the damping values for the second mode 

shape. The results for the first mode shape are discussed first. From almost all test 

cases it is observed that if the response tip velocity increases, the relative difference 

between damping from nodal and anti-nodal position reduces. This outcome is most 

pronounced for the smallest suspension length of 100 mm. A possible explanation is 

that a small response amplitude corresponds with a lower damping ratio (Table 9.1), 

and thus the added damping due to the suspension has a larger effect in terms of 

percentage. When looking more into detail, it can be seen that the smallest sample 

(100x100x2 mm) is most susceptible to anti-nodal suspension location and this for 

all suspension lengths (large % errors). For the smallest specimen size combined 

with a 100 mm suspension length the relative error is in the range of 62 % to 40 %, 

the 400 mm suspension gives errors up to 90 %. Thus, increasing the suspension 

length can have a positive or a negative effect depending on the dimensions of the 

specimens. 

Similar reasoning is valid for damping measurements at the second resonant 

mode shape. 
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Table 9.7: Damping ratio ζ (∙10-5) from specimen suspension at anti-nodal position of 

first mode shape for different suspension lengths and specimen size 

suspension 

length [mm] 
100 200 400 

specimen 

size [mm] 
100 200 300 100 200 300 100 200 300 

Frequency 

[Hz] 
680.3 171 78.9 680.2 170.9 78.8 680.4 170.9 78.8 

Response 

amplitude 

[mm/s]          

2.5  1.25 10.9 8.23 9.89 9.57 7.59 8.37 12.3 7.60 8.38 

5  2.5 11.1 8.44 10.2 9.73 7.83 8.56 12.4 7.77 8.60 

10  5 11.5 8.73 10.4 10.0 8.19 8.95 12.7 8.08 8.99 

20  10 12.1 9.12 11.2 10.6 8.87 9.69 13.4 8.66 9.76 

40  20 13.4 10.1 12.6 11.8 9.82 11.0 14.6 9.71 11.1 

80  40 15.7 11.7 14.7 14.1 11.4 13.2 16.5 11.5 13.5 

 

Table 9.8: Damping ratio ζ (∙10-5) for specimen suspension at anti-nodal position of 

second mode shape for different suspension lengths and specimen size 

suspension 

length [mm] 
100 200 400 

specimen 

size [mm] 
100 200 300 100 200 300 100 200 300 

Frequency 

[Hz] 
948.9 239.1 110.5 949 239.1 110.5 949.1 239.1 110.5 

Response 

amplitude 

[mm/s]          

2.5  1.25 14.9 9.72 11.9 10.9 9.68 11.2 11.0 9.63 11.0 

5  2.5 15.1 9.90 12.2 11.0 9.89 11.4 11.1 9.90 11.3 

10  5 15.5 10.4 12.7 11.4 10.4 11.9 11.6 10.4 11.8 

20  10 16.3 11.3 13.7 12.1 11.4 13.0 12.4 11.4 12.8 

40  20 17.7 13.0 15.4 13.3 13.1 14.8 13.9 12.8 14.6 

80  40 20.1 15.5 18.3 / 15.8 17.9 16.5 15.4 17.5 

9.8 DAMPING BEHAVIOUR OF DIFFERENT STEEL ALLOYS 

This detailed sensitivity analysis assessed in previous sections has led to an 

optimized test setup in reducing external damping sources. Therefore the efficacy of 

the test method is illustrated through evaluating the damping with samples of equal 
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dimensions but manufactured from three different steel alloys. All samples are 

suspended at the nodal points with 400 mm nylon suspension cords and the response 

is measured with the LDV. 

In addition to the S235 steel, two steel alloy samples with dimension 

300x300x2 mm are selected: stainless T-304 annealed 2B and annealed alloy steel 

4130. Table 9.9 gives an overview of the damping ratio for the three different steel 

alloys for the first and second mode shape as function of the response velocity 

amplitude. In contrast with all previous results in this work, it is observed that linear 

damping is present, for both steel alloy samples and for both the first and second 

resonant mode shape. The annealed 304-2B sample has an average damping ratio of 

4.86 ∙ 10−5 and 5.3 ∙ 10−5 for the first, respectively the second mode shape. The 

damping ratio for the AISI 4130 sample is more than doubled, 10.2 ∙ 10−5 for the 

first mode shape and 13.4 ∙ 10−5 for the second mode shape. The resonance 

frequencies of the S235 and AISI 4130 sample are approximately the same and also 

their damping values are within the same range. The annealed 304-2B alloy has 

lower resonance frequencies, and the damping values are remarkably lower 

compared to the others. Although all samples are predominantly ferrous alloys, they 

definitely show different damping characteristics: the damping value can be 

significantly larger or smaller, and linear or nonlinear damping is possible. It is clear 

that damping values reported in literature should be applied in the same conditions 

as they were measured and not generalised to other applications.  

Table 9.9: Comparison of damping ratio for different steel (alloy) materials 

 Damping ratio ζ (∙10-5) 

Specimen material S235 AISI 4130 Annealed 304-2b 

First and second resonance 

frequency [Hz] 
78.7 110.5 72.2 112.3 66.6 99.5 

Response amplitude 

[mm/s] 
      

2.5  1.25 8.04 10.9 10.1 13.4 4.86 5.22 

5  2.5 8.26 11.2 10.1 13.3 4.86 5.30 

10  5 8.66 11.7 10.1 13.3 4.84 5.28 

20  10 9.42 12.7 10.2 13.4 4.85 5.25 

40  20 10.8 14.5 10.4 13.6 4.87 
 

80  40 13.0 17.5 10.7 14.1 4.94 
 

9.9 CONCLUSION 

The findings and results in this Chapter cover a wide range of aspects which must be 

considered when estimating the modal damping ratio from an experimental modal 

analysis procedure. A major part is attributed to quantifying the effect of external 

damping sources, contaminating the total damping value. When taking appropriate 
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actions to eliminate these, the system damping value is reduced to the material 

damping as much as possible. The most important aspects are listed below. 

 The excitation and response measuring technique should be contactless. 

Preferably, a laser Doppler vibrometer should be used for the response 

measurement and a loudspeaker is used for the excitation. 

 The sample should be suspended with thin nylon cords at the nodal points of 

the vibration mode shape. This eliminates added damping from the vibrating 

nylon cords. 

 The distance between the loudspeaker and the sample under test should be as 

large as possible to avoid damping from ‘air pumping’ between the sample and 

the loudspeaker. 

 The developed test configuration is a tool which can be used to assess material 

damping properties from modal damping measurements. The use of this test 

configuration is extended in the next chapter, where it is applied to other 

materials. 
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Chapter 10.  

PREDICTION OF DAMPING 

PROPERTIES OF ISOTROPIC 

AND ORTHOTROPIC 

MATERIALS BY VISCOELASTIC 

MATERIAL MODELS 

10.1 SCOPE 

Chapter 9 was attributed to setting up a test configuration for measuring the modal 

damping of lightly damped materials at coupon level. But the modal damping results 

do not reflect the inherent material damping properties. The inherent material 

damping is related to the internal stress-strain state which is represented by a 

material model. The corresponding parameters for the material model have to be 

determined through experiments conducted on coupon samples. This implies that 

results are then only applicable for the operational conditions (including stress, 

strain, temperature, frequency, etc.) at which the experiments were conducted. This 

chapter relates the modal damping results with the material damping through 

viscoelastic damping modelling. This is tested for both isotropic and orthotropic 

materials.  

10.2 INTRODUCTION 

10.2.1 Phenomenological aspects in viscoelastic material 

characteristics 

The presence of dissipation implies that the induced displacement, or strain, must be 

out-of-phase with the causative force, or stress, and that the response must lag the 

input so as to give rise to a positive dissipation. When a viscoelastic material is 

subjected to sinusoidally varying stress, a steady state response will eventually be 

reached in which the resulting strain is also sinusoidal, having the same angular 

frequency but lagging in phase by an angle 𝛿 [1]. When this condition is met, the 

material shows linear viscoelastic properties. 
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The strain lags the stress, and this is true even if the strain rather than the stress is 

the controlled variable. The phase lag is between 0 and 𝜋/2 radians. 

The strain energy associated with the in-phase stress and strain is reversible; i.e. that 

energy which is stored (𝑈) in the material during a loading cycle can be recovered 

without loss during unloading. Conversely, energy supplied to the material by the 

out-of-phase components (𝑈𝑑𝑖𝑠𝑠) is converted irreversibly to heat. The relative 

energy dissipation, the ratio of 𝑈𝑑𝑖𝑠𝑠 to 𝑈, is known as the specific damping capacity 

𝜓: 

𝜓 =
𝑈𝑑𝑖𝑠𝑠

𝑈𝑠𝑡

=
𝛥𝑈

𝑈
 (10.1) 

The physical meaning of the specific damping capacity is associated with the ratio 

of dissipated energy to the stored energy in dynamic loading. This is why it is 

considered as a measure of internal friction or mechanical dissipation. The quantity 

𝜓 is meaningful for nonlinear materials as well as linear ones because the energies 

can be calculated from the stress-strain loop even if its shape is not elliptical (cf. 

non-linear damping). 

In case of linear viscoelastic damping, the relative energy dissipation per 

cycle is defined as the loss factor 휂̅, cf. equation (10.2). The loss factor is also 

named as the loss tangent, cf. equation (10.3). The loss factor 휂̅ is a material 

parameter; the overbar is used to indicate that the parameter is defined in the 

frequency domain. 

휂̅ =
1

2𝜋

𝛥𝑈

𝑈
 (10.2) 

휂̅ = 𝑡𝑎𝑛 (𝛿) (10.3) 

The general formulation for the dynamic one-dimensional stress-strain relation of a 

viscoelastic material is expressed in equation (10.4). 

𝜎(𝑡) = |𝐸∗(𝜔)|휀0𝑒
𝑖(𝜔𝑡+𝛿(𝜔)) (10.4) 

Where 𝐸∗ is the complex modulus, defined as: 

𝐸∗ = 𝐸𝑠(1 + 𝑖휂̅) (10.5) 

The storage modulus Es is defined as the ratio of the in-phase stress to strain. 

Expression (10.4) is also valid for multi-axial stress-strain viscoelastic material 

behaviour and it is based on the formulation of the generalized law of Hooke. 

[𝜎∗] = [𝐶∗][휀∗] (10.6) 

Where [𝐶∗] is the complex stiffness matrix. The complex stiffness matrix is the sum 

of the storage and loss modulus term, respectively [𝐶′] and [𝐶′′]. 
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[𝐶∗] = [𝐶′] + [𝐶′′]𝑖 (10.7) 

[𝐶′] = [
𝐶11

′ ⋯ 𝐶16
′

⋮ ⋱ ⋮
𝐶61

′ ⋯ 𝐶66
′

] (10.8) 

[𝐶′′] = [
휂̅11𝐶11

′ ⋯ 휂̅16𝐶16
′

⋮ ⋱ ⋮
휂̅61𝐶61

′ ⋯ 휂̅66𝐶66
′

] (10.9) 

10.2.2 Viscoelastic damping measures 

The loss factor expression in equation (10.2) is undoubtedly the most general 

definition for material damping of a linear viscoelastic material if tested via steady 

measurements. The loss factor directly measures dissipation, with no reference to 

the physical mechanisms involved. However, for a viscoelastic material with viscous 

damping in a one-dimensional stress-strain state, the loss factor is related with the 

modal damping ratio 휁 as in equation (10.10).  

휂̅ =
1

2𝜋

𝛥𝑈

U
 

= 2휁 

(10.10) 

The modal damping ratio is part of the EMA test procedure. The modal damping 

ratio is a measure for the viscous damping at the resonance frequency. The vibration 

at resonance is also characterized by a vibration mode shape, which denotes the 

deformation of the structure at the resonance frequency. Very often, the mode shape 

deformation yields a multi-axial stress-strain relationship instead of a one-

dimensional stress-strain state. Still, the loss factor can be expressed for the multi-

axial stress-strain relation [2]. The stored and dissipated energy is given in equation 

(10.11) and (10.12) respectively. 

𝑈𝑠𝑡 =
1

2
∫[𝜎′][휀]

𝑉

𝑑𝑉 

=
1

2
∫[𝐶′][휀][휀]

𝑉

𝑑𝑉 

(10.11) 

𝑈𝑑𝑖𝑠𝑠 = ∫ 𝜋[𝜎′′][휀]

𝑉

𝑑𝑉 

= 𝜋휂̅𝑖𝑗 ∫[𝐶′][휀][휀]

𝑉

𝑑𝑉 

(10.12) 
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In a plane stress state, the stiffness matrix [𝐶′] in equation (10.8) reduces to: 

𝐶′ = [

𝐶11
′ 𝐶12

′ 0

𝐶12
′ 𝐶22

′ 0

0 0 𝐶66
′

] (10.13) 

This gives for the stored energy: 

𝑈 =
1

2
∫(𝐶11

′ 휀11휀11 + 𝐶22
′ 휀22휀22 + 2𝐶12

′ 휀11휀22 + 𝐶66
′ 𝛾12𝛾12)𝑑𝑉

𝑉

 

= 𝑈11 + 𝑈22 + 𝑈12 + 𝑈66 

(10.14) 

And for the dissipated energy: 

𝛥𝑈 = 2𝜋(휂̅11𝑈11 + 휂̅22𝑈22 + 휂̅12𝑈12 + 휂̅66𝑈66) 

= 𝛥𝑈11 + 𝛥𝑈22 + 𝛥𝑈12 + 𝛥𝑈66 
(10.15) 

The total energy dissipation Δ𝑈 is a linear weighting of the individual strain energies 

and their loss factor. Substitution of equation (10.14) and (10.15) in equation (10.2), 

results in an expression for the modal damping ratio 휁 as function of the loss factors 

휂̅𝑖𝑗 and the energy dissipation ratios 
𝑈𝑖𝑗

𝑈
, as given in equation (10.16). 

휁 =
1

2
(휂̅11

𝑈11

𝑈
+ 휂̅22

𝑈22

𝑈
+ 휂̅12

𝑈12

𝑈
+ 휂̅66

𝑈66

𝑈
) (10.16) 

Because the energy ratios 
𝑈𝑖𝑗

𝑈
 are linked with the modal damping ratio, these are 

called modal strain energy ratios. The one-dimensional stress state is a special case 

of the plane stress state. Since the stress state reduces to only one energy ratio, 

equation (10.16) simplifies to: 

휁 =
1

2
휂̅11

𝑈11

𝑈
 (10.17) 

With 𝑈11 = 𝑈, the damping ratio 휁 =
�̅�

2
.  

If the resonant mode shape in free vibration is dominated by only one stress 

state, the loss factor is found from equation (10.10). If the sample exhibits a plane 

stress state, the four individual loss factors 휂̅𝑖𝑗 have to be determined, cf. equation 

(10.16). Consequently, the modal damping ratios of four different mode shapes have 

to be measured. In the most general formulation, the four loss factors can be 

determined from the following set of equations in (10.18). The subscripts A, B, C 

and D denote the different mode shapes. 
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[
 
 
 
 
 
 
 
 (

𝑈11

𝑈
)
𝐴

(
𝑈22

𝑈
)
𝐴

(
𝑈12

𝑈
)
𝐴

(
𝑈66

𝑈
)
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𝑈11
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𝑈22
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𝑈
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𝑈66
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𝐵
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𝑈11

𝑈
)

𝐶
(
𝑈22

𝑈
)

𝐶
(
𝑈12

𝑈
)

𝐶
(
𝑈66

𝑈
)

𝐶

(
𝑈11

𝑈
)

𝐷
(
𝑈22

𝑈
)

𝐷
(
𝑈12

𝑈
)

𝐷
(
𝑈66

𝑈
)

𝐷]
 
 
 
 
 
 
 
 

[

휂̅11

휂̅22

휂̅12

휂̅66

] = [

2휁𝐴

2휁𝐵

2휁𝐶

2휁𝐷

] (10.18) 

The modal strain energy ratios can be assessed in two ways: analytically or 

numerically. The analytical solution for modal strain energy is possible through 

describing the mode shape by a function. The exact mode shape can be 

approximated by a Ritz function. However, it has to be ensured that the Ritz 

function describes the mode shape accurately and is sufficiently differentiable to be 

able to calculate the strains in that mode shape. A slight deviation in mode shape can 

result in a large difference in obtained energy ratios. The quasi exact solution for the 

strain energy ratios can be found from finite element analysis. Through FE analysis, 

it is possible to output the strain in each element of the structure. The strain energy 

ratios can be approximated by: 

𝑈𝑖𝑗

𝑈
≈

∑ 𝐶𝑖𝑗
′ 휀𝑖𝑗휀𝑖𝑗𝛥𝐴𝑖𝑖

∑ 𝐶11
′ 휀11휀11𝛥𝐴𝑖𝑖 + 𝐶22

′ 휀22휀22𝛥𝐴𝑖 + 𝐶12
′ 휀12휀12𝛥𝐴𝑖 + 𝐶66

′ 휀66휀66𝛥𝐴𝑖

 (10.19) 

Δ𝐴𝑖 is the surface of an element in the mesh. This surface should be made smaller 

until convergence is obtained in the modal strain energy ratios. 

10.3 DETERMINATION OF ISOTROPIC VISCOELASTIC 

CHARACTERISTICS 

10.3.1 Materials and methods 

The viscoelastic damping modelling method of section 10.2.2 is illustrated here. The 

material damping parameters, cf. the loss factors, are assessed for an isotropic 

material. Polycarbonate material is selected because it has linear damping which 

facilitates the analysis method. First the storage moduli are assessed, then the loss 

factors are measured and finally these results are combined. This forms the complex 

stiffness matrix. Eventually, this result is validated through predicting the modal 

damping ratio of random plate geometries. 

It is opted to assess the viscoelastic material properties of plate specimens 

instead of beam specimens. Although the stress-strain relation is multi-axial and 

potentially more difficult to interpret, it has its merits in determining the viscoelastic 

material properties. With plate specimens, the effect of heterogeneities is minimized 

because larger specimens are used. Moreover, the edge effect is no longer present. 

Also, the coupling effect (cf. 𝐶12
∗  in equation (10.13)) cannot be measured with beam 

specimens as the stress state is uniaxial. 
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The in-plane stress-strain relationship for complex moduli was already given 

in section 10.2.2. The formulation of the stiffness matrix [C′] is based on the 

stiffness matrix of an orthotropic material for plane stress analysis. Here, it is 

reformulated for an isotropic material (𝐶11
∗ = 𝐶22

∗  and 휂̅11 = 휂̅22): 

[𝐶′] =

[
 
 
 
 
 
 

𝐸(𝜔)

1 − 𝜈(𝜔)2

𝜈(𝜔)𝐸(𝜔)

1 − 𝜈(𝜔)2
0

𝜈(𝜔)𝐸(𝜔)

1 − 𝜈(𝜔)2

𝐸(𝜔)

1 − 𝜈(𝜔)2
0

0 0
𝐸(𝜔)

2(1 − 𝜈(𝜔))]
 
 
 
 
 
 

 (10.20) 

[𝐶′′] = [

𝐶11
′ 휂̅11 𝐶12

′ 휂̅12 0

𝐶12
′ 휂̅12 𝐶11

′ 휂̅11 0

0 0 𝐶66
′ 휂̅66

] (10.21) 

Consequently, 𝐸∗(𝜔), 𝜈∗(𝜔) and 𝐺∗(𝜔) can be calculated as: 

𝜈∗(𝜔) =
𝐶12

∗ (𝜔)

𝐶11
∗ (𝜔)

 (10.22) 

𝐸∗(𝜔) = 𝐶11
∗ (𝜔)(1 − (𝜈∗(𝜔))2) (10.23) 

𝐺∗(𝜔) = 𝐶66
∗ (𝜔) (10.24) 

This last set of equations shows that, as a consequence of the complex nature of the 

Poisson's ratio, the loss factors of the complex moduli (C11 and C22) are different 

from the loss factors of the Young's moduli in the associated directions.  

The elastic properties, i.e. the storage modulus and Poisson’s ratio, of an 

isotropic material can be calculated via the resonance frequencies of the second and 

third resonance mode of a square plate [3]. The parameters 𝑓𝑋 and 𝑓𝑂 refer to the 

resonance frequency of the saddle and breath mode respectively. 

𝐸 = (
2

3
)

4

(
𝑓𝑂 + 𝑓𝑋

2
)

2 48𝜌𝐿4

𝜋2ℎ2
(1 − 𝜈2) (10.25) 

𝜈 −
1

0.72

(
𝑓𝑂

𝑓𝑋
)

2

− 1

(
𝑓𝑂

𝑓𝑋
)

2

+ 1

 (10.26) 
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10.3.2 Results and discussion 

The measured storage modulus and Poisson’s ratio of the polycarbonate samples are 

depicted in Fig. 10.1. The measurement data is available from 22 square test 

samples, each with a different thickness and length. To cover a wide frequency 

range, plates with thicknesses of 2 mm, 3 mm and 4 mm and different lengths are 

selected. The sample length is between 110 mm and 250 mm. 

 

(a) 

 

(b) 

Fig. 10.1 Storage moduli as function of frequency for different sample thicknesses and 

sample lengths. (a) storage modulus, (b) Poisson’s ratio 

The results return a constant value for the Poisson’s ratio and the storage modulus. 

The scatter can be accounted to measurement noise. It is therefore assumed that the 

storage modulus and Poisson’s ratio are constant in the frequency range 20-550 Hz. 

The average storage modulus is 2500 MPa and the average Poisson’s ratio equals 

0.35. These material properties will be used for FE analysis when determining the 

modal strain energy ratios.  

The loss factors 휂̅𝑖𝑗 are found from solving the set of equations given by 

equation (10.18). Because the material is isotropic, it holds that: 

휂̅11 = 휂̅22 (10.27) 

When the modal damping ratios of the three first resonance modes are measured, the 

three loss factors can be determined from the set of equations in (10.28): The 

subscripts (+, X and O) correspond with the mode shapes for isotropic plate 

specimens, as illustrated in Fig. 10.2. 

[
 
 
 
 
 
 (

𝑈11

𝑈
)
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+ (

𝑈11

𝑈
)
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𝑈12

𝑈
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+
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𝑈
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𝑈11

𝑈
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𝑈
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𝑈
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𝑈
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𝑂
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𝑈
)

𝑂]
 
 
 
 
 
 

[

휂̅11

휂̅12

휂̅66

] = [

2휁+

2휁𝑋

2휁𝑂

] (10.28) 
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(a) 

 

(b) 

 

(c) 

Fig. 10.2 Mode shapes for isotropic plate: (a) first mode shape, torsion mode +, (b) 

second mode shape, saddle mode X, (c) third mode shape, breathe mode O 

The modal strain energy ratios are calculated with FE analysis. The results are given 

in Table 10.1. In case of thin plates, the energy ratios are independent of sample 

length and sample thickness. The first mode consists almost exclusively of shear 

while the second and third mode practically exhibit no shear strain. 

Table 10.1 Modal strain energy ratios for the first three modes of an isotropic thin plate 

 𝑈11 𝑈⁄  𝑈22 𝑈⁄  𝑈12 𝑈⁄  𝑈66 𝑈⁄  

Mode shape + 0.0272 0.0272 0.0019 0.9438 

Mode shape X 0.7435 0.7435 -0.4900 0.0029 

Mode shape O 0.4311 0.4311 0.1254 0.0125 

The modal damping ratios for different square sample geometries for the first three 

modes are shown in Fig. 10.3. This is the same set of samples as previously used to 

determine the storage modulus and Poisson’s ratio in Fig. 10.1. The relation between 

the modal damping and the frequency is described by a linear curve fit. Next, the 

loss factors as function of the frequency are calculated from equation (10.28) and are 

plotted in Fig. 10.4.  
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Fig. 10.3 Modal damping ratio as function of frequency for the first three modes. 

 

Fig. 10.4 Loss factors for plane stress analysis of isotropic plates as function of 

frequency. 

The loss factor for the elastic modulus, the shear modulus and Poisson’s ratio are 

calculated using equation (10.22), (10.23) and (10.24) respectively. The result is 

depicted in Fig. 10.5. The loss tangent of the Poisson’s ratio is negative, which 

means that the transverse strain has a phase lag with respect to the longitudinal 

strain. 
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Fig. 10.5 Lass factors for the elastic modulus, shear modulus and Poisson's ratio as 

function of the frequency. 

10.3.3 Damping behaviour of random plate geometries 

Previous sections were attributed to assessing the polycarbonate material damping 

parameters, cf. Fig. 10.4. This section validates this result through predicting the 

modal damping ratio of random plate geometries. The complex stiffness matrix [𝐶∗] 

represents the storage and loss moduli from the material as function of the 

frequency. Therefore, the complex stiffness matrix is a material property which is 

independent of geometry. This feature can be used to predict the harmonic vibration 

response of a random geometry. The predicted modal damping ratio (cf. equation 

(10.16)) will be compared with the measured modal damping ratio. This is 

illustrated for the first and the second mode shape for a few examples. 

First, a thin rectangular sample with length L and width L/2 is selected. The 

modal strain energy ratios for the first and second mode shape are given in 

Table 10.2. 

Table 10.2 Modal strain energy ratios for isotropic rectangular plate. 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Mode 1 111.09 11.95 -26.60 1.55 

Mode 2 2.01 0.38 -0.02 97.64 

The damping ratio is calculated with equation (10.16), the loss factors are used from 

the curves in Fig. 10.4. Five samples with a different length L are selected and the 

modal damping ratio from the first and second mode shape is measured. The 

measured and calculated results are shown in Fig. 10.6. 
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Fig. 10.6 Measured and calculated damping ratio from rectangular sample. 

The second geometry is an L-shaped plate geometry (Fig. 10.7). Both modes consist 

of shear and normal strain components, see Table 10.3. The result of the measured 

and calculated modal damping ratio is given in Fig. 10.8. The good correspondence 

is an indication that the determined viscoelastic properties are correct. 

 

Fig. 10.7 Geometry parameters of L-shaped geometry. 

Table 10.3 Modal strain energy ratios for isotropic L-shaped geometry. 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Mode 1 0.20 0.20 -0.019 0.62 

Mode 2 0.62 0.62 -0.40 0.16 
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Fig. 10.8 Measured and calculated damping ratio from L-shaped geometry. 

The damping behaviour is generally quite well predicted. The modal damping ratios 

for different modes and geometries do not deviate a lot. This is a consequence of the 

fact that the material is isotropic and the loss factor of the Poisson’s ratio is an order 

of magnitude lower than the loss factor of the elastic moduli. 

10.4 DETERMINATION OF ORTHOTROPIC VISCOELASTIC 

CHARACTERISTICS 

10.4.1 Materials and methods 

The test and analysis procedure is in analogy with determining viscoelastic material 

properties for isotropic materials in section 10.2.  

The composite laminate test samples are custom made with the resin transfer 

moulding (RTM) process. With the RTM process, the dry unidirectional (UD) flax 

fibre sheets are positioned in a closed mould, then the fibres are impregnated with 

the epoxy resin that flows in the mould under vacuum. The sample size is 

265x265x3 mm
3
 and 6 unidirectional flax fibre laminae are stacked in the mould. 

The combination of epoxy resin RIMR 135 and hardener RIMH 137 suits ideally for 

this production technique. After 24 hours of cold curing, the laminate is cured 

during 15 hours at 80 °C. Finally, unidirectional flax fibre reinforced laminates are 

available for testing. 

The stress-strain relationship for plane stress analysis with viscoelastic 

orthotropic materials is given in equation (10.29). 
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[

𝜎11
∗

𝜎22
∗

𝜎12
∗

] = [

𝐶11
∗ 𝐶12

∗ 0
𝐶12

∗ 𝐶22
∗ 0

0 0 𝐶66
∗

] [

휀11
∗

휀22
∗

2휀12
∗

] 

=

[
 
 
 
 
 

𝐸1
∗

1 − 𝜐12
∗ 𝜐21

∗

𝜐21
∗ 𝐸1

∗

1 − 𝜐12
∗ 𝜐21

∗ 0

𝜐12
∗ 𝐸2

∗

1 − 𝜐12
∗ 𝜐21

∗

𝐸2
∗

1 − 𝜐12
∗ 𝜐21

∗ 0

0 0 1 𝐺12
∗⁄ ]

 
 
 
 
 

[

휀11
∗

휀22
∗

γ12
∗
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(10.29) 

According to equation (10.29), four different dynamic moduli have to be assessed. 

The storage moduli 𝐸1
′  and 𝐸2

′  are found from the transversal vibration modes of 

beam specimens with 0 degree and 90 degree fibre direction, respectively, given by 

equation (10.30) and (10.31) for the first and second transversal vibration mode, 

respectively. 

𝐸′ =
4𝜋2𝑓1

2𝜌𝐴𝐿4

4.734𝐼
 

(10.30) 

𝐸′ =
4𝜋2𝑓2

2𝜌𝐴𝐿4

7.85324𝐼
 

(10.31) 

The storage moduli 𝜈12
′  and 𝐺12

′  are determined from iterating between the measured 

resonance frequencies and the calculated resonance frequencies with FE analysis. To 

achieve this, a Poisson plate is used. This plate has specific dimensions, given in 

equation (10.32). The first resonance mode is highly sensitive to 𝐺12
′  and almost 

insensitive to 𝜈12
′ . The second and third resonance mode is sensitive to 𝜈12

′  and 

practically insensitive to 𝐺12
′ . Finally, the modal strain energies in 

equation (10.35)(10.33) can be calculated with FE analysis. 

𝐿1

𝐿2

= (
𝐸1

′

𝐸2
′)

1/4

 
(10.32) 

The loss factors are found in analogy with the test procedure to find the storage 

moduli. In essence, the loss factors are determined from mode shapes which are 

sufficiently sensitive to the four loss factors. The modal damping ratios 휁+, 휁𝑋 and 

휁𝑂 correspond with the respective mode shapes in Fig. 10.2. The first three mode 

shapes systematically appear in this order when the dimensions of the orthotropic 

plate fulfil the expression in equation (10.32). 
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[

휂̅11

휂̅22

휂̅12

휂̅66

] = [

2휁+

2휁𝑋

2휁𝑂

] (10.33) 

However, only three equations are available for four unknowns, thus one more 

equation has to be added. Next to tests on plate specimens, also beam specimens will 

be tested. The first and second vibration mode of the beam specimens has a uni-axial 

stress-strain relationship. The loss factors 휂̅𝐸1
 and 휂̅𝐸2

 are measured from beam 

specimens with 0 degree and 90 degree fibre orientation respectively. Writing 𝐸1
∗ 

and 𝐸2
∗ as function of respectively 𝐶11

∗  and 𝐶22
∗  (cf. equation (10.29)) yields the loss 

factor expression in equation (10.34). 

휂̅11 = 2휁𝐸1
− 2휁𝐸2

+ 휂̅22 (10.34) 

When substituting this loss factor in equation (10.33), a new set of equation is 

available: 
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)
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(10.35) 

10.4.2 Results and discussion 

Experiments on the beam specimens give a storage modulus in the 0 degree fibre 

direction of 13 844 MPa and in the 90 degree fibre direction of 4 798 MPa. These 

result from averaging 15 samples in the frequency range from 50 Hz to 500 Hz. The 

experiments on the plate specimens give for 𝐺12
′  a mean value of 1 340 MPa. The 

results for the Poisson’s ratio 𝜈12
′  vary between 0.2 and 0.7. Because of this large 

scatter, it is impossible to determine a correct value. A Poisson’s ratio of 0.35 is 

withheld, which is based on the results from static mechanical testing [4]. With these 

storage moduli, it is possible to calculate the modal strain energy ratios for a Poisson 

plate, which are given in Table 10.4. 
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Table 10.4 Modal strain energy ratios for orthotropic Poisson plate. 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Mode 1 0.0218 0.0213 0.0008 0.9561 

Mode 2 0.5343 0.5103 -0.0447 0.0001 

Mode 3 0.4689 04942 0.0366 0.0003 

The measured modal damping ratios on the beam specimens are depicted in 

Fig. 10.9. The individual measurement points are results from the first and the 

second resonance frequency. The modal damping ratio’s from tests on the plate 

specimens are shown in Fig. 10.10. A linear regression curve is fit through the 

measurement points. This regression curve is used to calculate the loss factors with 

equation (10.35(10.34) and (10.35). The loss factors corresponding with the 

longitudinal moduli, the shear modulus and the Poisson’s ratio are depicted in 

Fig. 10.11. 

 

Fig. 10.9 Modal damping ratio from orthotropic beam specimens with 0 degree and 90 

degree fibre direction. 

 

Fig. 10.10 Modal damping ratio from orthotropic plate specimens with UD fibre 

direction. 

0 200 400 600 800
0

0.005

0.01

0.015

0.02

Frequency [Hz]

M
o
d
al

 d
am

p
in

g
 r

at
io

 [
/]

Modal damping ratio from vibration analysis
on beam specimens

 

 

0 deg

90 deg

0 100 200 300 400 500 600
0

0.005

0.01

0.015

Frequency [Hz]

M
o
d
al

 d
am

p
in

g
 r

at
io

 [
/]

Modal damping ratio from vibration analysis
on plate specimens

 

 

mode 1, f
+

mode 2, f
X

mode 3, f
O



242  CHAPTER 10 

 

Fig. 10.11 Loss factor for the elastic moduli as function of frequency. 

10.4.3 Damping behaviour for laminates with random plate 

geometry and with different fibre orientation 

With the estimated viscoelastic material parameters of the flax fibre reinforced 

composite, it is possible to extract the damping properties of random geometries or 

laminates with different fibre orientations. First, a plate specimen with an arbitrary 

geometry is selected, though with unidirectional fibre orientation. Second, two beam 

specimens with different stacking sequence are selected. Finally, a plate specimen 

with a specific fibre orientation is chosen. 

The modal strain energy ratios corresponding with the first vibration mode of 

the specimen depicted in Fig. 10.12, are given in Table 10.5. The plate specimen has 

a thickness of 3 mm and consists of 6 layers of UD flax fibre laminae, oriented in 

the same direction. Four samples with different dimensions for L are selected. The 

result for the measured and predicted damping ratio is shown in Fig. 10.13. A good 

correspondence is observed.  

Table 10.5 Modal strain energy ratios for flax fibre reinforced laminate with arbitrary 

geometry (Fig. 10.12). 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Mode 1 0.0640 0.3027 0.0090 0.6243 
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Fig. 10.12 Flax fibre reinforced sample with arbitrary geometry and UD fibre 

orientation. 

 

Fig. 10.13 Measured and predicted modal damping ratio for plate specimen with 

arbitrary geometry. 

In the following analysis, the modal damping ratio of beams with a different fibre 

orientation is measured and compared with the predicted value. The fibre stacking 

sequence of the laminates is [0°, 90°, 0°]S and [90°, 0°, 90°]S. Table 10.6 lists the 

modal strain energy ratios (which is equal for the first and second mode shape) for 

both laminates. The measured and predicted modal damping ratio for the first and 

second transversal vibration mode is depicted in Fig. 10.14. As can be seen, the 

correspondence between both is only approximately good. This could be related to 

the manufacturing process. Whereas the results from Fig. 10.13 stem from the plate 

which is used for the viscoelastic material characterization, the results in Fig. 10.14 

are obtained from another plate. Close inspection of the plate showed minor air 

inclusions, which were accidentally present in the resin reservoir during the RTM 

manufacturing process. This is with great certainty the reason for the deviation from 

the predicted result.  
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Table 10.6 Modal strain energy ratios for flax fibre reinforced laminate with arbitrary 

fibre stacking. 

 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Laminate A: [0°, 90°, 0°]S 0.8985 0.1247 -0.0234 0 

Laminate B: [90°, 0°, 90°]S 0.5298 0.4935 -0.0234 0 

 

 

Fig. 10.14 Measured and predicted modal damping ratio for beam specimens with 

different fibre stacking sequence. Laminate A: [0°, 90°, 0°]S, laminate B: [90°, 0°, 90°]S. 

The last example shows the validity of the visco-elastic material parameters for the 

plate specimen with the same stacking sequence [0°,90°,0°]S as the beam specimens. 

The dimensions of the plate satisfy the condition for the Poisson plate. The strain 

energy ratios for the first and second resonance mode shape are given in Table 10.7. 

Notice that the modal strain energies of this laminate are quasi identical to the modal 

strain energy ratios of the laminate with UD fibre configuration in Table 10.4. The 

modal damping ratio for the first mode shape is well predicted, the predicted modal 

damping ratio for the second mode shape is overestimated, as can be seen in 

Fig. 10.15. This is probably due to material imperfections, created during the 

manufacturing process, analogous with the explanation in the previous paragraph. 

Table 10.7 Modal strain energy ratios for flax fibre reinforced laminate plate sample 

with the stacking sequence [0°,90°,0°]S. 

 𝑈11
𝑈⁄  

𝑈22
𝑈⁄  

𝑈12
𝑈⁄  

𝑈66
𝑈⁄  

Mode 1 0.0247 0.0122 0.0002 0.9630 

Mode 2 0.5244 0.5155 -0.04 0 
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Fig. 10.15 Measured and predicted modal damping ratio for flax fibre reinforced 

laminate plate samples with the stacking sequence [0°,90°,0°]S. 

In conclusion, the dynamic complex moduli of an orthotropic material can be 

determined based on transient measurements. Once these moduli are known, the 

damping behaviour of random structures or laminates with different fibre directions 

can be predicted. The predictions are found to be reasonably good, as resulted from 

several examples (Fig. 10.13 and mode 1 in Fig. 10.15). Nevertheless, relatively 

large differences between the measured and the predicted damping behaviour are 

also observed (Fig. 10.14 and mode shape 2 in Fig. 10.15). This is because the 

visco-elastic material properties are determined from one single laminate. To 

account for heterogeneities in the material properties, a mean value and standard 

deviation should be calculated from tests on multiple samples. As such, it would be 

possible to draw a confidence interval with the observed value. The correspondence 

between the measured and calculated modal damping ratio is the best for high 

contributions of the shear and transversal modal strain energy. The corresponding 

loss factors (cf. Fig. 10.11) have the largest amplitude; hence, the experimental 

result is less sensitive to measuring and sample production errors. 

10.5 MODELLING ASPECTS WITH FE ANALYSIS 

The modelling method based on the complex modulus, explained in section 10.2.1, 

is the most general representation of viscoelastic modelling. The dissipative 

component is represented as an out-of-phase component with the elastic component; 

hence the phase lag between both is a measure for the material damping. The 

drawback of this method is found in the implementation with FE software. For 

transient response analysis, the complex stiffness expression makes no sense 

because the time-domain formulation in FE software is not able to integrate 

frequency dependent loss factors. Consequently, the complex stiffness matrix 

formulation can only be implemented in harmonic response analysis. 

Alternatively, the viscoelastic material stress-strain relationship is expressed 

with linear operators, cf. equation (10.36), which can be implemented in FE 

software because it is based on time-domain modelling. If only the first term on the 
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left and the first two on the right of equation (10.36) are retained, the Kelvin-Voigt 

model is represented. If only the first two terms on the left and the second on the 

right are retained, the Maxwell model is represented. Retaining the first two on each 

side leads to the generalized Maxwell model. 

∑ 𝑏0𝜎(𝑡) + 𝑏1

𝑑𝜎(𝑡)

𝑑𝑡
+ 𝑏2

𝑑2𝜎(𝑡)

𝑑𝑡2
+ ⋯

𝑁

= ∑𝑎0휀(𝑡) + 𝑎1

𝑑휀(𝑡)

𝑑𝑡
+ 𝑎2

𝑑2휀(𝑡)

𝑑𝑡2
+ ⋯

𝑁

 
(10.36) 

Through curve fitting the stress-strain time behaviour from experimental tests (e.g. a 

relaxation test with DMA analysis), the parameters of the generalized Maxwell 

model are estimated. The initial stress-strain response corresponds with ‘high 

frequency’ viscoelastic behaviour, whereas the stress-strain response after minutes 

(or hours) corresponds with quasi-static viscoelastic behaviour. Hence, the curve 

fitting implicitly includes high and low strain rate information. The high strain rate 

information is typically limited to a few Hz. The relaxation test is only valid for a 

one-dimensional stress-strain relationship; therefore, the results from all relevant 

stress-strain components (e.g. shear, Poisson, etc.) should be measured and 

combined in a single time-domain model. This parameter fitting approach in FE 

analysis is referred to as Prony series. This can be directly implemented in finite 

element software, but Prony series modelling shows some potential drawbacks. The 

generalized Maxwell time domain relationships return a storage modulus, which is 

frequency dependent. However, many engineering materials exhibit a constant 

storage modulus and a frequency dependent loss factor. The Kelvin-Voigt model 

shows a constant storage modulus, but the dissipative component is a linear function 

of the frequency, cf. equation (10.37). 

[𝜎] = [𝐶][휀] + [𝑁][휀̇] (10.37) 

In this relation, the matrix [𝐶] represents the elastic component of the material while 

the matrix [𝑁] represents the dissipative component of the material.  

Hence, this model does also not correctly represent the viscoelastic material 

behaviour. A solution to cope with this problem is to define a frequency independent 

loss factor. The loss factor is then assumed to be a good approximation for the 

frequency range of interest. Hence, the viscosity factors in the dissipation matrix [N] 

in the Kelvin-Voigt model are frequency independent. This approach is referred to 

as a local Kelvin-Voigt approximation. 

10.6 CONCLUSION 

This chapter presented the use of experimental modal analysis to generate the 

complex stiffness matrix for viscoelastic material modelling. This is assessed for 

isotropic and orthotropic materials. In case of orthotropic materials, four 

independent loss factors were determined, each corresponding with a material 
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parameter in the complex stiffness matrix. In case of isotropic materials, the 

Poisson’s loss factor is independently measured from the Young’s and shear 

modulus. This yields three independent loss factors instead of two. Hence, in the 

viscoelastic modelling of isotropic materials, the Young’s and shear modulus are not 

related to each other by the Poisson’s ratio. 

The accuracy of the estimated loss factors is validated by comparing the 

predicted and measured modal damping ratio from samples with a random geometry 

or with a different fibre orientation (in case of orthotropic material). The prediction 

is very good for isotropic materials. On the other hand, the influence of material 

heterogeneities on the modal damping ratio is seen with the orthotropic test samples. 

Test samples for the validation procedure were cut from (i) the reference plate 

(which is used for the material characterization) and from (ii) other processed plates. 

The prediction from the reference plate is very good whereas the prediction from 

test samples cut from a new plate shows a large difference with the measured value. 

This is due to the manufacturing process of the composite laminates. Possible fibre 

misalignments or, more important, air inclusions will affect the damping result. 

Although this has undesirably affected the validation of the damping results, it 

shows potential in detecting internal defects of composite materials. This is referred 

to as non-destructive evaluation of composite materials. In Chapter 11, this topic is 

examined in detail for one specific case: evaluation of the fibre matrix interface 

quality by modal damping measurements. 
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Chapter 11.  

NON-DESTRUCTIVE 

EVALUATION OF FIBRE/MATRIX 

INTERFACE QUALITY BY 

MODAL DAMPING 

MEASUREMENTS  

11.1 SCOPE 

The use of modal damping measurements is also found in non-destructive evaluation 

of fibre reinforced composite materials. Flax fibre reinforced composites with and 

without fibre sizing were manufactured to assess the influence on material damping 

and static mechanical properties. The use of modal damping measurements is 

benchmarked with destructive evaluation methods for fibre/matrix interface quality 

ranking. Hence, it is possible to assess if modal damping measurements enable the 

comparison of the fibre/matrix interface quality from different composites. 

The research in Chapter 10 has shown that modal damping measurements can 

be used to predict the complex modulus matrix of orthotropic materials. This 

analysis approach covers the visco-elastic material behaviour for plane-stress 

loading in the considered frequency range. This method could also be implemented 

in this chapter, though this study is limited to comparing the modal damping ratio 

for non-destructive purposes at the first and second resonance mode shape (thus for 

two stress-strain states and two discrete frequencies). Consequently, this topic is 

perfectly suited to validate the effectiveness and accuracy of the developed damping 

measuring test method in Chapter 9. 

When the modal damping values are effective for detecting the fibre/matrix 

interface quality, the global visco-elastic behaviour of the composite specimens 

could be assessed. However, this is out of the scope in this chapter, where the 

fibre/matrix interface quality is validated by three different methods. 
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11.2 INTRODUCTION 

In fibre reinforced composites, the mechanical properties do not only depend on the 

properties of the separate constituents themselves and their respective fraction in the 

composite material, but also on how both the fibre and the matrix material interact 

with each other. This interaction is called interfacial adhesion; it is a measure for 

how the matrix binds itself to the fibres. Generally, fibre surface treatments have 

shown to improve the interface adhesion compared to their respective raw, neat fibre 

surface. Different measurement techniques exist to evaluate the fibre-matrix 

interface. The mechanical tests can be subdivided into two main categories, namely 

(i) single fibre tests and (ii) tests on composite specimens [1]. Within the latter 

category, transverse bending tests and scanning electron microscopy (SEM) are 

often used to measure the fibre-matrix adhesion quality. With the transverse bending 

test, it is mainly the fibre-matrix adhesion and the fibre volume fraction of the 

composite laminate which determine the mechanical stiffness and strength [2-4]. 

This is independent of the mechanical properties of the fibres. Hence, this method 

allows for extracting the static interfacial properties for laminates with different 

fibre sizing and fibre type. With the transverse bending test, the maximum strain is 

located at the outer layers of the specimen such that only a small volume is loaded 

with this critical strain. As such, the probability that fracture is initiated due to voids 

and other defects in the material is minimised. Because of this reason, the transverse 

bending test is preferred over a transverse tensile test because the latter has a 

uniform strain distribution [2]. SEM microscopy is used for qualitative interpretation 

of the interface quality. With a weak interfacial bond, the fibres and resin are 

separated easily from each other, resulting in a fibre surface which is almost resin 

free. On the contrary, the matrix will be attached to the fibre in case of a strong 

fibre-matrix bond. A strong adhesion is characterized by a fracture across the fibre 

or the resin, whereas a weak adhesion is characterized by a fracture at the fibre-

matrix interface [5]. Measuring the material damping is a method to characterize the 

effect of modifications to the internal structure of the material [6-12]. As such, the 

fibre-matrix adhesion also affects the dynamic properties of the specimen. Friction 

and slip at the fibre-matrix interface are increased in case of a weak interface bond, 

hence leading to increased internal energy dissipation and consequently improved 

composite damping behaviour. For the case of a strong fibre-matrix bond, 

microscopic friction is minimal and hence will result in a lower damping capacity of 

the material. Modal damping tests are non-destructive, which is advantageous if the 

sample has to be used for other experiments.  

The purpose of this work is to seek if modal damping measurements from 

transient vibration excitation are suited to detect the effect of fibre-matrix adhesion 

quality and fibre type in fibre reinforced composites. This will be verified with 

results from a transversal bending test and SEM microscopy. Two different cases are 

evaluated. In the first case, two composite laminates are produced with the same 

manufacturing process. One sample is made with coated flax fibres for improved 

fibre-matrix adhesion whereas the other has neat, uncoated, fibres. It will be 
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discussed if damping results can replace the two other methods for assessing the 

interface quality. In the second case, composite laminates with flax and carbon fibre 

are investigated. These samples are made with pre-preg (pre-impregnated) fibre-

matrix laminae. The damping results reflect the properties of the laminate itself, 

which is not necessarily related with the fibre-matrix adhesion only. Therefore, it 

will be discussed if the findings on damping measurements from the first case, 

investigating the effect of fibre sizing only, are still valid if two different composite 

materials are compared with each other. By combining three independent measuring 

techniques, additional information is available to determine the contribution of the 

fibre, the matrix and the fibre-matrix adhesion to the composite damping. 

11.3 SAMPLE PREPARATION 

The fibre-matrix adhesion is characterized for different composite materials and 

production techniques. Sample preparation with the autoclave and RTM (vacuum 

assisted resin transfer moulding) production process allows producing custom made 

samples. With the RTM process, as will be discussed in paragraph 11.3.1, composite 

laminates are produced with neat and treated flax fibres. The treated flax fibre is, in 

contrast with the neat flax fibre, coated for improved fibre-matrix adhesion and to 

prevent water absorption. Composite laminates with flax fibre and carbon fibre are 

compared with each other based on samples made by the autoclave process, as 

discussed in paragraph 11.3.2. The study of the fibre-matrix adhesion is based on 

composite laminates with a unidirectional (UD) fibre direction. The sample 

thickness is 2 mm for all tests, the width and the height depends on the selected test 

method, which will be discussed in section 11.5. The samples for the different test 

methods will be cut out from the same base material plate. This is to eliminate 

scatter on the results due to small variations in the production process.  

11.3.1 RTM process: composite laminates with different fibre 

sizing 

The RTM production process was already described in section 10.4.1. With the 

RTM process, it is also possible to produce neat epoxy samples which can be used 

for comparison with the composite laminate. Table 11.1 lists the mechanical 

properties of the laminate reinforced with neat and treated flax fibre. In case of plane 

stress analysis, four engineering constants are sufficient to describe the mechanical 

behaviour of the material: the Young’s Moduli, the Poisson’s Ratio υ12, and the 

shear modulus G12. The laminate density is 1.44 kg/m³. 
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Table 11.1 Mechanical properties of RTM flax fibre laminate for plane stress analysis. 

Engineering constant 
Flax fibre laminate 

without fibre sizing 

Flax fibre laminate with 

fibre sizing 

E11 [GPa] 21.2 23.6 

E22 [GPa] 4.8 5 

υ12 [/] 0.35 0.36 

G12 [GPa] 2.33 2.72 

11.3.2 Autoclave process: composite laminates with different 

fibre and matrix type 

The autoclave production process uses pre-impregnated fibre-resin laminae 

(abbreviated as pre-preg). These sheets are available with a unidirectional fibre 

direction; a number of pre-preg sheets are positioned on each other to form a 

unidirectional composite laminate with the desired thickness. The sample size is 

445x137x2 mm
3
, which is the maximum specimen size available with the autoclave.  

The flax fibre pre-preg material is available from Lineo, the pre-preg density 

is 150 g/m². This flax fibre is the same as the dry fibres used with the RTM 

production. During the pre-preg production process, the fibres are coated to improve 

fibre-matrix adhesion and to prevent water absorption. The UD laminate exists of 

nine pre-preg sheets which have been cured during the temperature and pressure 

cycle of the autoclave. First, the temperature increases to 80 °C and remains for 30 

minutes. Also, from the starting point of the cycle, the vacuum of 0.1 bar is applied 

and compresses as such the pre-preg sheets. Then, the 3 bar pressure is applied and 

the temperature rises to 130 °C and remains 60 minutes. When cooled down to room 

temperature the pressure and the vacuum is released. 

The carbon fibre pre-preg material consists of M55J carbon fibres and the 

M18 epoxy resin. The carbon fibre surface is treated with sizing 50B from Toray to 

improve the fibre-matrix adhesion. The UD laminate is made of 18 pre-preg sheets 

and has cured during a specific temperature and pressure cycle. The vacuum is 

applied and the temperature rises till 120 °C and remains constant for 20 minutes. 

Then, the 7 bar pressure is applied and temperature increases till 180 °C and is 

constant for 100 minutes. When finished, the temperature decreases till room 

temperature while the pressure remains. Again, the vacuum is applied during the 

whole cycle time. The mechanical properties for plane stress analysis are listed in 

Table 11.2. The laminate density for the flax UD laminate and the carbon UD 

laminate respectively are 1.44 kg/m³ and 1.42 kg/m³. 
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Table 11.2 Mechanical properties of autoclave flax and carbon fibre laminate for plane 

stress analysis. 

Engineering constant Flax UD laminate Carbon UD laminate 

E11 [GPa] 27.2 320 

E22 [GPa] 5.13 6 

υ12 [/] 0.36 0.29 

G12 [GPa] 2.32 4.3 

11.4 FINITE ELEMENT ANALYSIS 

With the material properties from the composite laminates given in section 11.3, it is 

possible to set up a finite element model of the specimens that will be used in the 

modal damping analysis. The finite element model is processed with Abaqus
TM

 and 

calculates the resonant mode shapes and the corresponding modal strain energy, as 

explained in detail in section 11.5.3. The model is meshed with 4-node linear shell 

elements and hourglass control (S4 notation in Abaqus
TM

). The element has a 

thickness of 2 mm with 5 through-the-thickness integration points. The square 

sample (265x265x2 mm
3
) has 2916 integration points; the rectangular sample 

(445x137x2 mm
3
) has 2520 integration points. The Lanczos Eigensolver is used to 

calculate the sample’s resonant mode shapes and the corresponding strain 

distribution when vibrating without boundary conditions applied (free vibration).  

11.5 EXPERIMENTAL TEST PROCEDURE 

To verify if modal damping measurements suit for extracting the influence of the 

fibre-matrix adhesion and the fibre type, it is necessary to have a reliable reference 

from which this result can be related directly to the fibre-matrix adhesion.  

Therefore, the analysis procedure is to first evaluate the results from the transverse 

bending test and then from SEM microscopy. These results will be used for 

comparison with the modal damping results. 

11.5.1 Transverse bending test 

With the transverse three-point bending test, the composite laminate is positioned as 

shown in Fig. 11.1. Direction 1 is parallel with the fibres, direction 2 is 

perpendicular to the fibres in the plane of the laminate, and direction 3 is 

perpendicular to the fibres and the plane of the laminate. The sample is positioned 

on two supports at distance lS and the force is pointed in the 3-direction in the 

middle of the specimen. The plane defined by the 2-3 directions is the translaminar 

view of the specimen, the plane defined by the 1-3 direction is called the 

interlaminar surface. The tests are executed following the standard ASTM D7920-

03. The sample thickness t is 2 mm, the width w is 12.7 mm and the support length 

lS is 32 mm. The overlap at each support should be at least 10 % of the support 

length with a minimum of 6.4 mm, the total sample length l is 100 mm. Prior to 

testing, it is necessary to polish the translaminar view for a better quality of the 
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microscopic analysis (section 11.6.2). The finest grain size applied is #4000. The 

tests are executed with the Instron 5569 tensile test bench, the load and displacement 

are measured simultaneously. The travel speed is 0.85 mm/min, as suggested by the 

ASTM D7920-03 standard. It should be noted that quantitative interpretation of 

bending tests for Young’s modulus calculation is difficult. The friction at the 

supports contributes significantly to the result and the slope at the contact points is 

possibly too large for correct use of linear elastic theory of bending [13]. Because of 

this reason, the Young’s modulus calculation is omitted from the analysis, the 

bending stress σ is calculated following Eq. (11.1).  

𝜎 =
𝑀

𝐼 (𝑡/2)⁄
=

𝐹 ∙ 𝑙𝑆/4

𝑤 ∙ 𝑡2 6⁄
=

3

2

𝐹 ∙ 𝑙𝑆
𝑤 ∙ 𝑡2

 (11.1) 

 

 

Fig. 11.1 Transversal three point bending setup: coordinate system and 

translaminar and interlaminar surface. 

11.5.2 SEM microscopy: translaminar and interlaminar view 

In a next step, the broken samples from the transverse bending test are used for 

qualitative interpretation about the fibre-matrix adhesion with SEM (Scanning 

Electron Microscopy) technology. The crack propagation in the laminate is 

visualised with the interlaminar and the translaminar view. The interlaminar view 

shows the fibres in the longitudinal direction (1-3 plane in Fig. 11.1), the 

translaminar view depicts the cross-section of the fibres (2-3 plane in Fig. 11.1). For 

SEM microscopy, the test sample is cut to dimensions 12.7x12.7 mm
2
 and a gold 

coating is sputtered for better conductivity. The translaminar view is visualised with 

the backscatter electron (BSE) detector for differentiating on chemical composition, 

the interlaminar view is visualised with the secondary electron (SE) detector for 

optimum detection of surface topography. The acceleration voltage for the SE and 

BSE is 5 kV and 25 kV respectively. The working distance for optimum 

visualisation is 10 mm. 

11.5.3 Damping 

The test procedure to quantify damping from lightly damped materials is explained 

in Chapter 9. When comparing the modal damping ratio of different materials, it is 
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important to consider the internal strain distribution of the sample when vibrating at 

resonance. This is possible through calculating the modal strain energy, as explained 

in section 10.2.2. Fig. 11.2 depicts the first and second mode shape for an 

orthotropic UD laminate with square and rectangular dimensions. For each 

individual strain energy component, the corresponding dissipation component also 

varies with the frequency. In Chapter 10, modal damping tests on composite 

laminates have shown that damping increases with increasing frequency. Similar 

findings were found in literature as well, depending on the modal strain energy ratio, 

this effect is negligible or significantly present [6, 9, 11, 12]. 

 

(a) 

 

(b) 

Fig. 11.2 First and second mode shape for orthotropic UD laminate with corresponding 

coordinate system (fibre direction = 1-direction): (a) square geometry, (b) rectangular 

geometry. 

11.6 RESULTS AND DISCUSSION 

The results are discussed based on the selected analysis method: (i) transversal 

bending, (ii) fracture analysis with SEM microscopy and (iii) transient vibration 

damping. Within each section, the composite laminates with different fibre sizing 

and the two composite materials with different fibre type are discussed individually.  

11.6.1 Transversal bending test 

11.6.1.a Effect of fibre sizing 

With the test procedure from section 11.5.1, the bending stress at failure 𝜎22
𝑡  is 

calculated. Table 11.3 shows the mean value and the standard deviation (between 

brackets) of five independent samples. The fibre sizing positively affects the 

mechanical properties, the bending stress increases considerably when fibre sizing is 

used.  

Table 11.3 Mechanical properties from transverse bending test for flax fibre UD 

laminates with and without fibre sizing, manufactured with RTM technique. 

 
Flax fibre UD laminate 

without fibre sizing 

Flax fibre UD laminate 

with fibre sizing 
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Bending stress [MPa] 129.9 (0.7) 150.3 (5.2) 

11.6.1.b Effect of composite material 

The failure stress 𝜎22
𝑡  of the flax fibre laminate is more than doubled compared with 

the carbon fibre laminate (Table 11.2). The carbon fibre laminate exposed brittle 

fracture behaviour whereas the flax-fibre laminate exposed initial fracture prior to 

reaching the maximum bending force. 

Table 11.4 Mechanical properties from transverse bending test for flax and carbon fibre 

UD laminate, manufactured with autoclave technique. 

 Flax fibre UD laminate  Carbon fibre UD laminate  

Bending stress [MPa] 132.1 (4.6) 60.8 (8.1) 

11.6.2 Fibre-matrix fracture type with SEM microscopy 

11.6.2.a Effect of fibre sizing 

Fig. 11.3.a and Fig. 11.3.b show the translaminar view of the crack propagation of 

the flax fibre laminate without fibre sizing. The translaminar view in the flax fibre 

laminate with fibre sizing is depicted in Fig. 11.3c and Fig. 11.3d. The pictures in 

Fig. 11.3 at the right hand side are the enlarged view of the white square box of the 

figure on the left hand side.  Generally, the flax fibre bundles can be recognized as 

the circular patterns consisting of elementary fibres with an approximate diameter 

between 10 µm and 25 µm, which also consist of micro fibrils. In between two fibre 

bundles, the crack propagates through the matrix material. Inside the fibre bundle, 

the fracture pattern depends on the fibre-matrix adhesion. For the laminate without 

fibre sizing, the crack mainly propagates at the fibre-matrix interface without 

splitting a single fibre. With the fibre sizing applied, fibres are split in half, with 

exceptionally a crack along the interface. The multi-fibre structure of the elementary 

fibre possibly initiates the splitting of the fibre. When fibre and matrix cracking 

dominate the interface splitting, this indicates a strong interfacial adhesion between 

the fibre and the matrix. From the translaminar microscopy, it is obvious to 

differentiate the laminates with and without fibre sizing in a qualitative manner. 
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(a) 

 

(b) 

 

(c) 

 

(d) 

Fig. 11.3 Translaminar view with SEM microscopy: (a) crack in laminate without fibre 

sizing, (b) detailed view from square A in Fig. 11.3.a, (c) crack in laminate with fibre 

sizing, (d) detailed view from square A in Fig. 11.3.c. 

The view in the interlaminar crack surface depicts the fibres in the longitudinal 

direction. Comparing the interlaminar fracture surface from the laminates with and 

without fibre sizing shows a clear difference. Without the fibre sizing (Fig. 11.4a 

and Fig. 11.4b), the fibre surface is smooth, some microfibers and remaining matrix 

material are visible but the fibre is generally not unravelled. This indicates that the 

matrix material could easily separate from the fibre without damaging the fibre. 

With fibre sizing (Fig. 11.4c and Fig. 11.4d), the surface from the elementary fibres 

is rough and micro fibrils are visible at the surface. Even if the translaminar view 

shows fracture propagation at the interface, the interlaminar view confirms the good 

fibre-matrix bonding. 
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(a) (b) 

 

(c) 

 

(d) 

Fig. 11.4 Interlaminar view with SEM microscopy: (a) fibre surface without fibre sizing, 

(b) detailed view from square A in Fig. 11.4.a, (c) fibre surface with fibre sizing, (d) 

detailed view from square A in Fig. 11.4. 

11.6.2.b Effect of composite material 

These samples are made with the autoclave curing and pressure cycle (cf. section 

11.3.2). In analogy with the flax fibre laminate with fibre sizing, this flax fibre 

laminate has the same fracture mechanism. The translaminar view (Fig. 11.5.a) 

mainly shows fibre splitting and the interlaminar view (Fig. 11.5.b) depicts the 

rough fibre surface with remaining matrix material and micro fibrils attached to the 

fibres. This is in contrast with the carbon fibre laminate, where from the 

translaminar view (Fig. 11.6a), only fibre-matrix interface fracture is visible and 

matrix splitting is not seen here. This is confirmed by the interlaminar view in 

Fig. 11.6b which shows smooth fibres with very small amounts of remaining matrix 

material at the fibre surface. It can be concluded that the flax fibre laminate has 

better fibre-matrix adhesion than the carbon fibre laminate.  

 

(a) 

 

(b) 

Fig. 11.5 Fracture surface with SEM microscopy from flax fibre laminate: (a) 

translaminar view, (b) interlaminar view. 
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(a) 

 

(b) 

Fig. 11.6 Fracture surface with SEM microscopy from carbon fibre laminate: (a) 

translaminar view, (b) interlaminar view. 

11.6.3 Transient vibration damping 

The modal damping ratio values in the tables below give the mean value and the 

standard deviation between round brackets as the result of five independent 

measurements. 

11.6.3.a Effect of fibre sizing 

The composite UD laminate with and without flax fibre sizing is compared with the 

neat epoxy material. All test samples have dimensions 265x265x2 mm³. With the 

square sized specimen, the first mode shape of the isotropic and orthotropic material 

(Fig. 11.2a) is dominated by shear energy U66 (cf. Table 11.5). The second mode 

shape of the UD laminate (Fig. 11.2b) is dominated by strain energy in the 2-

direction U22, for the isotropic material the strain energy is equally divided in the 1- 

and 2-direction with a large contribution of the Poisson effect. The comparison of 

the damping value between the neat epoxy and the flax fibre laminate for the first 

mode shape is valid because the strain energy distribution for the first mode shape is 

approximately equal for all samples. The modal strain energy ratio, and thus the 

corresponding energy dissipation, for the second mode shape is different and, 

therefore, cannot be used for comparison. 

It is seen that the first and second resonance frequency of the composite 

laminate with coated flax fibre increases with 4 % and 6.9 % compared to the 

sample with neat flax fibre (Table 11.6). For the same mass and geometry of the 

plate and identical fibre type, this indicates that the stiffness has increased with the 

coated flax fibre. Since the resonance frequency varies only slightly for the three 

samples, it is expected that this effect is of minor importance when comparing the 

modal damping. From Table 11.6, it can be seen that the damping value from the 

neat flax fibre is higher than the coated flax fibre. The modal damping for the first 

resonance mode increases with 68 %, for the second resonance mode it increases 

with 36 %. When shear strain is the dominant strain component, the effect of fibre 

sizing on the modal damping ratio is more pronounced than with other strain 

components. Furthermore, when comparing the damping between the neat epoxy 
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sample and the composite laminates, the damping has increased significantly. This is 

due to the friction and slip at the fibre-matrix interface and the fibre itself, though, 

their relative contribution is not known. 

Table 11.5 Modal strain energy ratios for first and second mode shape of neat epoxy and 

flax fibre UD laminate. 

 Neat epoxy Flax fibre UD laminate 

 
Resonance 

mode 1 

Resonance 

mode 2 

Resonance 

mode 1 

Resonance 

mode 2 

U11/U [%] 2.72 74.35 1.18 2.49 

U22/U [%] 2.72 74.35 3.69 98.2 

U12/U [%] 0.19 -49.00 0.024 -0.87 

U66/U [%] 94.38 0.29 95.1 0.14 

Table 11.6 Experimental modal damping values for neat epoxy and flax fibre UD 

laminates with and without fibre sizing. 

 Neat epoxy 

Flax fibre UD 

laminate without 

fibre sizing 

Flax fibre UD 

laminate with fibre 

sizing 

 
Freq. 

[Hz] 

Modal 

damping 

[%] 

Freq. 

[Hz] 

Modal 

damping 

[%] 

Freq. 

[Hz] 

Modal 

damping 

[%] 

Resonance 

mode 1 
33.3 

0.829 

(0.002) 
37.5 

1.816 

(0.014) 
39 

1.076 

(0.004) 

Resonance 

mode 2 
46.9 

0.936 

(0.005) 
62 

1.235 

(0.015) 
66.3 

0.906 

(0.002) 

11.6.3.b Effect of composite material 

Samples with flax and carbon fibre manufactured with the autoclave process are 

compared with each other. Both samples have dimensions 445x137x2 mm³. The 

strain energy ratio for the first and the second mode shape is approximately equal for 

both laminates (cf. Table 11.5); the first mode shape is dominated by shear and the 

second mode shape is dominated by strain in the 1-direction. As such, it is possible 

to compare the modal damping of both samples (Table 11.8). The modal damping in 

both the first and second mode is significantly higher for the flax fibre laminate than 

for the carbon fibre laminate. This effect is even enhanced by the finding that the 

resonance frequencies of the carbon fibre laminate are significantly higher than 

those from the flax fibre laminate. Extrapolating the damping values of the flax fibre 

laminate to the same, higher, resonance frequency of the carbon fibre laminate shall 

give a higher damping value. Other modal damping tests on composite laminates 

have shown that damping increases with increasing frequency [6, 9, 11, 12]. 
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Table 11.7 Modal strain energy ratios for first and second mode shape of flax- and 

carbon fibre UD laminate. 

 Flax fibre UD laminate Carbon fibre UD laminate 

 
Resonance 

mode 1 

Resonance 

mode 2 

Resonance 

mode 1 

Resonance 

mode 2 

U11/U [%] 4.38 98.6 0.36 97.7 

U22/U [%] 0.58 2.14 2.10 -0.94 

U12/U [%] 0.01 -0.84 0.01 3.19 

U66/U [%] 95.0 0.14 97.5 0.06 

 

Table 11.8 Experimental modal damping values for flax and carbon fibre UD laminates. 

 Flax fibre UD laminate Carbon fibre UD laminate 

 
Frequency 

[Hz] 

Modal 

damping [%] 

Frequency 

[Hz] 

Modal 

damping [%] 

Resonance 

mode 1 
41.5 

1.135 

(0.006) 
53.9 

0.800 

(0.007) 

Resonance 

mode 2 
48 

0.890 

(0.005) 
141.8 

0.114 

(0.001) 

11.7 CONCLUSION 

It is investigated if modal damping measurements can substitute the transverse 

bending and SEM microscopy techniques for measuring the fibre-matrix adhesion in 

fibre reinforced composites. Two cases are considered for evaluating this property: 

(i) the effect of composite laminates with different fibre sizing and (ii) the effect of 

composite laminates with different matrix and fibre type. 

In a first analysis, the effect of fibre sizing is investigated for flax fibre 

laminates with and without fibre sizing. SEM microscopy indicates that fibre sizing 

results in improved adhesion. Fibre splitting and a rough fibre surface with 

remaining matrix material and micro fibrils are observed. The transverse bending 

test shows that, with fibre sizing applied, the maximum bending stress increases 

significantly. From the damping tests, it follows that the resonance frequency 

increases and the damping capacity decreases when fibre sizing is applied. The 

lower energy dissipation is probably due to reduced slipping and friction at the fibre-

matrix interface and the higher resonance frequency indicates that a stronger fibre-

matrix bond positively affects the material stiffness. 

In a second analysis, two laminates with different fibre and matrix type are 

investigated. SEM microscopy indicates that the flax fibre laminate has better fibre-

matrix bonding than the carbon fibre laminate. This is verified as the bending stress 

is higher for the flax fibre laminate than the carbon fibre laminate. From the modal 

damping measurements, it results that the damping capacity of the carbon fibre 
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laminate is significantly lower than the flax fibre laminate and the resonance 

frequency of the laminate with carbon fibre is higher than with the flax fibre. This is 

opposite to the conclusions from the first analysis; a weak adhesion of the carbon 

fibre is here related with a lower damping capacity and a higher resonance 

frequency. In conclusion, results obtained in the first test case, from the influence of 

fibre sizing on maximum bending stress and modal damping, cannot be used to draw 

conclusions on the fibre-matrix adhesion if two laminates with different fibre and 

matrix material are used. Nevertheless, with the modal damping measurements, it is 

possible to measure which parameter is dominating the dissipation mechanism: the 

fibre, the matrix or the fibre-matrix adhesion. Here, it is observed that the effect of 

the fibre and the matrix individually are more important than the fibre-matrix 

adhesion. 

In general, when the influence of fibre sizing on the fibre-matrix adhesion is 

investigated, only the damping measurement is sufficient to draw conclusion. The 

transverse bending test gives no additional information and SEM microscopy only 

verifies at microscopic level what is seen at macroscopic level. Moreover, the 

transverse bending test is more prone to measuring errors for quantitative analysis 

and SEM microscopy is relatively time consuming compared with the damping 

measurements. It is more complicated when laminates with different fibre -and 

matrix type are investigated. Since it is seen that a better damping behaviour is not 

necessarily related with a weak fibre-matrix adhesion, this test should be combined 

with a transverse bending test or SEM microscopy. 
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Chapter 12.  

CONCLUSIONS AND OUTLOOK 

This dissertation presents the research work performed on developing an 

experimental test platform to assess the static and dynamic properties of racing 

bicycle components and their interaction with the cyclist. In this last chapter, the 

main contributions to achieve this goal will be recapitulated and at the same time, 

future research direction will be provided. 

12.1 CONCLUSIONS 

Three main parts can be distinguished in this book. Part I assesses the static and 

dynamic properties of the bicycle frame, the front fork and the bicycle wheel. Part II 

looks to the dynamic interaction between the bicycle and the cyclist through 

measuring the cyclist’s comfort. Part III supports the dynamic analysis section in 

Part I by giving detailed information about measuring modal damping and how to 

interpret this for drawing conclusions about the material damping properties for 

coupon samples and structural components. 

This work is characterized by the design and development of several test facilities to 

examine multiple bicycle engineering features, such as stiffness, damping, vibration 

isolation, cyclist’s comfort and bicycle stability. These test setups were implemented 

to support the research initiated by two Flemish bicycle companies in two IWT 

projects. Each test setup is supplemented with careful sensor selection, custom made 

sensor development and sensor calibration. The sensor data and test results are 

carefully examined and analysed to detect possible flaws in the test setup, including 

human error estimation. As a result, the measurement is reliable, accurate and 

reproducible. Each test setup is benchmarked with few test cases for illustration 

purposes. 

12.1.1 Part I: Measuring stiffness and vibration properties of 

racing bicycle components 

Chapter 2 proposes a test configuration to measure the static stiffness of racing 

bicycle frames. The main idea is to measure the frame stiffness in the major loading 

directions through implementing adequate loading and boundary conditions. These 

are determined in a combined experimental/numerical approach, where the 

dependence of the frame stiffness value to external factors is evaluated. 
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Experimental issues are found in: (i) the relative compliance of the test rig compared 

to the bicycle frame deflection, (ii) measuring the applied load to the bicycle frame 

when pulley mechanisms are used, (iii) the effect of hysteresis and stick-slip effects 

and (iv) using industrial ball bearings or solid steel ball bearings to support the head 

tube of the bicycle frame. The final result is a test rig which characterizes the frame 

stiffness by seven values with an estimated error below 2 %. This test configuration 

is potentially useful for prototyping, benchmarking, quality control purposes, etc. 

The second main section in Chapter 2 studies the vibration and damping properties 

of bicycle frames composed from carbon fibre composite, hybrid flax-carbon fibre 

composite and aluminium material. The damping is assessed by the modal damping 

ratio value determined with free boundary conditions. Comparison with the damping 

results from bicycle frame tubes with the same material composition as the bicycle 

frames yields that enhanced damping capacity at tube level is not reflected at the 

bicycle frame level. This indicates that the damping of the composite bicycle frames 

is influenced by connection pieces and adhesive connections. The damping of the 

aluminium tube and bicycle frame is in both cases an order of magnitude lower than 

their composite counterparts. 

The stiffness and damping analysis is extended in Chapter 3 for the front 

fork. The test rig design to measure the front fork stiffness considers the design 

aspects from the bicycle frame stiffness test configuration. Besides this, the 

influence of the head tube bearing spacing on the front fork stiffness can be studied. 

The result is surprising; the front fork stiffness significantly decreases with larger 

head tube bearing spacing. This is due to the front fork steering tube deformation 

between both bearings, caused by minor bearing deformation. The study of the 

damping capacity of front forks is extended with additional measuring and analysis 

techniques. The front fork is positioned in the same test bench as for static stiffness 

tests, thus including the bearing assembly (cf. in-situ boundary conditions). Carbon 

fibre composite front forks with different damping treatments, one hybrid-carbon 

composite front fork and one steel front fork are compared to each other. The modal 

damping ratio for in-situ boundary conditions is much higher than in case of free 

boundary conditions. Consequently, where the damping value with free boundary 

conditions depicted a clear trend for the different front forks, this trend vanished 

when comparing the damping with in-situ boundary conditions. Even the steel front 

fork approaches the same damping capacity compared with the composite 

counterparts, whereas its damping with free boundary conditions is an order of 

magnitude lower. Alternatively, the energy dissipation is based on the hysteresis 

loops from harmonic shaker excitation. This method is also not successful to detect 

differences between the different forks. Nevertheless, the latter test configuration 

closely corresponds with in-situ loading in cycling environment, and the damping 

capacity is calculated in a large frequency range. 

Chapter 4 concentrates on the radial stiffness and damping properties of a 

racing bicycle wheel. First, the static wheel stiffness increases with the tyre 

indentation. Second, the dynamic loading and unloading behaviour of the tyre is 

different and the degree of non-linearity also varies with the excitation frequency. 
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These results indicate strong non-linear and strain-rate dependent visco-elastic 

behaviour of the tyre. Anyway, the energy dissipation through harmonic loading is 

significantly higher for the wheel than for the front fork.  

12.1.2 Part II: Dynamic bicycle-cyclist interaction analysis 

The next step in this dissertation is to relate the bicycle component properties to the 

performance of the bicycle, including the cyclist. This aim of Part II is dual. First, 

the dynamic bicycle-cyclist interaction is investigated by measuring the cyclist’s 

vibration exposure when the bicycle is excited by road excitations. Second, the 

stability of the bicycle-cyclist assembly is studied. 

The first requirement is to understand the road excitation for cycling 

purposes; this is examined in Chapter 5. The goal is to find a suited excitation 

technique to study the dynamic response of the bicycle-cyclist configuration. Either 

it is opted to assess the structural response, or it is chosen to study the in-situ loading 

in a laboratory environment. This has some consequences for the challenges and 

difficulties to find an appropriate excitation technique for cycling purposes.  

The first step is to characterize the road surface by analysing the vibration 

response at the wheel axis when cycling on four different road types. The response 

spectrum exists of both resonance frequencies and road spatial frequencies. Road 

spatial frequencies are dominantly present when the road roughness has a repetitive 

character over the whole test track length. On the contrary, the response spectrum 

from tests on an asphalt surface only shows a broadband spectrum with resonance 

frequencies, without any relation to the road pavement characteristics.  

The second step is to select a laboratory method which can adequately excite 

the frequency range from road excitations (5-100 Hz) to extract the structural 

response of the bicycle-cyclist assembly. Impulse and shaker excitation methods are 

studied. For example, impulse excitation through a rotating drum carrying an impact 

strip is not preferred, but generating a vertical impact by cycling on and off an 

elevated platform generates sufficient impact energy to study the vibration response 

in accordance with the field tests. Alternatively, shaker test are typically selected for 

user defined time and frequency domain signals. For mimicking the in-situ road 

profile roughness, it is found that road classification curves in the ISO 8608 reflect 

the road excitation for cycling purposes.  

Chapter 6 is dedicated to the design, implementation and calibration of a 

handlebar force sensor to measure the dynamic interaction between the handlebar 

and the cyclist. This is the second requirement, next to the road surface estimation in 

Chapter 5, to quantify the vibration level transmitted at the hand-arm interface. The 

handlebar force sensor is designed to measure the contact force at the left and right 

hand side in the vertical and horizontal direction in the frequency range between DC 

and 100 Hz. The handlebar is a carbon fibre composite tube which is clamped on the 

stem of the bicycle. Prior to the comfort tests, the handlebar force sensor is 

calibrated to assess the transducer sensitivity, the phase response and the seismic 

mass. The dynamic calibration result showed that a flexible clamping constraint (cf. 

the stem) considerably reduces the useful frequency range compared with the 
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expected performance from theoretical modelling with a rigid boundary clamping 

constraint. Eventually, the useful frequency range is between DC and 35 Hz.  

The results from Chapter 5 and Chapter 6 are implemented in a combined in-

situ/laboratory test setup to measure the vibration level at the handlebar in Chapter 

7. Error estimation of the force sensor confirmed that the range between DC and 

35 Hz covers 97 % of the energy content from the original force signal when a 

cyclist holds the handlebar. The phase response from the handlebar force sensor 

contributes for 0.5 % to the absorbed power value. The seismic mass corrects the 

force value with 4 % and the absorbed power value with 6 %. 

The shaker test with dead masses attached to the handlebar and white noise 

excitation revealed some points of concern. The experimenter should be aware of 

the dynamic interaction between the shaker and the structure under test when 

analysing the output vibration (cf. force and acceleration) at the handlebar. The 

output level shows large oscillations at the resonance frequencies, where the 

response is dominated by the damping. Instead of output-only analysis, it is 

preferred to normalise the output data with the shaker excitation. Furthermore, 

filtering the response vibration with ISO 5349 weighting curves can change the 

ranking of the vibration isolation properties of front forks or bicycle frames. 

Anyway, the custom made handlebar force sensor proved correct functioning. The 

second configuration investigates the cyclist’s comfort through shaker tests with a 

cyclist positioned on the bicycle. The most important observation is the influence of 

the applied DC handlebar force by the test person. Even small fluctuations from the 

target DC value result in a large scatter on the output vibration values at the 

handlebar. When this is not considered, it is impossible to draw precise conclusions 

on the vibration isolation properties of different bicycle frame – front fork 

assemblies. 

The outdoor tests selected typical cycling poses and bicycle handling 

parameters: tyre pressure, cycling speed, handlebar grip technique and gear ratio. 

The former three are successful in changing the vibration level and the quantitative 

results correspond with the cyclist’s subjective perception. The largest gear ratio was 

experienced as most comfortable by the cyclist, though this could not be measured. 

The stability tests in Chapter 8 propose an experimental test platform to 

correlate open loop stability parameters with the subjective response of cyclists who 

are using an instrumented racing bicycle to test the manoeuvrability of the bicycle. 

Careful selection of the sensors to measure the orientation of the bicycle frame and 

the steering position is required to guarantee accurate measurements. For example, 

the inertial measurement unit should not be perturbed by centrifugal acceleration 

when cornering. For the experiments, three different head tube angles are selected. 

Both time and frequency domain analysis from the steer and roll angle (rate) are 

selected to study the bicycle stability and the rider’s effort to control the bicycle.  
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12.1.3 Part III: More fundamental insights into intrinsic 

material damping 

The last part of this work is solely related with damping measurements at coupon 

level. Although there is no direct link to bicycle research, the test setup to measure 

damping is also applied to measure the damping of bicycle frames and front forks. 

An accurate and repeatable method was required to measure the material 

damping parameters of different composite materials. This test configuration is 

developed in Chapter 9 for metal material coupon samples, and is of course also 

valid for composite material specimens. This chapter is dedicated to quantifying the 

contribution of external factors to the measured modal damping value of steel 

specimens. The ideal test configuration eliminates all effects from air damping, 

boundary conditions, excitation methods and response measuring sensors. The test 

setup fulfils practically all of these issues through (i) contactless response 

measurement with a laser Doppler vibrometer, (ii) contactless excitation with a 

loudspeaker, (iii) suspending the sample at the nodal points of the vibration mode 

with thin nylon cords and (iv) removing any apparatus close to the vibrating 

specimen to prevent air cushioning. 

This test setup can be used to estimate the material damping parameters of 

different materials. In Chapter 10, the viscoelastic material properties of isotropic 

and orthotropic materials are assessed. The complex modulus model links the 

internal stress-strain state of the material with specific loss factors. Modal damping 

measurements for plate and beam specimens yield the frequency dependent 

behaviour of the loss factors for the in-plane stress-strain behaviour. The complex 

modulus matrix is determined for polycarbonate and flax-fibre composite material. 

This is successfully validated by predicting the modal damping value of arbitrary 

geometry specimens of the polycarbonate material. A good prediction is also 

obtained for flax-fibre composite specimens with arbitrary geometry. Nevertheless, 

production flaws in the manufactured composite samples are the reason for major 

discrepancy between the predicted and measured damping value. 

At last, in Chapter 11, the effectiveness of modal damping measurements is 

tested to detect the fibre/matrix interface quality of composite specimens. 

Comparing flax fibre reinforced laminates, manufactured with different flax fibre 

sizing, indicate that modal damping measurements can successfully detect this 

difference. This result is confirmed by SEM and transverse bending results.  

12.2 OUTLOOK 

This experimental test platform offers several test facilities and analysis methods to 

study relevant bicycle engineering topics. At this stage of the work, the developed 

test facilities can be used to validate and update numerical models from analytical or 

finite element analysis and they can be implemented by the bicycle industry for 

bicycle performance characterization. 

To the author’s opinion, numerical simulations of static and dynamic 

properties of bicycle components and complete bicycle assemblies, therefore, are the 
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next step in understanding and finally improving the bicycle performance. Accurate 

and repeatable experimental tests will still be necessary to validate and update these 

numerical models, though experimental tests alone are not sufficient. It is a time-

consuming and costly process to provide the test setup with (prototype) test 

components (bicycle frames, front forks and wheels), to prepare the test setup and 

perform the measurements. This could be significantly reduced by estimating the 

outcome of the static or dynamic properties through numerical simulations, prior to 

the experimental tests. For example, numerical simulations can be used to optimize 

the (directional) stiffness of bicycle frames or front forks, the vibration isolation 

properties of front fork – bicycle frame assemblies could be studied, etc. Moreover, 

the numerical models could be extended through adding material damping 

properties, as discussed in Chapter 10. At this moment, a PhD on theoretical bicycle 

dynamics is ongoing at the research group of prof. Loccufier at Ghent University. 

This works aims to give a thorough insight on the assembly of the different bicycle 

components and how this reflects to the dynamic properties of the whole bicycle.  

The experimental test platform should also be extended and improved to 

offer a larger set of test facilities to bicycle industry and to scientific research. For 

example, the fatigue test setup, as discussed in section 2.2.7, should be upgraded by 

using real-life pedal force loading cycles to the bicycle frame. This would give a 

realistic endurance estimation of the bicycle frame. The pedal force sensor could be 

extended for three dimensional force measurements. It would provide the fatigue 

tests with additional input. Information from the transversal force amplitude is also 

relevant for injury prevention and rehabilitation. Out-of-plane knee or ankle motion 

during cycling should be omitted to prevent possible injuries. The bicycle stability 

experiments (Chapter 8) could be extended with tests at higher speeds, e.g. during 

downhill, where the bicycle stability is forced to its limits. Bicycle instrumentation 

with sensors for stability and comfort tests can provide useful information. The 

subjective response from the test rider during the comfort field tests suggested 

several bicycle stability concerns when cycling on highly uneven road pavements. 

Future research can also verify if the test methods for non-destructive evaluation of 

fibre/matrix adhesion (Chapter 11) could be implemented for detecting internal 

material damage of composite bicycle frames or other structural components.  

During the period I’m writing my dissertation, I got approval for a postdoc mandate 

of two years to continue the bicycle research with the focus on implementing test 

facilities to bicycle industry. Hence, the experimental test platform will, hopefully, 

continue growing with additional test facilities and continuing in-depth analysis on 

several bicycle engineering topics. I also look forward to cooperate, to share ideas 

and to support the bicycle research in an international and multidisciplinary context. 
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