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A B S T R A C T   

Thermoelectric generators (TEGs) often use plate-fin heat sinks as cold side heat exchangers under forced con-
vection. The available net electrical power obtained from these TEGs corresponds to that generated (Seebeck 
effect) minus that consumed (cooling fan). Generation and self-consumption have different trends as a function 
of the air flow speed, so a maximum of the net electrical power is expected when varying the cooling flow rate. 
Here, a semi-analytical model was developed to predict the maximum net electrical power of a single TEG 
module with a plate-fin heat sink with non-bypassed forced convection. The model was successfully validated 
with experimental data. It was applied to determine the heat sink design (fin thickness and fin-to-fin distance) 
that optimized the net electrical power for given values of hot source temperature, TEG properties, and duct 
cross-section. Numerical results indicated that the optimal dimensions of the plate-fin heat sink depended, among 
others, on the TEG effective properties. For a given TEG, the net output power was less sensitive to changes in fin 
thickness than in fin spacing. The optimal heat sink designs predicted by the model for the cases studied had fin 
thicknesses of 0.32 and 0.44 mm with fin-to-fin distances of 1 mm.   

1. Introduction 

Thermoelectric generators (TEGs) are solid-state devices that 
installed in between a hot source and a cold sink produce electrical 
energy due to the Seebeck effect [1]. Commercial thermoelectric mod-
ules for electric power generation are a mature technology especially 
suitable for the niche market of low power devices in off-grid applica-
tions [2]. Apparatus located in extreme environments as well as 
autonomous sensors are examples in which TEGs have successfully been 
applied [3–4]. 

Recently, TEGs have gained interest in cooling applications of elec-
tronic devices either by providing electric energy to other cooling 
technologies (indirect use) or by working as self-cooling units (direct 
use) [5]. As an indirect use, several proposals have employed TEGs as 
energy sources to drive thermoelectric coolers (TECs) in combined TEC- 
TEG systems [6]. Large improvements in cooling capacities (75 % in-
crease) of TEC-TEG systems when adopting a simple redesign of a 
combined TEC-TEG configuration have been reported [6]. In a direct 
use, the TEG hot side is attached to the target hot source, whereas the 

TEG cold side is in contact with a heat sink whose forced flow is driven 
by a fan or a pump electrically powered by its own TEG [5,7]. These 
types of self-cooling devices may reach very low values of thermal re-
sistances (<0.5 K W− 1) [8]. Martinez et al. [9] obtained reductions of the 
source-to-ambient thermal resistance on the order of 30 % when 
installing TEGs in between a heat pipe exchanger and the hot source so 
as to shift the convection mode from natural to self-forced. In compar-
ison, self-cooling TEGs with plate-fin heat exchangers under forced 
convection [7,8] reached efficiency values slightly below those found 
without TEGs and with heat pipes under natural convection [9]. 

However, simple plate-fin heat exchangers may substantially in-
crease their performances when adopting designs specifically optimized 
for a given application [10]. Knight et al. [11] developed an analytical 
model for plate-fin heat sinks under forced convection to determine the 
fin to channel width that produced the lowest thermal resistance, with 
results being confirmed from experimental tests [12]. Teertstra et al. 
[13] proposed a composite solution of both fully developed and devel-
oping flows in the channels between fins for a forced convection heat 
sink model, whose predictions agreed well with observations. Bejan and 
Morega [14] extended the analysis to three dimensions by studying pin 
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fins and staggered parallel-plate fins geometries, the latter found to 
reach thermal resistances half of those for continuous plate-fin heat 
sinks. Bejan [15] considered the entropy generation minimization 
method to account for both thermal and fluid effects to optimize the 
geometry of heat exchangers. This optimization technique was applied 
by Culham and Muzychka [16] to plate-fin heat sinks, and analyzed 
several cases while increasing the number of unconstrained parameters. 
For a heat sink with dimensions of 50 × 50 × 25 mm (wide × long ×
high) and a total heat dissipation of 30 W, the optimal fin thickness was 
0.4 × 10-3 m, with 27 number of fins, and an average air flow velocity of 
2.81 m s− 1. Later, Bar-Cohen et al. [17] introduced the least-energy 
optimization technique that also took into account the energy used in 
the operation and fabrication of the heat sink. These authors analyzed 
air-cooled heat sinks for both natural (plate-fin and pin fin designs) and 
forced (pate-fin design) convection concluding that the achievement of 
the maximum thermal performance required fins with high aspect ratio. 
For forced convection plate-fin heat sinks of dimensions 100 × 100 × 50 
mm (wide × long × high), with 20 Pa pressure drop, and 0.2 W pumping 
power, the least material designs needed 0.12 × 10-3 m thick fins, and 
the maximum heat transfer design needed 0.57 × 10-3 m thick fins. 

Plate-fin heat sink designs from multi-objective optimization with 
simultaneous minimization of both the entropy generation rate and the 
material cost of the heat sink have also been obtained by Chen and Chen 
[18]. The optimal geometry found under a heat load of 30 W for a heat 
sink of dimensions 50 × 50 mm (wide × long) used 1.0 × 10-3 m fin 
thickness, 1.6 × 10-3 m fin-to-fin distance, and 12 × 10-3 m height [18]. 
For complex designs, computational fluid dynamics (CFD) techniques 
have been used to optimize heat sink geometries since no analytical 
expressions for both thermal and fluid flow behavior are available. Thus, 
for example, Gondipali et al. [19] optimized the geometry of parallel 
plate heat sinks with removed material near the center of the plates so as 
to enhance the airflow at that location. Al-Damook et al. [20] optimized 
the geometry of pin heat sinks with rectangular slots and with notches 
including fan power consumption and heat sink mass requirements. By 
applying an artificial neural network to data obtained from CFD results 
of a plate-fin heat sink with constant width, length and height (37 × 68 
× 25 mm), Pragadeesh et al. [21] obtained an optimum heat transfer 
when the fin thickness was equal to 0.25 × 10-3 m. Recently, Özdilli and 
Şevik [22] and Şevik and Özdilli [23] improved the thermal resistance of 
standard parallel plate heat sinks by developing two types of trapezoidal 

Nomenclature 

A cross-sectional area (m2) 
a coefficient of the fin thickness power fitting (m) 
b heat sink base height (m), exponent term of the fin 

thickness power fitting (-) 
cp air specific heat (J K-1 kg− 1) 
d fin-to-fin distance (m) 
Dh hydraulic diameter (m) 
fapp apparent friction coefficient (-) 
ftur turbulent friction coefficient (-) 
H fin height (m) 
k thermal conductivity (W m-1 K− 1) 
Kc minor loss coefficient at heat sink inlet (-) 
Ke minor loss coefficient at heat sink outlet (-) 
L heat sink length (m) 
L+ dimensionless heat sink length for pressure drop 

calculation (-) 
L* dimensionless heat sink length for heat transfer calculation 

(-) 
N number of samples (-) 
n number of fins (-) 
Num,T Nusselt number for an isothermal fin array (-) 
Phy hydraulic power (W) 
Pn net output power at PTEG conditions (W) 
Pnopt optimal net output power (maximum of all Pnopt,n =

maximum net output power with unconstrained t, d, v and 
RL) (W) 

Pnopt,n maximum of Pnmax,vRL cases with fin number n (W) 
Pnmax,dvRL maximum net output power with unconstrained d, v and 

RL (W) 
Pnmax,vRL maximum net output power with unconstrained v and RL 

(W) 
PTEG maximum TEG output power with unconstrained RL (W) 
Δp pressure drop through the heat sink (Pa) 
Pr Prandtl number (-) 
Q heat transfer rate (W) 
Qi heat transfer rate of an isothermal fin (W) 
R thermal resistance (K W-1) 
Ri TEG electrical internal resistance (Ω) 
RL TEG electrical load resistance (Ω) 

Rt total thermal resistance (K W-1) 
Re Reynolds number (-) 
T temperature (◦C) 
ΔT temperature difference (◦C) 
ΔTHSmax heat sink maximum temperature difference (◦C) 
t fin thickness (m) 
TEG thermoelectric generator 
v air flow velocity (m s-1) 
V̇ volumetric flow rate (m3 s-1) 
W heat sink width (m) 
x thickness of the material (m) 
z0.025 value of the normal distribution at the 95 % confidence 

level (-) 
α effective Seebeck coefficient factor (V K-1) 
β momentum correction factor (-) 
εe uncertainty due to the measurement equipment 
εs uncertainty due to the analysis of the data series 
εt total uncertainty 
η fin efficiency (-) 
Ξ fan efficiency (-) 
μ air absolute viscosity (Pa s) 
ν air kinematic viscosity (m2 s-1) 
ρ air density (kg m− 3) 
σ fraction of frontal free flow area (-) 
σst standard deviation 
φ friction factor correction term (-) 

Subscripts 
a ambient air 
ac aluminum – ceramic (for contact resistance) 
c TEG cold side 
cd conduction 
ct contact 
cTEG ceramic – TEG (for contact resistance) 
cv convection 
h TEG hot side 
HS heat sink 
opt optimal 
p hot source 
TEGHS TEG – heat sink (for contact resistance)  
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curved with dolphin fins heat sinks and of standard cross cut parallel 
plate heat sinks by splaying some of the fins, respectively. 

Plate-fin heat sinks have been widely adopted in TEGs for their 
simplicity and cost-effectiveness. Rattner and Meehan [24] have 
recently modeled a system composed of an array of commercial TEG 
modules that use plate-fin heat sinks that dissipated heat to the ambient 
air. They found that the sensitivity of the output power to changes in the 
value of the heat transfer coefficient at the cold side was almost twice 
the sensitivity to changes in the overall heat transfer coefficient at the 
hot side. Therefore, a proper design of the cold side heat exchanger 
becomes essential in TEG applications. 

In addition, the power required to move the forced flow through the 
cold side heat exchanger must be subtracted to the output power 
generated by the TEG in order to determine the available net output 
power that can be extracted from a TEG device [25–26]. In a TEG 
module attached to a hot reservoir, an increase in the forced flow 
through the heat sink decreases the cold side thermal resistance leading 
to an increase in the TEG power generation. However, since the amount 
of energy consumed to drive the flow increases non-linearly with the 
flow rate, the TEG net output power reaches a maximum at intermediate 
values of the flow rate. 

Different strategies are applied to increase this TEG net output 
power. Several are focused on improving the TEG output power by 
developing new thermoelectric materials, redesigning the geometrical 
dimensions of both p-type and n-type legs, applying pulsed heat fluxes, 
etc. (see, e.g., [27–29]). Others, for example, are aimed at boosting the 
heat transfer rate by modifying the design of the heat exchangers. Many 
studies have focused on optimizing the geometry of the hot side heat 
exchanger. For example, Martinez et al. [30] obtained the optimal 
length of fins and the fin-to-fin distance for a plate-fin heat exchanger 
located at the hot side of the TEG. Najjar and Sallam [31] applied a 
genetic algorithm to find the dimensions of the hot side heat exchanger 
that maximized the net output power in an automotive TEG. For a 
copper rectangular offset strip fin heat exchanger with 708 ◦C gas 
temperature and 21.9 g s− 1 flow rate, the optimal dimensions were 0.12 
× 10-3 m for fin thickness and 3.97 × 10-3 m for the fin-to-fin distance 
[31]. Also for automotive TEGs, Kempf and Zhang [32] included the 
material properties in the optimization process, Wang et al. [33] 
analyzed the effect of using different geometries and distributions of 
fins, both focusing on the hot side heat exchanger, and He et al. [34] 
found the overall width, length and height of the hot side heat exchanger 
that maximized the TEG power. Multi-objective optimization (power 
output, pumping power, number of thermoelectric modules, and volume 
of heat exchanger) has also been proposed with TEG modules located 
between cold and hot side heat exchangers shaped with triangular 
channels [35]. For plate-fin heat exchangers, Ji et al. [36] obtained the 
length and material that maximized the TEG output power via the 
Taguchi method, and Tian et al. [37] deduced the cold to hot heat ex-
changers surface ratio that maximized the TEG efficiency, although both 
studies did not find the best values of fin thickness and/or fin-to-fin 
distance. The effect of varying the geometry of the cold side heat sink 
on the TEG output power was analyzed by Comamala et al. [38] in a 
cooling water system with tube heat exchangers. CFD analyses have 
been applied to determine the hot side heat exchanger configuration 
(plate vs pin fin ones) for a TEG formed with a single thermoelectric 
module that provided the maximum net output power, though by 
assuming a pump efficiency equal to 1 [39]. 

In comparison with these previous studies, the present work focused 
on a single TEG module with constant temperature at the hot source, and 
air forced convection in the cold heat exchanger with no bypass. These 
conditions were already analyzed by T’Jollyn et al. [40], although with 
a simplified model without experimental validation nor a thorough 
optimization process. Thus, the purpose here was to determine the plate- 
fin heat sink geometry (fin thickness and fin-to-fin distance) that opti-
mized the net output power for given values of the TEG properties, fan 
efficiency, duct cross-sectional area, and hot source temperatures. The 

methodology consisted of 1) developing a hydraulic, thermal, and 
electrical analytical model of a single commercial TEG module attached 
to a plate-fin heat sink, 2) validating the numerical model with experi-
mental data, 3) applying the model to find both fin-to-fin distance and 
fin thickness of the heat sink that provided a maximum in the TEG net 
output power for different hot source temperatures, 4) discussing the 
practical consequences of the results found, including additional 
experimental data to confirm the geometrical conditions for the optimal 
point. 

The structure of the paper is as follows. Section 2 describes the 
analytical model based on the plate-fin heat sink model of Lindstedt and 
Karvinen [41] that here included additional elements as, for example, a 
TEG module. Section 3 details the validation procedure of the numerical 
model with experimental data obtained with an aluminum plate-fin heat 
sink. The results obtained when changing the geometrical parameters of 
the plate-fin heat sink are shown in Section 4, where the optimal design 
in terms of the TEG net output power was found for different conditions 
of the hot source. These numerical predictions were tested with a 
different heat sink with an almost optimal geometrical configuration. 
Finally, the main conclusions are listed in Section 5. 

2. Analytical model 

2.1. TEG device and heat sink 

The TEG device used is schematically shown in Fig. 1. It reproduced 
the experimental set up employed in Section 3. Essentially, a hot plate at 
the bottom heated a rectangular aluminum block that, in its upper face, 
was in contact with a ceramic plate of known thermal conductivity. The 
cold side of this ceramic plate was also in contact with the hot side of a 
commercial TEG module of equal cross-sectional area. Finally, the cold 
side of the TEG was in contact with the base of a plate-fin heat sink (see 
Fig. 1). The cooling method was of forced convection obtained by 
inserting the heat sink inside a square cross-sectional channel in which 
the flow was driven by a fan. The main assumptions of the numerical 
model explained below were: 1) no bypassing flow, 2) uniform velocity 
of the incoming air, 3) constant thermal properties, 4) non-isothermal 
fins, 5) adiabatic fin tips, 6) no heat flow losses to the environment, 7) 
constant effective Seebeck coefficient, 8) uniform temperatures at both 
TEG sides, 9) TEG power generation very small in comparison with the 
heat transfer rate (i.e., no change of the heat transfer rate across the 
TEG), 10) constant fan efficiency. Though some of the previous as-
sumptions may limit the applicability of the model to reproduce real 
TEG device conditions, the procedure below may become useful to 
propose designs with high values of net extracted power. 

2.2. Hydraulic model 

The hydraulic model was based on Lindstedt and Karvinen [41] and 
on Kays and London [42]. The pressure drop through the heat sink Δp 
was calculated from a common formulation that assumes a series pres-
sure drop, 

Δp =
1
2

ρv2( Kc + 4L+fappRe+Ke
)

(1) 

where ρ was the air density and v was the average air velocity in the 
channel between fins. Kc and Ke were the minor loss coefficients at the 
contraction zone (flow entering the heat sink) and at the expansion zone 
(flow exiting the heat sink), respectively. 

Primary losses of the flow within the heat sink were evaluated by the 
1
2 ρv24L+fappRe term in Eq. (1). The Reynolds number Re of the flow 
within the heat sink was obtained from 

Re =
vDh

ν (2) 

where ν was the air kinematic viscosity (=1.56 × 10-5 m2 s− 1; fluid 
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properties assumed constant for simplicity) and Dh was the hydraulic 
diameter equal to 2Hd/(d+H) with H and d the fin height and the fin-to- 
fin distance, respectively (see Fig. 1). For a laminar flow in the channel 
between fins (i.e., Re < Recr with Recr = 2300, being chosen equal to that 
for the thermal model), the value of L+ and fappRe followed an equation 
that combined both the asymptotic solution for an entry flow and that 
for a fully developed one (see [41]), 

L+ =
L

DhRe
, fappRe =

[(
3.44
̅̅̅̅̅̅
L+

√

)2

+

(
24
φ

)2
]1

2

(3) 

with L the heat sink length (Fig. 1), and where the φ function was 
defined as 

φ =

(

1 +
d
H

)2[

1 −
192
π5

d
H

tanh
(

π
2

H
d

)]

(4) 

From Kays and London [42], the minor loss coefficients in Eq. (1) 
were calculated as 

Kc = 0.4
(
2 − σ2) ,Ke = 1+ σ2 − 2βσ (5) 

with 

σ =
d

d + t
, β = 1+

[(
4.224

̅̅̅̅̅̅
L+

√ )− 2.7
+ 0.2− 2.7

]− 1
2.7

(6) 

where t was the fin thickness (Fig. 1). 
For turbulent flows (Re > Recr), the primary losses term 4L+fappRe in 

Eq. (1) was substituted by (fturL)/Dh, with the turbulent friction coeffi-
cient ftur being, 

ftur = 0.0791
(

2φRe
3

)− 1
4

(7) 

and with both contraction and expansion minor loss coefficients as 
[42], 

Kc = 0.4
(
1 − σ2.1) ,Ke = 1+ σ2 − 2σ. (8) 

The vast majority of cases analyzed, however, had Re values below 
1000, including the optimal designs discussed in Section 4. 

2.3. Thermal model 

The thermal model was simplified as an equivalent system of thermal 
resistances in series. Thus, the heat transfer rate Q through the system 
was assumed equal to 

Q =
Tp − Ta

Rct,ac + Rcd,c + Rct,cTEG + Rcd,TEG + Rct,TEGHS + Rcv,HS
(9) 

with Tp the temperature at the hot source (top of the aluminum block 
in Fig. 1) and Ta the ambient temperature of the incoming flow. All 
contact resistances of unit area were chosen constant and equal to 10-4 

m2 K W− 1 that divided by the contact area A gave the absolute contact 
resistance Rct , being in agreement with previous studies with TEG 
models [43]. The thermal resistance by conduction of the ceramic ma-
terial (Rcd,c) and of the whole TEG module (Rcd,TEG) were calculated from 
Rcd,i = xi/(Aiki) for i = c,TEG, with x the thickness of the material, A its 
cross-sectional area and k its thermal conductivity. The effective values 
of these parameters for the commercial TEG module are evaluated in 
Section 3. The convective thermal resistance for the whole heat sink 
under forced convection (Rcv,HS) followed [41], 

Rcv,HS =
ΔTHSmax

nQiη
(10) 

where ΔTHSmax was the heat sink maximum temperature difference 
(average base plate-fin heat sink temperature minus incoming air tem-
perature Ta), Qi was the heat transfer rate of a geometrically identical 
isothermal fin, η was the fin efficiency defined as the ratio of the real 
heat transfer rate Q to Qi, and n was the number of fins. 

The ratio Qi/ΔTHSmax was expressed as 

Qi

ΔTHSmax
= ρcpvHd

[
1 − exp

(
− 4L*Num,T

) ]
(11) 

with cp the air specific heat (=1007 J K− 1 kg− 1), Num,T the Nusselt 

Fig. 1. (a) Schematics of the TEG system analyzed and (b) plate-fin heat sink main dimensions.  
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number for an isothermal fin array, and L* a non-dimensional length. 
These last two terms for a laminar flow between the channels of the heat 
sink were 

L* =
L

DhRePr
(12)  

Num,T = 7.55+
0.024L* − 1.14

1 + 0.0358Pr0.17L* − 0.64 (13) 

with the Prandlt number Pr = (μcp)/ka, and μ (=1.85 × 10-5 Pa s) and 
ka (=0.02553 W m− 1 K− 1) the air absolute viscosity and air thermal 
conductivity, respectively. 

The fin efficiency value in Eq. (10) followed 

η =

tanh

{ ̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅
[1− exp(− 4L*Num,T) ]kaH2

4L*kHSdt

√ }

̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅
[1− exp(− 4L*Num,T) ]kaH2

4L*kHSdt

√ (14) 

with kHS the heat sink thermal conductivity (equal to 210 W m− 1 K− 1 

and 398 W m− 1 K− 1 for the aluminum and copper heat sinks that were 
tested, respectively). 

For a turbulent flow, Eq. (13) was substituted by 

Num,T =

ftur
2 (Re − 1000)Pr

1 + 12.7
̅̅̅̅̅̅̅̅̅̅̅
ftur/2

√ (
Pr2/3 − 1

)

[

1+
(

Dh

L

)2/3
]

(15) 

Note that the assumptions of 1) no heat losses through the packing 
system and 2) a generation of energy by the TEG very small in com-
parison with the heat flux Q were implicit in Eq. (9). The latter 
approximation has recently been applied in analytical studies of TEG 
maximum power under different constraints at both hot and cold res-
ervoirs (constant temperature vs constant heat fluxes [44]). This 
assumption was reasonable due to the low efficiency of commercial 
thermoelectric generator modules (in our case, below < 2 %). 

2.4. TEG net output power 

The maximum power generated by a TEG constrained to constant 
temperatures at its both hot and cold sides is attained when the electrical 
load resistance RL matches the internal one Ri [45], being 

PTEG = α2

(
TTEG,h − TTEG,c

)2

4Ri
(16) 

where α is the effective Seebeck coefficient for the entire commercial 
module, and TTEG,h and TTEG,c are the TEG temperatures at its hot and cold 
sides, respectively. 

However, the conditions applied to the case here studied were 
slightly different. In the TEG analyzed in Fig. 1, constant temperature at 
the hot source and constant flow conditions at the cold sink (tempera-
ture and volumetric flow rate of the convective air) were applied. 
Therefore, the maximum power generated by the TEG was not strictly 
reached at RL = Ri, although the error of assuming Eq. (16) was ex-
pected to be<5 % due to the small value of the effective figure of merit of 
commercial thermoelectric modules [45]. 

On the other hand, the hydraulic power needed to move a volumetric 
flow rate V̇ of air through the plate-fin heat sink read [26] 

Phy = V̇Δp (17) 

and, therefore, the maximum net output power that could be 
extracted by the TEG system here analyzed was 

Pn = PTEG −
Phy

Ξ
(18) 

where Ξ was the fan efficiency (≤ 1), and the TEG generated power 
PTEG was calculated at maximum conditions (Eq. (16)). 

In case of assuming a perfectly efficient fan (i.e., Ξ = 1), and 
neglecting head losses in conduits other than those taken into account in 
Eq. (1) for the hydraulic power Phy, the term Phy/Ξ in Eq. (18) corre-
sponds to the minimum external power required to drive the flow 
through the heat sink. Under these assumptions, Pn would become an 
upper limit of the actual net output power of the TEG design. It must be 
noted that the present study only focused on the output power rather 
than on the efficiency. Thus, the purpose was to maximize Eq. (18) by 
varying the design of the plate-fin heat sink. 

3. Experimental test 

The experimental set up used to validate the numerical model con-
sisted of an open-circuit wind tunnel with a rectangular steel tube 0.5 m 
long with an inner square cross-section of 41 × 41 mm (45 × 45 mm 
outer cross-section with 2 mm wall thickness). A contraction cone at the 
inlet guided the outside air to flow into the square-section duct. At the 
end of this rectangular tube, there was an expansion cone that connected 
with a 1 m long PVC pipe of 152 mm inner diameter. Finally, at the end 
of this circular duct, a Hella 24 V DC fan aspirated the flow through all 
the system. Honeycombs were inserted inside both contraction and 
expansion cones in order to correctly redirect the flow (see Fig. 2a). 

The test zone was located at the middle of the rectangular duct, with 
a 41 × 41 mm rectangular hole at its base in which the heat sink (#1 in 
Fig. 2b) was introduced. The validation procedure was carried out with 
an aluminum plate-fin heat sink with geometrical dimensions listed in 
Table 1. At the end of Section 4, experimental data obtained with a plate- 
fin heat sink with dimensions similar to those calculated for the opti-
mum design are presented. 

A TEG module (H-199–14-06-L2, Crystal ltd) was located in contact 
with the aluminum heat sink but just outside the rectangular duct (#2 in 
Fig. 2b). The TEG module dimensions were 40 × 40 mm (hot and cold 
surface areas), and 3.3 mm high. Its nominal specifications of voltage, 
current and output power were 4.50 V, 2.41 A and 10.85 W, respec-
tively, at matched load resistance (1.86 Ω) with hot and cold side tem-
peratures equal to 150 ◦C and 50 ◦C, respectively. These conditions 
corresponded to a heat transfer rate equal to 258.5 W. However, at the 
same hot side temperature, the nominal output power at 45 ◦C tem-
perature difference between both hot and cold sides reached 2.5 W only 
(see supplementary material). Below the TEG, a slab 3 mm thick of 
ceramic glass with known heat conductivity (≈1.35 W m− 1 K− 1; 
MACOR, Corning Inc.) with surface area equal to 40 × 40 mm (#3 in 
Fig. 2b) was included. The hot side of the ceramic glass was in contact 
with an aluminum rectangular block with surface area equal to 40 × 40 
mm and 40 mm high (#4 in Fig. 2b), whose bottom surface was in 
contact with an electronically controlled hot plate (COMBIPLAC, 
Selecta) (#6 in Fig. 2b) that allowed to keep its temperature constant. 
Type K thermocouples (accuracy ± 1.5 ◦C) 0.25 mm thick were located 
at the center of all contact surfaces. Each thermocouple was inserted 
within a slot made in a 0.25 mm thin sheet of brass of 40 × 40 mm 
surface area located in between the contact surfaces so as to provide a 
uniform flat surface in these interfaces. Two M5 bolts fitted to angle steel 
bars (#7 and # 8 in Fig. 2b-c) clamped the system, being packed from 
the rectangular tube to the hot plate. In order to reduce heat losses to the 
ambient, the sides of this packed system were surrounded by calcium 
silicate plates 50 mm thick with very low thermal conductivity (<0.08 
W m− 1 K− 1 at 200 ◦C; FTP1000, Alfran) (#5 in Fig. 2b). The environ-
mental temperature (i.e., the temperature of the incoming air) was also 
measured with a type K thermocouple. All temperature data were ac-
quired with a NI 9211 module of National Instruments and analyzed 
with LabView software (accuracy ± 1.3 ◦C). The electrical circuit con-
sisted of a rheostat of 5 Ω (10 W) manually operated connected to both 
terminals of the TEG module. TEG voltage and current were also 
monitored with National Instruments modules NI 9215 and NI 9227, 
respectively (accuracies ±(0.00853 + 0.2 %) V for voltage, and 
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±(0.0127 + 0.37 %) A for current). 
The pressure drop through the plate-fin heat sink was acquired by 

means of a differential pressure sensor (SDP610-125PA, Sensirion AG; 
accuracy ±(0.1 + 3 %) Pa) connected to a junction of three probes 
located 10 mm upstream and 10 mm downstream of the heat sink (A and 
B in Fig. 2b-c). The average air velocity was measured with a hot-wire 
anemometer (VELOPORT 2.0, E + E Elektronik Ges.m.b.H; accuracy 
±(0.04 + 1 %) m s− 1) by averaging data obtained after inserting the 
probe at 10 different depths in the inlet contraction cone. Experimental 
data were repeated three times to ensure repeatability. 

The experimental procedure consisted of 1) setting a fixed voltage for 
the fan, 2) setting a constant temperature at the hot plate in order to 
reach a TTEG,h≈ 150 ◦C (this was the nominal temperature at TTEG,h ac-
cording to manufacturer’s datasheet), 3) adjusting the rheostat until 
reaching the maximum TEG output power, 4) monitoring all data for a 
minimum period of 30 s and with>60 samples, 5) opening the electrical 
circuit, wait until the temperatures stabilize and measure the open cir-
cuit voltage, 6) repeating steps 1) to 5) for different fan voltages (i.e., 
fluid flow velocities). 

Data uncertainties εt were calculated as 

εt =

̅̅̅̅̅̅̅̅̅̅̅̅̅̅

ε2
e + ε2

s

√

(19) 

where εe was the uncertainty due to the measurement equipment 
(accuracies pointed out above) and εs was the uncertainty of the data 
series acquired, being 

εs = ±z0.025
σst
̅̅̅̅
N

√ (20) 

where z0.025 was the value for a 95 % confidence interval (=1.960), 
σst the standard deviation of the data series and N the number of 
samples. 

Open circuit voltages divided by the temperature differences at both 
hot and cold TEG sides provided the effective value of the Seebeck co-
efficient, with an average value equal to α = 0.0595 V K− 1 (standard 
deviation equal to 0.9 × 10-3 V K− 1). The effective thermal resistance of 
the TEG module was calculated from the manufacturer’s datasheet at the 
nominal point (TTEG,h = 150 ◦C,TTEG,c = 50 ◦C and maximum power), 
beingRcd,TEG = 0.387 K W− 1. The effective internal electrical resistance 
of the TEG was assumed to be 2.96 Ω (standard deviation equal to 0.12 
Ω) obtained from applying matching conditions with the load resistance 
at maximum power, and averaging the results for all cases. For 
simplicity, all the previous parameters were assumed constant when 
used in the numerical model. 

The pressure drop data through the aluminum plate-fin heat sink as a 
function of the flow velocity in the rectangular tube are shown in Fig. 3. 
Results from the analytical model detailed in Section 2 are also depicted. 
Note that predictions correctly reproduced the experimental values, 
supporting the validity of the hydraulic model. 

On the other hand, Fig. 4 shows the convective thermal resistance 
Rcv,HS of the plate-fin heat sink, and the total thermal resistance Rt of the 
experimental set up (ceramic plus TEG module plus plate-fin heat sink in 
Fig. 1). Here, the experimental Rcv,HS and Rt values were obtained from 
the measured temperatures and the calculation of the heat transfer rate 
Q through the ceramic slab of known thermal conductivity, so no 
experimental fin efficiency term values were assumed (i.e., laboratory 
data of Rcv,HS and Rt were obtained from ΔT/Q with ΔT the observed 
temperature difference in the corresponding elements in Fig. 1a). The 
thermal model predicted larger values of the convective thermal resis-
tance than the measured ones, especially at low flow rates. This differ-
ence might have been caused by heat transfer losses due to the contact of 
the fin tips with the duct in the experimental set up. At low air flow rate 
values, the relevance of this thermal bridge increased, and observations 
might indicate a substantially more efficient heat sink than that pre-
dicted from the model as it assumed adiabatic fin tips. This effect 

Fig. 2. (a) Picture of the experimental set up, (b) schematic half-section view of the test zone, (c) and schematic upper view of the test zone. In (b)-(c), the elements 
listed are heat sink (1), TEG (2), ceramic slab (3), aluminum block (4), insulating material (5), hot plate 6, angle steel bars to clamp the system (7, 8), location of the 
differential pressure sensor (A, B). For details, see text. 

Table 1 
Geometrical dimensions of the aluminum plate-fin heat sink shown in Fig. 1.  

Parameter Variable Units Value 

Heat sink width W m 41.0 × 10-3 

Heat sink length L m 40.5 × 10-3 

Fin height H m 36.0 × 10-3 

Base height b m 4.0 × 10-3 

Fin thickness t m 1.3 × 10-3 

Fin-to-fin distance d m 2.0 × 10-3 

Number of fins n  13  
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reduced as forced flow increased, and both measured and simulated data 
tended to convergence. 

Finally, the maximum TEG output power PTEG as well as the 
maximum net output power of the whole TEG system Pn as a function of 
the incoming flow velocity are shown in Fig. 5. For constant air flow rate 
and heat sink geometry, the maximum in Pn was achieved when the 
electrical load resistance was adjusted to maximize PTEG since Phy was 
independent of the thermal and electrical circuits when using constant 
fluid properties in the numerical model. The model remarkably pre-
dicted the experimental data for both variables. The point at maximum 
output power at Fig. 5 had a hot side temperature equal to 141 ◦C and a 
temperature difference between both sides equal to 46 ◦C. Though these 
conditions were not specified in the modules’ datasheet, an output 
power around 2 W would be expected from listed values (see supple-
mentary material). The reason of having a more reduced output power 
value (0.84 W) (and, as a consequence, a low value of net output power) 
in the laboratory analysis may come from not reaching the contact 
pressure required for the TEG module (1.2 MPa). This is why the model 
applied a Seebeck coefficient based on the experimental data obtained 
under open circuit conditions (as explained above), and not based on the 
manufacturer’s datasheet. 

Pn reached a maximum at intermediate volumetric flow rates since 
the hydraulic power Phy increased in a quadratic (cubic) form in terms of 
V̇ for laminar (turbulent) flows, and the temperature difference across 
the TEG (and, thus, PTEG) asymptotically tended to a threshold value as V̇ 
increased. This maximum was labelled as Pnmax,vRL since it corresponded 
to the maximum net output power with unconstrained values of air flow 
velocity v and electrical load resistance RL, with constant values of the 
geometrical dimensions of the aluminum heat sink (as in Table 1). In 
Fig. 5b, the fan efficiency was assumed to be Ξ = 1, aiming to obtain an 
upper bound of the net available output power Pn. Lower efficiency 
values did not modify the agreement between predictions and mea-
surements since Ξ equally affected both experimental and numerical 
Phy/Ξ terms in Eq. (18). However, it affected the quantitative values of 
Pnmax,vRL achieved, being lower than that reported in Fig. 5b. 

4. Numerical results 

The previous section confirmed the validity of the numerical model 
to reproduce the experimental data of the aluminum plate-fin heat sink 
with dimensions listed in Table 1. In this section, the model was applied 
to determine the main design parameters of the heat sink (i.e., t and d, 
and, consequently n) that led to an optimal value of the available output 

Fig. 3. Experimental and modeled pressure drop through the aluminum plate- 
fin heat sink detailed in Table 1 as a function of the average velocity of the 
incoming flow. 

Fig. 4. Experimental and modeled (a) convective thermal resistance of the 
plate-fin heat sink detailed in Table 1, and (b) total thermal resistance of the 
ceramic plus TEG plus heat sink system shown in Fig. 1a as a function of the 
average velocity of the incoming flow. 

Fig. 5. (a) Maximum TEG output power obtained varying the electrical load resistance PTEG, and (b) net output power Pn at PTEG conditions as a function of the 
average velocity of the incoming flow for the aluminum plate-fin heat sink design detailed in Table 1. Pnmax,vRL is the maximum Pn value with unconstrained values of 
incoming air flow v and electrical load resistance RL, with all other parameters as in Table 1. 
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power Pn. All other heat sink geometrical dimensions were kept constant 
(width W, length L, fin height H and base height b) with values equal to 
those in Table 1 (except in Fig. 14 as mentioned later) in order to study 
forced convection without bypass in the duct under study. The numer-
ical model detailed in Section 2 was not valid in cases in which the heat 
sink did not occupy the entire duct cross-sectional area [46]. Unless 
otherwise stated, the hot side TEG temperature TTEG,h and the environ-
ment temperature Ta were fixed to 160 ◦C and 24 ◦C, respectively, being 
similar to those found in the experimental set up detailed in Section 3. 

4.1. Unconstrainedd,vandRL 

Fig. 6 depicts the maximum net output power obtained for different 
values of the fin-to-fin distance d and with other geometrical heat sink 
dimensions kept fixed as in Table 1 when varying the electrical load 
resistance and the volumetric flow rate through the plate-fin heat sink. 
Note that the d values were discrete since the dimensions of the heat sink 
were forced to match the duct inner width. Thus, each point in Fig. 6 
made reference to heat sinks with different number of fins. In particular, 
n = 13 for the case marked as tested (d = 2 × 10-3 m, Section 3), whereas 
n = 19 (d = 0.9 × 10-3 m) at the point of maximum net output power 
Pnmax,dvRL (=0.93 W). Once at Pnmax,dvRL the decrease in power was more 
pronounced towards smaller d distances than towards greater ones. This 
was caused because small d distances for equal fin thickness t are 
equivalent to high number of fins and, hence, to higher hydraulic 
pressure drop values (and, hence, higher Phy) for the same value of 
volumetric flow rate. 

Values of both PTEG and Phy when the net output power was 
maximum for heat sinks for unconstrained values of v and RL as a 
function of the fin-to-fin distance d are detailed in Fig. 7. The dimensions 
that provided a higher PTEG value (n = 20, d = 0.8 × 10-3 m) were not 
those giving the maximum net output power (n = 19, d = 0.9 × 10-3 m). 
The contribution of the pressure drop term Phy, in comparison with that 
of PTEG, was very high at small d distances or, equivalently, at high 
number of fins. Note that neither the maximum of PTEG (attained at the 
maximum achievable flow rate) nor the minimum of Phy (obtained at 
zero flow rate) are represented in Fig. 7. This is because all net output 
power values shown in this section assumed flow rate values through the 
plate-fin heat sink that maximized Pn only. 

4.2. Unconstrained t, d, v and RL: Optimal case 

Contour values of maximum net output power Pnmax,vRL with un-

constrained values of RL and v as a function of both fin thickness t and 
fin-to-fin distance d are represented in Fig. 8. The number of cases used 
in Fig. 8 was determined by the constraint applied on the plate-fin heat 
sink dimensions of matching the inner tube width. Thus, not all the 
combinations of fin thickness and fin-to-fin gap in Fig. 8 were physically 
possible. Both parameters are linked through the number of fins n, which 
is a discrete variable. The cases employed in Fig. 8 were obtained with 
heat sink dimensions varying at intervals of 0.01 × 10-3 m for the fin 
thickness and using heat sinks with number of fins n ranging from 8 to 
2000. For all these cases, the flow rate was chosen so as to maximize the 
net output power Pn. Thus, for example, Pnmax,vRL values illustrated in 
Figs. 6 and 7 corresponded to values at t = 1.3 × 10-3 m in Fig. 8. For a 
constant fin thickness, the fin-to-fin distance that provided the 
maximum net output power was on the order of 0.9 × 10-3 m. For a fixed 
value of fin-to-fin distance, the fin thickness that gave the maximum net 
output power varied, decreasing as fin spacing decreased. Note that the 
fin spacing had a larger influence on the net output power than the fin 
thickness. 

The optimal net output power Pnopt was defined as the plate-fin heat 
sink configuration that provided the maximum value of Pn when varying 
t, d, v and RL. It corresponded to the maximum of Pnmax,vRL found in 
Fig. 8, reached at t = 0.44 × 10-3 m and d = 0.87 × 10-3 m. 

Selected values of Fig. 8 are represented in Fig. 9 (data for heat sink 
geometries at intervals of fin thickness equal to 0.05 × 10-3 m starting at 
t = 0.1 × 10-3 m) as a function of the number of fins n. The Pnopt value 
obtained with t = 0.44 × 10-3 m and d = 0.87 × 10-3 m required 32 fins. 

Fig. 6. Maximum net output power of a heat sink with varying v and RL 

(Pnmax,vRL ) as a function of the fin-to-fin distance d with all other geometrical 
dimensions as in Table 1. The maximum value for any d is also reported 
(Pnmax,dvRL ). All cases withTa = 24 ◦C. 

Fig. 7. TEG output power PTEG and hydraulic loss Phy at conditions of 
maximum net output power Pn reported in Fig. 6. 

Fig. 8. Contours of maximum net output power with unconstrained v and RL 

(Pnmax,vRL ) as a function of the fin thickness t and the fin-to-fin distance d 
forTTEG,h = 160 ◦C andTa = 24 ◦C. All other geometrical dimensions as 
in Table 1. 
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The optimal value almost doubled the net output power of a heat sink 
with the geometrical dimensions of the tested one in Section 3. The 
frontier of the maximum net output power for a fixed value of number of 
fins did not vary as more heat sinks designs were included in the anal-
ysis, which was done by increasing the refinement of the fin thickness 
interval applied to obtain Fig. 9. This Pareto front indicated the 
maximum allowable net output power value Pnmax,vRL for all heat sinks 
that had the same number of fins n. This maximum, referred to as Pnopt,n, 
was attained with different heat sink configurations. However, it 
changed when the temperature conditions at the TEG hot side varied as 
discussed next. 

4.3. Optimal net power output as a function of the hot side temperature 

The normalized values of the maximum net output power for a 
constant n (Pnopt,n) with respect to the optimal net output power Pnopt are 
shown in Fig. 10 for different TTEG,h temperatures. Values of Pnopt were 

0.11 W, 0.47 W, 1.14 W, 2.15 W for TTEG,h = 80 ◦C, 120 ◦C, 160 ◦C and 
200 ◦C, respectively. As the TEG hot side temperature decreased, the 
Pnopt,n/Pnopt curve behaved more abruptly and with a peak that shifted 
towards heat sinks with smaller number of fins. Therefore, the selection 
of the correct heat sink is critical for low temperature applications, 
where the effect of choosing an incorrect design may easily lead to 
working conditions far from the optimal ones. Conversely, at high 
temperatures, the variation of the Pnopt,n/Pnopt ratio was not so severe 
when the number of fins increased. Besides, the reduction of the 
maximum net output power Pnopt,n found by decreasing the number of 
fins of the optimal heat sink design Pnopt was very abrupt and almost 
equal for all the hot side temperatures analyzed. Thus, the design of the 
plate-fin heat sink should avoid very low number of fins. 

Fin thickness values that provided the maximum net output power 
for a given number of fins are shown in Fig. 11 for different TEG hot side 
temperatures. Since both scales are logarithmic, the fin thickness that 
provided the maximum net output power for a given number of fins n 
followed tPnopt,n = anb with a ≈ 0.10 × 10-3 m (a value slightly dependent 
on TTEG,h) and b ≈ − 1.55 (almost independent of TTEG,h). The few scat-
tered points in Fig. 11 observed at low number of fins corresponded to 
turbulent conditions in comparison with all other points in which the 
flow regime between the heat sink channels was laminar. 

Values of the optimal net output power Pnopt for different tempera-
tures at the TEG hot side are shown in Fig. 12a. Differences between the 
TEG power generation and Pnopt in Fig. 12a corresponded to the hy-
draulic power divided by the fan efficiency required to drive the flow 
through the heat sink. Since the latter ignored any pressure drop through 
additional conduits and used a fan efficiency equal to 1, the Pnopt values 
illustrated in Fig. 12a were upper limits of the available net power 
extracted from the device. 

The convective thermal resistance Rcv,HS and the air flow velocity v at 
optimal conditions as a function of the TEG hot side temperature are 
represented in Fig. 12b. The condition of maximum net output power in 
the experimental analyses, Section 3, had a Rcv,HS value 33 % greater and 
an air flow velocity v value 55 % smaller than the optimal ones. Fig. 13 
shows the values of fin thickness, fin-to-fin distance and number of fins 
that produced the optimal net output power cases illustrated in Fig. 12. 
The optimal found in Figs. 8 and 9 are the points at TTEG,h = 160 ◦C in 
Fig. 13. The fin thickness of the optimal configuration was almost 
invariable through the whole range of hot side temperatures, with a very 
slight trend to decrease as TTEG,h increased. By contrast, the fin spacing of 
the optimal configuration substantially varied as a function of TTEG,h, 

Fig. 9. Maximum net output power cases with unconstrained v and RL 

(Pnmax,vRL ) for different values of fin thickness and fin-to-fin distance as a 
function of the number of fins n forTTEG,h = 160 ◦C andTa = 24 ◦C. The optimal 
(Pnopt = 1.14 W) was found at n = 32 with fin thickness t = 0.44 × 10-3 m and 
fin-to-fin distance d = 0.87 × 10-3 m. The line indicates the Pareto front, and 
corresponds to the Pnopt,n values. 

Fig. 10. Ratio of the maximum net output power for a fixed number of fins 
Pnopt,n to the optimal net output power Pnopt for different values of TTEG,h. All 
cases useTa = 24 ◦C and geometrical parameters other than fin thickness, fin-to- 
fin distance, and number of fins, as in Table 1. 

Fig. 11. Fin thickness at the maximum net output power for fixed number of 
fins Pnopt,n as a function of the number of fins n for different values of TTEG,h. All 
cases useTa = 24 ◦C and geometrical parameters other than fin thickness, fin-to- 
fin distance, and number of fins, as in Table 1. 
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decreasing as the temperature increased. This was caused by the need of 
enhancing the heat transfer to the ambient air as the base plate became 
hotter, which was achieved by including more fins in the heat sink 
(Fig. 13). Since, as it was pointed out previously, the fin spacing had a 

larger influence on the net output power than the fin thickness, dopt 

varied more than topt as a function of temperature. 
Efficiency values (power generation divided by heat transfer rate) 

were below 0.8 % for the TEG conversion in the TTEG,h = 160 ◦C case, 
reducing up to 0.6 % when using the net output power value instead of 
the TEG power generation one (i.e., efficiency related to the net output 
power). The trend of the efficiency values was to increase with TTEG,h 

ranging from 0.2 % (TTEG,h = 60 ◦C) to 1.1 % (TTEG,h = 200 ◦C). The 
efficiencies computed with the net output power Pn instead of with PTEG 
were between 20 % and 30 % smaller. 

From the above, the optimal conditions of the device analyzed in 
Section 3 required a heat sink with fin thickness on the order of 0.5 × 10- 

3 m and fin-to-fin distance on the order of 1 × 10-3 m. In comparison, the 
maximum heat transfer design found by Bar-Cohen et al. [17] in a forced 
convection heat sink with a small air flow pumping power (0.2 W; 
similar to the experimental values obtained in Section 3) corresponded 
to a fin thickness t = 0.57 × 10-3 m. At larger heat transfer loads (Q = 30 
W), the optimal value proposed by Culham and Muzychka [16] used t =
0.40 × 10-3 m. This fin thickness value increased to t = 1.0 × 10-3 m 
(with d = 1.6 × 10-3 m) when simultaneously optimizing the 
manufacturing costs in multi-objective analysis [18]. Since, here, the 
goal function was the maximum net output power only, the results ob-
tained were in agreement with those previously found [16–17]. 

Are these dimensions feasible for mass production with current 

Fig. 12. (a) Optimal net output power Pnopt and TEG output power at Pnopt , and (b) convective thermal resistance and air flow velocity both at Pnopt for different 
values of TTEG,h. All cases useTa = 24 ◦C and geometrical parameters other than fin thickness, fin-to-fin distance, and number of fins, as in Table 1. For comparison 
purposes, the experimental values at Pnmax,vRL of Fig. 5 have been included. 

Fig. 13. Fin thickness topt , fin-to-fin distance dopt and number of fins nopt at the 
optimal net output power Pnopt for those cases shown in Fig. 12. 

Fig. 14. Optimal net output power Pnopt and TEG output power at Pnopt for different values of TTEG,h using conditions of the copper folded heat sink with fan efficiency 
of (a) 65 % and (b) 100 %. Experiments show Pnmax,vRL and PTEG at Pnmax,vRL conditions. All cases useTa = 22 ◦C. 
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manufacturing techniques? From information gathered from several 
manufacturers, the main methods employed in manufacturing heat sinks 
are extrusion, forging, bonding, folding and skiving. A review of the 
products offered by several companies led to the information detailed in 
Table 2 [47–50], where the fin-to-fin distance for extrusion, forged, and 
bonded heat sinks was estimated form the fin height/fin gap ratio found 
in the datasheets using a fin height equal to 36 × 10-3 m (as in Table 1). 
Current commercial ranges of fin thickness and fin spacing per material 
and manufacturing method reveal that folding and skiving techniques 
may produce heat sinks with the required fin density for the optimal 
configuration. The folding method is more cost-effective than skiving, 
although it includes a new contact thermal resistance in the system 
consisting of that between the base and the fins. Since this contact 
resistance is expected to be low, folded heat sinks are recommended in 
order to achieve the optimum of the net output power of single-module 
TEG systems under forced convection. 

To determine the validity of the model predictions, a further exper-
imental analysis was carried out. A folded heat sink was custom-made 
with geometrical dimensions similar to those expected for the optimal 
configuration previously found: fin thickness t = 0.5 × 10-3 m, fin-to-fin 
distance d = 1.0 × 10-3 m and number of fins n = 29 (see Fig. 13 for 
TTEG,h ranging from 120 ◦C to 140 ◦C). Other dimensions were fin height 
H = 36.6 × 10-3 m, length L = 40.0 × 10-3 m, and width W = 39.6 × 10-3 

m. The folded heat sink was made of copper due to manufacturing 
requirements. 

For the folded heat sink, Fig. 14 shows the optimal net output power 
as a function of the hot side TEG temperature predicted by the model 
assuming fan efficiencies of Ξ = 0.65 (Fig. 14a) and Ξ = 1 (Fig. 14b). 
The values in Fig. 14b did not match those of Fig. 12 since the heat sink 
had different physical properties and the TEG module was replaced by a 
new unit of the same model (H-199–14-06-L2, Crystal ltd). The effective 
Seebeck coefficient for this module was obtained from dividing open 
circuit voltages by the temperature differences at TEM’s sides, as in 
Section 3. The average value of the effective Seebeck coefficient reached 
α = 0.0679 V K− 1 (14 % higher than that used with the aluminum heat 
sink in Section 3). In Fig. 14, the experimental data obtained with the 
folded heat sink refer to values measured at the maximum net output 
power (i.e., as Pnmax,vRL in Fig. 5). 

In comparison with the optimal prediction, the maximum experi-
mental net output power and the TEG output power at that maximum for 
the new heat sink were 20 % and 15 % lower, respectively. For these 
conditions, the thermal resistance was 11 % higher and the air flow 
velocity was 15 % lower than the optimal predictions. Part of this 
discrepancy may be explained by the fact that, for the conditions of the 
new folded heat sink, the analytical model predicted an optimum ge-
ometry with fin thickness topt = 0.32 × 10-3 m, fin-to-fin distance dopt =

0.98 × 10-3 m, and nopt = 31 fins. This configuration was slightly 
different than that tested, which was manufactured reproducing the 
recommendations extracted from Fig. 13. The experimental results for 
the folded heat sink were much closer to the model optimal than for the 
aluminum heat sink case (Fig. 12), since there the differences between 
the geometrical dimensions tested and those of the optimal one were 
greater. Similar conclusions were extracted by assuming a 65 % fan ef-
ficiency, though with lower performance for the net output power since 

more energy was diverted to feed the fan (Fig. 14a). Note that the exact 
values of the optimal fin thickness t and the fin-to-fin distance d 
depended on the TEG performance characteristics, especially on both 
the effective Seebeck coefficient and the effective thermal resistance. 
However, the methodology here developed can be easily applied to new 
TEG conditions, as well as to different geometrical dimensions of the 
plate-fin heat sink (H, L, and W). 

5. Conclusions 

An analytical model of the electric, thermal, and hydraulic behavior 
of a single commercial thermoelectric generator module with a plate-fin 
heat sink under forced convection was developed. Experimental data 
obtained under different flow rates were used to validate the model 
output. Laboratory results showed that, for a constant temperature value 
at the hot source, there existed a cooling flow rate value in which the net 
output power was maximum. These conditions were well reproduced by 
the numerical model. 

An analysis of the effect of modifying the geometrical dimensions of 
the heat sink with a fin height fixed to match the dimensions of the 
conduit were:  

a) net output power results were more insensitive to changes in fin 
thickness than in fin-to-fin distance.  

b) for a constant temperature value at the thermoelectric hot side, a 
reduction in the number of fins with respect to the optimal number 
had strong effects on the reduction of the maximum net output 
power.  

c) the fin thickness t that produced the maximum net output power 
followed a power law function as a function of the number of fins, t =
anb with a coefficient b independent of the hot side temperature.  

d) the optimal heat sink design (maximum net output power among all 
of the geometrical configurations of the heat sink) predicted by the 
model varied as a function of the TEG effective properties and heat 
sink physical properties. For the two heat sinks experimentally 
analyzed (copper folded; aluminum extruded), the optimal condi-
tions were predicted to occur at fin thicknesses equal to 0.32 × 10-3 

m and 0.44 × 10-3 m, respectively, being almost independent of the 
hot side temperature, and at fin spacing on the order of 1 × 10-3 m, 
reducing as the hot side temperature increased. These dimensions are 
better obtained with folded fin heat sinks that appear as the most 
suitable products to cope with the high fin densities required for the 
optimal designs. The experiment with a copper folded heat sink 
produced a net output power of 1.29 W (20 % lower than the optimal 
predicted), whereas the aluminum extruded one gave 0.66 W only 
(36 % lower than the optimal predicted). 

The values of the optimal fin thicknesses predicted by the model 
were similar to those reported in previous studies of heat transfer opti-
mization in plate-fin heat sinks [16–17,21]. In comparison, a TEG was 
also included here, which led to a comprehensive model of a single TEG 
module. This model may be used as a design tool for these low power 
generation systems. However, only devices that comply with the limi-
tations of the method developed must be taken into account. In this case, 
a successful prediction requires reliable input information of the effec-
tive TEG properties, which are suggested to be extracted from experi-
mental data in relevant environment. 
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Table 2 
Geometrical parameters of heat sinks currently offered by several companies 
[47–50].  

Manufacturing 
technique 

Material Fin 
thickness 
(£10-3 m) 

Fin-to-fin distance 
(£10-3 m) 

Extrusion Al > 0.5 > 1.6 
Forging Al/Cu > 0.7 > 1.4 
Bonding Al/Cu > 0.5 > 1.2 
Folding Al/Cu > 0.2 > 0.5 
Skiving Al/Cu > 0.1 > 0.1  
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[22] Ö. Özdilli, S. Şevik, Effect of channel and fin geometries on a trapeze plate-fin heat 
sink performance, Proc. Inst. Mech. Eng., Part E: J. Process Mech. Eng. 235 (5) 
(2021) 1326–1336. 
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